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Transient heat-conduction solutions are used to deter- 
mine the thermal characteristics of fluid flowing in circu- 
lar conduits, annuli, and between parallel plates. Jaeger’s 
method of deriving the time lag for heat conduction in 
composite slabs (herewith extended to include composite 
cylinders) reduces the problem to a series of arithmetical 
calculations. Numerical results are presented for flow be- 
tween parallel plates with the following boundary condi- 
tions: Constant heat rate, linear wall-temperature varia- 
tion, and constant wall temperature at one of the external 
surfaces with constant heat rate, no heat transfer, or zero 
temperature at the other surface. Some solutions are 
extended to account for external wall resistance, and ther- 
mal entry lengths are evaluated for fluids with high or low 
Prandtl] numbers. 


INTRODUCTION 
Bea heat-conduction eqaations lend themselves to 


exact mathematical treatment, the number and range of 

available solutions is very large. Reduction of a forced- 
convection problem to a corresponding one in heat conduction 
often means that the solution may be obtained readily from the 
book of Carslaw and Jaeger (1).2 Such solutions have been pre- 
sented before for forced-convection flow with constant-velocity 
profile. It is proposed here to make further application of the 
heat-conduction solutions to the case of arbitrary velocity and 
diffusivity distributions, utilizing a method developed by 
Jaeger (2) to deal with the conduction of heat in composite slabs; 
to apply solutions available in Carslaw and Jaeger (1) to the 
problem of thermal-entry length. 

A thermal-entry length occurs whenever a fluid at constant 
temperature is subjected suddenly to heating or cooling. Theo- 
retical solutions of this problem have been proposed for the case 
of constant wall temperature (3-7), and constant heat rate 
(6-9), and are described in reference (10). With the exception 
of Latzko’s solution (11) for a Prandtl number of unity, all the 
results including the present, apply to established hydrodynamic 
conditions at the entrance of the heating or cooling section. 


DIFFERENTIAL EQUATIONS 


Consider flow in the z-direction of a fluid with prescribed 
velocity and diffusivity profiles. The term a used in the present 
analysis includes the thermal diffusivity of the fluid and its eddy 
diffusivity for heat. The temperature 7 of the fluid is obtained 
in cylindrical co-ordinates from the following differential equation 


1 Heat Transfer Equipment Unit, Atomic Power Equipment 
Engineering, Guided Missiles Department, General Electric Com- 
pany. 

? Numbers in parentheses refer to the Bibliography at the end of the 
paper. 

Contributed by the Heat Transfer Division and presented at the 
Annual Meeting, New York, N. Y., November 28-December 3, 1954, 
of Tae AMERICAN Society OF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 26,1954. Paper No. 54—A-142. 
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Assurne that the velocity and diffusivity profiles are subdivided 
in a series of steps as shown in Fig. 1. The number of steps is 
chosen so that both distributions are represented adequately. 
The size of each step is arbitrary but the same for the two pro- 
files. For values of the radius r between r; and r;_; the velocity 
u and diffusivity a may be assumed constant and equal to u,;, a. 
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The differential equations become 


or? r Or Mikes 
with the following boundary conditions at r = r, [2] 
= T; 
a oT oT; = 2, 3, 
or a; or 
The conditions at the surface may be written 
T; = T(z) or a pat = F(z) 
or pe, 
T ) 
T, = t,(z) or r=r, 
or pc, 


the product pc, being equal to the thermal capacity of the fluid. 
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of flow between parallel plates. 


The energy equation for a fluid with arbitrary velocity and 
diffusivity distributions becomes identical to the transient heat- 
conduction equation in a series of composite sections. 
problem is solved best by means of the Laplace transform and 
requires the evaluation of numerous residues. 
fore, that no real simplification was introduced. 
the results are obtained readily using the method of Jaeger (2). 
The method of solution will be described in details for the case 
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This 


It appears, there- 
In reality, 


FLow BeTwEEN PARALLEL PLATES 


For parallel plates a distance 2h apart, the differential equations 


are 
aT, 
with 
dy 
oT; F(x) 
™=T, or a — — = 0 
1 (x) 1 dy pe, y 
oT, 
T, = or a, y=i+....4+1, 
oy pe, 


ber, Nre and Npr. 


Q= 


TABLE 1 


ties which vary linearly with the distance z as 
symbol Q corresponds to total heat transfer from 0 to z and is 
equal to the integral of the local heat flux q or 


If a single step is used, the heat-conduction results presented 
in Carslaw and Jaeger (1) are applicable. 
Table 1 where the equations for the corresponding thermal char- 
acteristics are expressed in terms of Reynolds and Prandtl num- 
The first column of Table 1 shows quanti- 


These are shown in 


The 


Jaeger (2) was able to evaluate all the quantities shown in col- 
umn | for the case of composite slabs. His results are shown in 
column 2. The symbols A,, B,, a,, b,, A,’, B,’, a,’, and b,’ are 


computed from 


R= 
R, 


Bi 


a; =1 


a,’ = 
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Aan; + R,H; + 


1 
= + He + Re + ; RH 


1 
b; + 2 RA; + 


where R; = —— R'; = R, 
(a/v); 
l; 
H. 
me 
1 l/h u,* 
1A,=1 B, = - 
a= 1 
1 /h + 
= | By’ =- h 


HEAT-CONDUCTION RESULTS BY CARSLAW AND JAEGER (1) 
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the kinematic viscosity of the fluid being represented by v and 
the superscript + meaning that the velocity has been made non- 
dimensional by dividing by Vv. T,,/p, Where r,, is the wall shear 
stress and p the fluid density. The mean flow velocity is equal 
to 

These equations were derived by Jaeger (2) and only have been 
modified to account for the velocity profile. In a later section 
similar equations will be derived for flow in circular conduits 
and may be referred to if it becomes necessary to know how these 
recurrence formulas were obtained. 

The thermal characteristics of the fully developed flow are 
computed directly from the equations shown in column 2 of Table 
1. For instance, in the case of constant heat flux at both surfaces 
the mean fluid temperature T,,, is obtained from a heat balance or 


and 


The local heat-transfer coefficient defined as 
H = F/(T,,— T,,) 
is given by 


with 


In column 3 of Table 1 are shown similar equations for the 
heat-transfer coefficient, mean fluid temperature, or other im- 
portant property of the fully developed state for each boundary 
condition considered. Confirmation of these equations will be 
discussed in a later section where some numerical results are pre- 
sented. 

It may be added that the boundary conditions need not be 
limited to those shown in Table 1. Similar solutions are possible 
whenever the total heat rate or temperature at the wall varies 
linearly with z as x-> ©. The important case of external wall 
resistance may be accounted for partially. 


Errect or ExTeRNAL RESISTANCE 


When heat is transferred by a second fluid maintained at con- 
stant temperature, the boundary condition at the wall becomes 


where V represents the second fluid bulk temperature and H 
corresponds to its heat-transfer coefficient. Such an effect is 
encountered in most heat exchangers and solutions dealing with 
constant (4) or parabolic (12) velocity profiles are available. 
The present method applies to arbitrary velocity and diffusivity 
profiles. 

The Laplace transform of Equation [3] is 


oT, Hh 1 ( 


The total heat flow Q is when the surface at y = 2h is maintained 
at zero temperature 
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L 
p d/h) 


and the use of series expansions and determinants as prescribed- 
by Jaeger (2) leads to 


Hh*u,,V h Hh B 
The corresponding total flux at y = 2h 
Hh 
pe pe 
The net heat flow is 
Hh*u,,V 
Qo — Qu = = 
Hh 
v E +— ra’ | 


and the mean fluid temperature of the fully developed flow be 
comes 


When the temperature at y = 2h varies linearly, superposition 
of the previous solution with the third case treated in Table 1 
becomes possible. Such a superposition technique is valid for all 
the results given in Table 1 and may be used through proper 
application to account for various combinations of the boundary 


conditions shown in Table 1.4 As mentioned previously, not all 
types of boundary conditions may be considered. The method 
of solution fails for constant wall temperature or equal external 
resistance at the two surfaces. If the latter two cases could be 
solved, their superposition to the results of Table 1 would yield 
solutions of the energy equation for all the most important engi- 
neering problems. 
Fiow in ANNULI 
Thermal characteristics may be derived from the flat-plate 
equations by means of the transformation 
¢=Inr 


The energy equation becomes 


,or (a or 

oz or or 
and subdividing the annulus in a series of cylinders of radius r; 

yields 
, OT; oT; 
dx o¢? 

In ri 
where f a d(in r) 


In J in 


1 In ri 1 ré 
= 
in = ur*d(in r) ur dr 


Convection at both surfaces to two fluids at different temper- 
ature, and other boundary conditions of this type may be handled 
with small additional complication. 
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The flat-plate equations are valid if u,; is replaced by U; and 1; by 
In r;/r;.a. The velocity and diffusivity distributions are not, 
however, identical to those for flat-plate flow and may be obtained 
from equations proposed by Bailey (13). 


1n Crrcutar Conpvurts 


Equations [2] are the governing differential equations and 
their corresponding Laplace transforms are 


dr? r dr qT, = 
= 

aT; r= 


where 


@ 


a; 


The outer boundary conditions are 


aT, 
r =f 

dr 

dT, 

r=r,=0 


The present conditions of constant heat rate at the outer sur- 
face and no heat transfer at the center line may be modified to 
include other types of boundary conditions discussed in the pre- 
vious sections. 

Solutions to Equations [3] are of the Bessel form and may be 
written 


T; = C, + D; Kolqir) 
The 2n boundary conditions become 
Fy, 1 
Ci(qro) Ki(qro) = 
Clara) + Dy = Cin + 73) 


— Dis 11) 
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If in the Jast row Jo(q,r;), Ko(g,r;) are replaced by and 
—Kj(q\r;) the determinant will be referred to as Q;. If inthe first 
row Jo(qiro) becomes Ji(qiro) and Ko(qiro) becomes —Ki(qiro) the 
determinant will be denoted by 6;. If both changes are made 
simultaneously, the determinant will be called w;. 

All the solutions can be expressed in terms of the four deter- 
minants A,, Q;, 6;, and w,;. The determinants are evaluated by 
means of Laplace’s development of the last two columns 


Ay = Ava — D( girs, 
where 
D(qiris Gita) = Tol — Kol girs) 


ort? 


is UT) = 


and 
A. = —D(qn, 
Q, = —Dio(qiri, gro) 
= —Dos(qiri, 
@ = —Din(Qry, 


The determinants 6; and w; satisfy the same recurrence relations 
as A; and Q;. To obtain the required results, the explicit ex- 
pressions for these determinants are not needed. Only the first 
two terms of their expansions in ascending powers of p are neces- 
sary. The expansions 


1 


A; ( 1) (A; iP) np 


1 
Q; = + 


1 
6; (a; + bp) 
ni(p 


w, = (—1)- (a,’ + b,'p) 


1 


where 
D, = 0 
ni 

Next, consider the determinant A, (shown in square brackets). — 
To(qiro) Ko(qro) 0 0 0 7 
To(qiri) Ko(qri) — Io(q2r1) —Ko(qsr1) 0 
—Ki (qin) 02K, (geri) 0 

0 0 Tq (qer2) Ko(q2r2) —Io(qsr2) 
0 0 (qara) —K, (qer2) 03K,/qsr2) 
Ter Ko(qs-2ri-2) —Io(qi-17i-2) —Ko(qi-ri-2) 0 0 
1; (qi-2ri-) —K; (qi-2ri-) (gi-17 2) Ky (qi-ari-2) 0 0 
0 0 Ko(qi-17i-) —Io(q;ri-1) —Ko(qiri-) 


ty. 

al 

‘ 

| : 
La 

A, 


are used for this purpose. The results are 


Ay = (us/us-1) Ee Ain + 

B; = Buu + B’ -In 
u,'/*r; 1 2 1 Uy Ti-1 “| 


1 r; \? \? 
B, = A 
2 
2 
1 (rin | 
i— - ln — 2 
4 ( r; ) 4 ] a; 


The terms a,, b;, a,’, 6,’ satisfy similar relations 


- 


= 
Tima 
Irj Ti-1 
be = bin 


a,’ = a4 —( + 


L2 re Ay rs 


Ee 2 in uy 


a;-,'/ 


+ rt] + 
4 a; 


The starting values for i = 1 are determined from the expan- 
sions of A,, Q,, 5;, and @. The relations are valid from i = 1 to 
i = nif r, differs from zero. When r, equals zero the relitions 
are valid from i = 1toi =n—1. The values corresponding to 
the center interval are computed from 
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Un V/s a. Vay 
(=) (=) an 2 
+ Bn + cet 
a, 4 


Unt Aan 2 


where for only i = n, 7, has beer replaced by ,-; in the defi- 
nitions of A, and 64, in order to avoid any limiting process as 
r,— 0. The wall temperature is given by 


8, pe, ur* bap? 


B, ] 
A, 
which compares with the corresponding value of a single cylinder 
of diameter D and thermal conductivity K 


82/D 
E= Nea? il 


The mean fluid temperature is obtained from 


4 For 
PC 


T, = 


and its inverse transform is 


An E + 


b, 


T, = 


and the local heat-transfer coefficient becomes 


Fy PC A, 


H=- 


Similar expressions may be derived for other types of boundary 
conditions. The results may be used also to determine the time 
lag in composite cylinders. Practical problems where the 
time lag plays an important role are discussed in reference (2). 


NuMERICAL CALCULATIONS 


The numerical steps will be described briefly for flow between 
parallel plates. Utilizing the usual velocity and diffusivity dis- 


* tributions (5) the following expressions are obtained if the channel 


between the two plates is subdivided into twelve sections 

u,t/u,,* = 2.5/u,,* L/h = 5/h* 
u2*/u,,* = 1/u,,* [7.5 In 15 — 2.5 In 5 — 8.05] bL/h = 10/h* 
us*/u,* = 1/u,,* [10 In 30 — 5 In 15 — 8.05) s/h = 15/h* 


10 h+ 
— | — In — 
4 


us*/u,,* = 1/u,,* [5s + i 


+— 120 4 
h* h* — 120 
—**—s01n 30 + 20) | 
1 he 1 
us*/u,,* = 1/u,,* E + 10 In > In 4 
L/h = 


us*/u,,* = 1/u,,* [5s +5(in in 
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= 1/Npr 
2 = 1/Npr + 1 —- (22.5 — 5/¢)/h* 


1 
- — 105/h+ 
Ner 


4 9000 
+ 25(h* — 120) 00 + 


—1 + 11h*/120 


Ner 


— —1+h*/10 
Ner 


4u,,h 1 


- 
i,t = u,/W7,/p = 1/Vf/8 


The half-channel width is denoted by h, and f and u,, represent, 
respectively, the friction factor and mean velocity. The friction 
factors were calculated from 


4u,,h\ 
= 0.316 


h+ = tin V $/8 h 
v 


104 4u,,h/v 105 


4u h —0.237 
f = 0.0032 + 0.221 (=) 4u,,h/v > 105 


The values of a,, 5,, @,’, A,, B,, A,’, B,’ are obtained 
readily from Jaeger’s equations for a given value of Nre = 
4u,,h/v and Npr. They have been tabulated in Table 2 for 
Nee = 10¢ and Ner = 0.01, 0.1, 1, 10. Excellent agreement 
between the present results and the values of Martinelli (14) and 
Seban (15) is noted in Figs. 2 and 3 for the only two types of 
boundary conditions considered previously. All other resuits 
are shown in Fig. 4. Values of Prandtl number larger than 10 or 
smaller than 0.01 were not considered because more general solu- 
tions covering these ranges are derived in the next two sections. 


PRanptL NuMBER FLvurIps 


When the Prandtl number is large Npr 2 100 the diffusivity 
distribution consists of a thin laminar layer with high thermal 
resistance a/v = 0.01 and of a buffer and turbulent layer where 
the thermal resistance is very small (for Nre = 10a@/v) is on 
the average equal to 2 and 13 in the buffer and turbulent layer 
respectively). An approximate but accurate solution may be 
obtained, therefore, by subdividing the distance 0 < z < hin two 
sections: A laminar sublayer of width 1; with diffusivity a; and 
velocity u, and a much larger layer  < 2 < + with diffusiv- 
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ity a, and velocity uw. For all practical purposes it may be as- 
sumed that = u,, andl, = h. 

The energy equation for high Prandtl number flow becomes 
identical with the transient heat-conduction equation across two 
composite sections. Several such solutions are available in the 
literature and these results may be simplified considerably by 
means of the relation a@2/a, >1. Because a:/a; > 1 it is pos- 
sible to utilize equations shown in Carslaw and Jaeger (1) for a 
slab of thickness 1; in contact with a well-stirred fluid at the edge 


of the laminar sublayer. There result 
H(4h) 4h “thy wl 


H(4h) _ 4h 
K 


TABLE 2 VALUES OF an, bn, ETC. 


a6 be 


Ai2 | Bie 


00396 
01886 /1.03987 


45748 1.03987 


00147 |56.4632| 45544 
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@- MARTINELLI'S RESULTS-REFERENCE (14) 
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for constant wall temperature and constant heat rate, respec- 
tively. The corresponding values of the thermal entry length 
L, measured in the direction from the start of heating or cooling 
are equal to 


Ner 
f/8 

f/8 


The entry length L, is defined herewith as the point where the 
local heat-transfer coefficient is equal to 1.01 times its fully 
developed value. Also note that /,*+ was taken equal to 5 in 
Equations [4] and [5]. When the property variation becomes 
large, the value of the laminar sublayer /, + depends on the ratio 
of the viscosity at wall temperature to the viscosity at bulk-fluid 
temperature. This sublayer thickness was computed by Boelter, 
Martinelli, and Jonassen (16). 

Equations [4] and [5] reveal that the entry length decreases with 
Reynolds number for high Prandtl-number fluids, which verifies 
a trend observed by Hartnett (10) and Aladyev (17) in their 
5 per cent entry-length values. Also, the entry lengths com- 
puted from Equation [5] fall within the range of test results 
presented by Hartnett after proper correction for the ratio of wall 
viscosity to bulk viscosity. While the present equations dis- 
agree with Berry’s statement (4) that the entry length reaches a 
constant value independently of the Reynolds number, both 
solutions indicate that eddy diffusivity in the core reduces the 
values predicted by the slug flow relations and that the entry 
length does not increase with Reynolds number for high Prandtl 
number fluids. 


= 31.2 
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Examination of Equations [4] and [5] shows that the value of 
entry length is dependent upon the type of surface boundary 
condition while the heat-transfer coefficient approaches the same 
value 


Nre V 


H(4h) _ 4h 
K 5 


=5 


for constant wall temperature or heat flux. 


Low Pranptt NuMBER FLuIps 


At low Prandtl numbers the eddy diffusivity across the cross 
section is constant and it becomes necessary only to account for 
the velocity distribution. Because the effect of velocity profile 
upon entry length is negligible (7), (18) the use of slug equations 
has been recommended. The results obtained in the preceding 
section demonstrate that the slug equations would give values 
slightly too large, and therefore conservative. The heat-transfer 
coefficients for very low Prandtl may be calculated from the re- 
lations derived in the first sections of this paper. 

The following simplification is noted 
L/h 
= Npr h 

Entry lengths for Prandtl number values between 1 and 100 
may be calculated by subdividing the flow system into a laminar 
sublayer and a buffer layer in contact with a well-stirred fluid 
at the edge of the buffer layer. For 0.01 < Neg < 0.1 the fol- 
lowing two sections may be utilized: A joint laminar and buffer 
layer, and a layer corresponding to the turbulent core. While 
such solutions are expected to be approximate, they may help to 


R; = 
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clarify some of the discrepancies in the reported values of entry 
lengths. 
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Discussion 


J. P. Hartnett.‘ The author is to be commended for having 
undertaken the formidable task of solving the problem of com- 
posite cylinders and also for pointing out how additional useful 
convection solutions may be obtained from the text of Carslaw 
and Jaeger (1).5 

The solution of the energy equation in the case of the channel 
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and of the pipe is obtained essentially by a finite-difference 
technique. What are the criteria to insure convergence of 
the “composite solution” to the solution of the energy equa- 
tion? In particular, 12 slabs were selected for the channel 
case and excellent agreement with previous results are obtained— 
how was it decided to use 12 slabs and not 6 or 18? Has the 
analogous solution for the circular cylinder been obtained, and if 
so, how does it agree with previous analysis? 

It is stated that the results may be used to determine the time 
lag in composite slabs or composite cylinders. Is such a deter- 
mination equivalent to the determination of the thermal-entrance 
length? Was such a calculation carried out for either the slab 
or the cylinder? 

The present thermal entrance-length prediction for high 
Prandtl-number fluids with a constant heat-rate boundary con- 
dition agrees well with the experimental results of reference (10) 
if the viscosity is evaluated at a temperature equal to the average 
of the wall and fluid temperature, at least for those cases above 
a Reynolds number of 20,000 based on this viscosity. When com- 
pared to the analysis of Deissler for the same case the present 
results yield somewhat longer thermal entry-length values, but 
agree with Deissler (6) in predicting a decrease of this length 
with increasing Reynolds number. There is disagreement, 
however, with Deissler’s work in that Deissler predicts a decrease 
of the thermal-entrance length with increasing Prandtl] number. 
The constant wall-temperature analysis of Berry (4) shows a 
marked increase with Reynolds number for Prandtl numbers of 
100 but only a negligible influence of Prandtl numbers in this 
range. Al) of these analyses predict entrance lengths less than 
approximately 20 diameters for high Prandtl fluids over a Reyn- 
olds number range from 10? to 10*. 

The asymptotic Nusselt value predicted by Levy for the high 
Prandtl case appears questionable in that it is independent of the 
Prandtl modulus and in addition yields values which are con- 
siderably lower than obtained experimentally for Reynolds values 
of the order of 105, 


Herpert Saunvers.* The author has continued the trend of 
applying finite-difference methods to heat-transfer problems in- 
volving varied boundary conditions which either cannot be 
solved or solved with difficulty by analytical means. The 
important thing to be considered in all finite-difference ap- 
proaches is the stability of the system equation. Many authors 
have given necessary solutions for stability and convergence of 
the heat-flow equation. In applying Jaeger’s method, the author 
has not shown the stability limits of the solutions. This is 
extremely important because these limits convey the necessary 
information concerning the allowable mesh size and, in addition, 
the numerical errors in “rounding-off” procedure. Has the 
author done any further work on this problem concerning its 
stability? 


AvuTsorR’s CLosURE 


The author wishes to thank Professor Hartnett and Mr. 
Saunders for their comments. He agrees with their statement 
that the method presented is essentially one of finite difference 
and that stability of the equations needs further condideration. 
The complexity of the equations, however, eliminates the possi- 
bility of a simple stability criterion and a logical substitute would 
be to try various numbers of steps and ascertain that the choice 
is satisfactory by comparison with available results or between 
each set of calculations. 

In order to determine the thermal-entry length it is necessary 
to find the zero of the determinant A;. As Jaeger points out in 


* Research Engineer, Grumman Aircraft Engineering Corporation, 
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his paper,’ a crude approximation can be obtained to the smallest 
zero of A, and its application shows that it is not accurate enough 
to yield a satisfactory answer to the thermal-entry-length problem. 

Dr. Hartnett indicates that the asymptotic value of the Nusselt 
number should be dependent upon the Prandtl modulus. This 


7 See reference (2) in paper 
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is not true for the analogy solution as demonstrated by fig. 74 
in the second edition of Heat Transmission by McAdams. This 
is a shortcoming of the analogy method which may carry over in 
the entrance-length solution. The author feels, however, that 
Deissler’s work exhibits the same trend, namely, very little 
dependence of entry length with Prandtl number at very high 
values of the latter parameter. 


4 


: 
At 
= 
ft 
2 
| 


Effect of Vapor Velocity on Laminar and 
Turbulent-Film Condensation 


By W. M. ROHSENOW,' J. H. WEBBER,’ anv A. T. LING,* CAMBRIDGE, MASS. 


The liquid condensate layer (film) on vertical plates or 
tubes under the influence of the gravity force flows down- 
ward in essentially laminar flow over the upper part of the 
surface but may change to turbulent flow over the lower 
part if the condensation rate is sufficiently high. Colburn 
(1)* reviewed the results of Kirkbride and developed a 
correlation equation based on a very elementary descrip- 
tion of the condensate layer which was considered to be 
composed of a laminar sublayer and a turbulent outer 
region. The laminar layer was considered to have the sole 
resistance to heat transfer. This type of analysis was ex- 
tended by Carpenter and Colburn (2, 3) to include the 
effect of vapor shear stress. Seban (4) performed an analy- 
sis of the turbulent condensate film assuming the ex- 
istence of the “universal velocity distribution” of Prandtl- 
Nikuradse. The calculated results extend over a wide 
range of Prandt] numbers and agree well with the empirical 
results of Colburn (1) in the range Np; = 2to5. This paper 
presents analyses showing the effect on rates of condensa- 
tion of vapor shear stress at the liquid-vapor interface. 
Both laminar and turbulent films are considered and are 
combined to give analytical results for the case of laminar 
flow on the upper portion of a plate and turbulent flow on 
the lower portion. The analysis of the turbulent film is 
essentially an extension of the one presented by Seban (4). 
The system considered is a vertical flat plate, Fig. 1, with 
pure saturated vapor condensing on the plate whose tem- 
perature is uniform. Flow acceleration and momentum 
changes are neglected in the analysis. The physical 
properties are assumed to be constant. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


a = thermal diffusivity, k/pc, sq ft per hr 
c = specific heat, Btu/lbm deg F 
F, = 5.5 + 2.5 In a*, Equation [17] 
F, = right-hand side of Equation [23] 
g = acceleration of gravity, ft/hr? 
= conversion factor, 4.16 X 108 lb» ft/lb hr? 
G = mass velocity, lbm/hr sq ft 
h = heat-transfer coefficient, Btu/hr sq ft deg F 
hig = latent heat of vaporization, Btu/Iba 
h'te = hig + (3/8)e(At) 
k = thermal conductivity, Btu/hr ft deg F 
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L = height of plate or tube 


M = 1/(1 + 17,*/2*), Equation [24] 
q = heat-transfer rate, Btu/hr 
t = temperature, deg F 
At = temperature difference across condensate film, 
deg F 
text = saturation temperature, deg F 
v, = velocity in z-direction, fph 
w = flow rate, lba/hr 
x, xo, Y, 2 = linear distances defined in Fig. 1, ft 
x*,v* = defined in Equation [17] 
2*, z*, T,* = defined in Equation [7] 
p = density, lba/cu ft 
= viscosity, lbx/ft hr 
vy = kinematic viscosity, sq ft per hr 
7 = shear stress 
I = w/Y, flow rate per unit perimeter or width, 
Ibm/hr ft 
€,, €m = eddy diffusivity of heat and momentum 
Subscripts 


m = mean value over z = 0 to L 

t = transition point 

v = vapor (properties without subscript refer to liquid) 
z = local value at z 
L = total length 


LAMINAR Fitm 


A force balance on the element of liquid between x and zp, Fig. 
1, is 


~ TURBULENT 


Fie. 1(a) 


Fie. 1(b) 


which is a linear distribution of r as shown in Fig. 1. Since 
T=Ttatz=0 


go 


Actually, Equation [1] should include terms representing the 
z-direction momentum flow across each of the faces of the element. 
(The effect of these terms is usually quite emall.) The effect of 
the momentum crossing the element faces within the liquid is 
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quite small. To include-the effect at the liquid-vapor interface 
the momentum term which should be added to Equation [1] is 
(1/go)v..20dT. This represents the z-direction velocity of the vapor 
crossing at the liquid-vapor interface which is very nearly equal 
to the liquid surface velocity v,,20 and not the velocity of the vapor 
flow in the main vapor stream. This momentum term also is 
usually quite small. 

In laminar flow rT = (j/go)dv,/dz. Replacing 7 by this in 
Equation [1] and integrating with 7, constant 


gp 
Defining 


= 


(2 — Pv) GoT, Xo” 


On the basis of the assumptions made thus far, the temperature 
distribution in the liquid film will be linear (5). Then an energy 
balance on the control element, Fig. 1, assuming a linear tem- 
perature distribution (5) across the film, is 

dz = h'tgdT = hAt dz 

where h'tg = hig + (3/8)e,( At) which is the enthalpy change per 
pound in condensing from saturated vapor to liquid at the mean 
temperature of the liquid film. 

Equating expressions for df’ from Equations [5] and [6] and 
integrating from z = 0 atz = 0 


4 
z* = + 


y? (1 — p,/p) 


= 


GoT 
— 


Obtain an expression for dz from Equation [7] and evaluate 


= 


h,, = (1/2z) (k/xo)dz 
The result may be written in the form 
hn 4 + 2r,* (x*on)* 
k \@ 2,* 
where x» = Zp at z = zz. Equation [4] may br rewritten in the 
form 
1 4 
— = = + 27, 
(1—p,/p) 3 


The results plotted for the laminar region in Figs. 3, 5, and 7 
are obtained by eliminating zo,* between Equations [7] and [8]. 
Similarly, zo,* may be eliminated between Equations [8] and [9] 
with the laminar-zone results as shown in Figs. 4, 6, and 8. 


TRANSACTIONS OF THE ASME 


NOVEMBER, 1956 


Figs. 3, 5, 7 relate the dimensionless heat-transfer coefficient 
with a dimensionless plate height. In Figs. 4, 6, 8 it is shown as 
a function of the liquid-film Reynolds number at the bottom. 


TransttTI0n, LAMINAR TO TURBULENT FILM 


In the absence of the effect of vapor shear stress, McAdams 
(6) suggests the transition from laminar to turbulent films occurs 
when 4I’/u = 1800. When the vapor shear stress is significant, it 
is reasonable to expect transition to occur with much thinner films 
and hence at lower values of 4I'/yu. Indeed, at high values of 
vapor shear stress Carpenter and Colburn (2) found transition to 
occur at values of 41'/p as low as 200 or 300. 

The transition Reynolds number for flow in a pipe filled with a 
single-phase fluid is (DV/v)trans = 2000. This may be rewritten 
with 7) = fpV*/2g9 and f = 0.046/(DV/v)-? in the form 


where Vv goTo/p has the dimensions of velocity and has been called 
the “friction velocity.’’ 

Carpenter (7) has suggested that Equation [10] be considered 
the criterion for transition in a liquid film of a partially filled pipe. 
For a particular size pipe and set of conditions of the liquid 
(physical properties y and p) this implies that transition will 
occur at a particular value of tT) which is independent of r,. 

This same type of criterion, 7» at transition independent of r,, 
may be applied to the flat-plate case. From Equation [4] the 
expression for I with r, = 0 may be inserted in the equatien for 
the transition Reynolds number when r, = 0 which is (4T'/yu) = 
1800. The results solved for zo is 


1350(*/g) 
—p./p) 
or from Equation [2] with 7, = 0 
1350(v2/g) ]'/* 
(1 — 
This then is also the expression for 79, when Tr, = 0. Equating 
the expressions for 7) from Equations [2] and [12] 
1350(v?/g) 
(1 — p,/p) 


Tr = 
go 


(P — +T, - 


which may be rearranged and written as 
11.05 
(1 — p,/p)'” 


This may be substituted for zy* in the expression for Reynolds 
number, Equation [9]. Then 


= 


4T 
7) = 1800 — 246(1 — p,/p)'/*r,* + 0.667(1 — p,/p)(r,*)* 


These equations for the transition condition have only a limited 
applicability to the region of low and moderate values of r,* be- 
cause when T,* > 11.05/(1 — p,/p)'/* Equation [13] requires z0,* 
to be negative. 

For very high values of 7,* it is quite probable that 2 ap- 
proaches a limiting value, perhaps that of the laminar sublayer 
thickness which exists in ordinary full pipe flow. Carpenter (7) 
suggests the following magnitude for this thickness 


gor, 

2 3 

trans 

ar p—p, 

where | 

4zAt 

| 

f 

v 

| 


Ordinarily a magnitude of 5 expresses the laminar sublayer thick- 
ness. Actually an appropriate value is somewhere between 5 and 
perhaps 10. The 6 is arbitrarily chosen, Substitute into Equa- 
tion [15] the expression for T> from Equation [2] and rearrange to 
get 


(xor*)* + (2or*)*7,* = 


This result will apply for high values of 7,*. When the resulting 
(zo:*) calculated from Equation [13] is less than its value calcu- 
lated from Equation [16], the latter value is used. The transition 
condition Equation [16] may be expressed in terms of (4T'/11)trane 
by a trial-and-error calculation eliminating zo,* between Equations 
{9] and [16]. These results are plotted in Fig. 2. 


ditions under which transition occurs when there is a significant 
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There are very few good data available to establish the con- 


© TRANSITION POINTS 


10° 


Fic. 7 


Ss 
TRANSITION POINTS 
10 Tend 104 108 


Fie. 8 


vapor shear stress. A single point can be obtained from the 
ethanol data of Carpenter (7). In terms of the present analysis 
these data are at 7,* = 110 and (4I°/2)trans = 96.5, which agrees 
very well with (4I'/)trans = 71.8 from Equations [16] and [9] 
or from extended Fig. 5. In terms of zo,* the extrapolated data 
have the value of 6.9, which is close to the 6 of Equation [15]. 
Although the criterion for transition as portrayed by Fig. 2 has 
not been adequately substantiated, the results are nevertheless 
quite reasonable and are probably not seriously in error. This 
entire phenomenon of transition as affected by vapor shear stress 
must be investigated by obtaining much more experimental data 
In spite of lack of adequate substantiation it seems reasonable to 
select the transition criterion as shown in Fig. 2 for use in the 
present analysis, 
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TURBULENT FILM 


The velocity distribution in the turbulent film is assumed to be 


9* « g* ) 
vt = —3.05 + 5.0lnz* | 
vt = §.5 + 2.5In2* 


| p 
= 
=y Var 


From this distribution the flow rate 


r= f a 
pr, dr 


> 30 


may be evaluated as for zo* 


T = pv(—64 + + 2.529* In 


+ 
dz,* ) 


for 5 < xa9* < 30 


T = pv( 12.55 8.0529 * + In 


av 
= pr(—3.05 + 5 


| (18] 
In | 
A force balance on a control element in the turbulent liquid 
film between x and 2p, Fig. 1, results again in equating [1] and [2] 
which express a linear distribution of 7 in the film, An energy 
balance for the control element between z = 0 and z is 


(q/A)o = he dT /dz) 


Since the film is turbulent, the temperature distribution is nearly 
uniform; so the subcooling enthalpy change is small compared 
with Ar. In this case the heat flux is uniform across the film or 

The heat-transfer and momentum-transfer processes in turbu- 
lent flow may be expressed as sums of components due to molecu- 
lar motion and due to eddy motion. Then 


ore + (: = (v + €,,) (20) 
p Zo dx 


1 at 


where e€,, and €, are eddy diffusivities of momentum and heat. 

These equations may be solved following Martinelli’s procedure 
(9) for a fluid flowing turbulently in a full pipe. As in that solu- 
tion vy may be neglected compared with ¢,, in the region x* > 30 
and (1 —2z/ze) & 1 in the region z* < 30. Also it has been found 
that experimental determinations of the ratio of €,/e,, for flow in 
full pipes have resulted in values ranging from 1.0 to 1.7. The 
assumption of €, = ¢,, is found to lead to results which are in 
agreement with heat-transfer data. This assumption will be 
made here, 

Equations [20] and [21] may be solved for ¢/v with 7» given by 
Equation [2] with the result 

(zo — 2) 
p 


= 


The expressions for dv/dz in the three regions of flow are obtained 
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by differentiating Equations [9]. Then with €/v given by Equa- 
tion [22], Equation [21] may be integrated in the three flow re- 
gions to obtain the temperature distribution. The results for the 
temperature difference between the liquid-vapor interface and the 
wall surface is 


(to — te) 
(q/A)o 
> 30 


pe, yes (23) 


M 


for 


F, =5Np, + 5ln (1 + 5N Pr) + 


10M 60M 


2M —1 


Ne 


In 
10M 60M 


2M — 1 —yit 


+ 


Nerto* 2o* 


for 5 < %* < 30 


1 
GoT » 1 + 
— 


With the local heat-transfer coefficient defined as h = (q/A)o/(t,o 
—t,,), Equation [23] may be rearranged in the form 


Equating expressions for dI’ from Equations [18] and [19] and 
combining with Equation [25] and integrating between conditions 
at the transition point z, and L 


ig 


where for 


[25] 


F\F,M‘/* d 
— 


= (tot) (4) 
. [26] 
> 30 
F, = 5.5 + 2.5 In aot....... . [27a] 
for 5 < ao* < 30 
F, = —3.05 + 5 In at.............. [276] 


The mean value of heat-transfer coefficient for the entire length 
of the layer from the top, including the laminar film is 
Thee 


h, = = 
L(teo (L + z,) 


(to 
From Equation [7] 


_ (1 = 
4(tzo ati. ty 


+ |. (29) 


Equation [26] may be solved for (L — z,) and this and Equation 
[29] substituted into Equation [28] with the result 
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F, = 5Ner + 5 In| 1 + (—-—1) |... [248] 
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Evaluations of Equation [30] at various values of 7,* and Npr 
have been made by calculating the integral numerically and the 
results plotted in Figs. 3 through 8. The value of zo,* at transi- 
tion is taken from either Equation [13] or [16] whichever is the 


larger. 


Discussion oF Resuuts 


In all of these calculations for Figs. 3 through 8 the quantity 
(1 — p,/p) was taken as unity; e.g.. p,/p small. This is a good 
assumption except at pressures approaching the critical pressure 
of the fluid. It was also assumed that 7, and (t,o — ¢,,) were uni- 
form along the plate. Equation [3] may be readily evaluated 
accounting for any value of (1 — p,/p) and for any prescribed 
variation of (t,o — t,) or of r, along the length. The effects of 
these variations are functions of the particular geometry and dre 
difficult to generalize. 

The results for r, = 0 are presented by Seban (4) for a number 
of values of Np, between 0 and 5. Here the effect of 7, is shown 
for only a few values of Np, to limit the quantity of graphs. The 
value Np, = 0.01 is representative of liquid metals and Np; = 1 
to 10 of a large number of nonmetallic liquids. The curves of 
Seban for r, = 0 will aid in interpolating between the three Np, 
graphs drawn here. 

From cross plots of the results in Figs. 4, 6, and 8, the effect of 
T,*, NRe, and Np, on h,, is shown as solid lines in Figs. 9 and 10. 


150 


5000 
DOTTED LINE 
_ REPRESENTS 
COLBURN'S 
CORRELATION 
(EQUATION 32) 
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The following empirical equation was obtained by Carpenter 
and Colburn (2) for condensation of fluids having N»p; in a range 
of 2 to 5 with r,* in a range 5 to about 150 


kp'/* = 0.065N 


This may be readily converted to the dimensionless form 


) = (7,*)'” 


This empirical relation is shown as dotted lines in Figs. 9 and 10. 
It agrees very well with results of the present analysis in the Np, 
range of 2 to 3 and r,* range 5 to 50 where the larger portion of 
their data was obtained. The Carpenter-Colburn Equation [32] 
does not include an effect of Reynolds number; however, results 
of the present analysis, Figs. 4, 6, and 8, show a significant effect. 
The effect of Prandtl} number as included in Equation [32] does 
not appear to be valid for Np; outside the range of 1 to 5, which is 
beyond the range of validity recommended by Carpenter and 
Colburn. 

Inspection of the eurves in Figs. 3 to 8 shows that the effect of 
rT, on h,, is less at the higher values of 4T/u. At the lower values 
of Np, the curves in the turbulent range do not deviate signifi- 
cantly from extensions of the curves for the laminar region. How- 
ever, at the higher Prandtl numbers there is a marked change in 
slope with aceompanying increasing values of h,,. The dotted 
lines crossing the curves represent the loci of transition points. 
The discontinuity in the slope of these dotted curves represents 
the location of change in transition criterion at 7,* = 9.2 as shown 
in Fig. 2. 


CONCLUSIONS 


The present results are based on a rational analysis to show the 
effect of vapor shear stress on heat transfer in laminar and turbu- 
lent film condensation for a wide range of 4T'/u and Np,. In the 
turbulent film it was assumed that the “universal velocity dis- 
tribution,’’ Equations [17], exists. The average values of heat- 
transfer coefficients are based on assumed conditions at transition 
from laminar to turbulent flow as represented by Equations [13] 
and [16] or Fig. 2. While these two assumptions have not been 
extensively verified by experiment, they nevertheless are logical 
ones based on the best information currently available. The 
effect on h,, of the exact location of the transition point becomes 
less significant as the value of 4I'/u at the bottom of the surface 
increases and is practically insignificant for 4[/u > 10,000. Both 
of these assumptions regarding velocity distribution in the film and 
the criterion for transition will be the subject of future experi- 
mental investigation. 

In applying the results to a piece of apparatus it is necessary to 
know the magnitude of r,, which actually varies along the length. 
There is available some experimental information for shear 
stresses in co-current gas-liquid flow (10). With increasing values 
of r, there will ultimately exist a condition under which parts of 
the liquid film will be torn away from the surface and entrained in 
the vapor. Such conditions are obviously not included in the 
present analysis. Carpenter and Colburn (2) suggest obtaining 
an average value of 7, in a tube from 7, = fG,,,.2/2gop, by evaluat- 
ing f at a G,,,? = (1/3)(Grop? + GropGrottom + Grottom). If all of 
the vapor is condensed, Grottom = 0 and G,,, = 0.58 Grop. 

For condensation of a particular fluid on a vertical surface of a 
given geometry and magnitudes of t, and ¢,, the values of Np; and 
z,* are readily calculated. Interpolation in Figs. 3, 5, and 7 will 
give a value of (h,,/k)(v*/g)'” from which h,, is obtained and 
(q/A )avg is calculated. This value of h,, includes the effect of a 
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laminar film on the upper part of the surface and, if present, the 
effect of a turbulent film on the remainder of the surface. 
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Discussion 


R. A. Sesan.5 The authors have achieved plausible results in 
the calculation by means of analogy methods of the effect of vapor 
velocity on turbulent film condensation. This is an area in which 
the writer in an earlier work was reticent to enter, since it seemed 
that the suitability of the Prandtl-Nikuradse distribution would be 
diminished as the traction on the external surface of the layer 
became greater than zero. Certainly the velocity distribution in 
the region near the liquid-vapor interface must depend on the 
character of the turbulence in the liquid as that region is ap- 
proached, and some diminution is expected, so that the eddy 
transport assumed in the analysis of the paper may be expected to 
be perhaps larger than what actually exists. 

The primary point of this discussion is, however, the applica- 
tion of the equations of motion as made in the present analysis. 
Equation [1] is the basic equation for the liquid, and it neglects 
pressure variation in the direction of vapor flow. While such a 
situation may be possible, it does not exist in condensation within 
a tube, the case in which vapor-velocity effects are most impor- 
tant and the case to which the present results are indirectly com- 
pared. Considering a pressure variation, and taking co-ordinates 
as in Fig. 1 of the paper, the momentum equation can be written as 
follows if the change in the liquid momentum rate is neglected 


dp or 

0=—— 

+ 9p + 
Of the changes in momentum rate that actually occur, that due 
to the addition of condensed vapor is probably the largest, and its 
significance has been considered by Carpenter and Colburn.’ It 
seems, however, assuming no slip at the vapor-liquid interface, 
that the velocity of the vapor which is condensed is not much dif- 
5 Lecturer in Mechanical Engineering, University of California, 


Berkeley, Calif. Mem. ASME. 
* Reference (2) of the authors’ biblography. 
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ferent from that of the liquid, and hence its momentum cannot be 
much different from that of the liquid already in the layer, for 
which the change in momentum rate is neglected. Omitting all 
changes in momentum rate then, and assuming the pressure to be 
constant across the liquid layer, the shear distribution is found 
to be 


from which 


Ty - ( 


The pressure gradient is found from the momentum equation 
for the vapor flow, which can be written as follows in a unidimen- 
sional and therefore approximate form 

dp 


+ 


du T 
——prg+— =0 
d. TH 


d: 
where ry is the hydraulic radius of the vapor flow cross section. 
If the vapor is considered almost incompressible, then the 
change in its momentum rate is due to change in the flow cross 
section and to removal of vapor due to condensation. Then since 
dpuA, ar 
dz dz 
(where A, is the vapor flow cross section and P its perimeter) if 
the change in flow cross section is neglected, the pressure drop 
can be approximated as 
dp Ty 
dz Tq dz TH 


Substitution into Equation [33] gives 


) = Gx 


From the point of view taken in this discussion, the analysis 
should be based on the replacement of group g(p — py) by group 
G in Equation [2] of the paper. This leads to substantial difficul- 
ties, for even though ry is taken to be invariable with z as is done 
in the paper, it is difficult to so consider the quantity dT /dz. 

For the turbulent-flow results, some interpretation is perhaps 
possible by considering that if a substitution as indicated in the 
foregoing is to keep M constant, then the quantity ry used in 
the results should be multiplied by the ratio G/g(p — py), and the 
heat-transfer coefficient should be increased by the cube root of 
this ratio. By neglecting the vapor density, the ratio becomes 


where ry and uy(dI'/dz) are interpreted as some kind of suitable 
mean values for the range considered. Since these terms tend to 
compensate each other, the change produced by the substitution 
may not be great in some instances, but its existence casts doubt 
on the validity of the results as presented. 


Avutnors’ CLosuRE 


The application of the Prandtl-Nikuradse velocity distribution 
in the present analysis is admittedly an over-extension of these 
empirical results. Nevertheless, this is the best information availa- 
ble at present. It is agreed that the assumed velocity distribu- 
tion is quite likely to be in error in the highly turbulent region 
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near the liquid-vapor interface. On the other hand, it seems that 
this velocity formulation should predict actual conditions quite 
closely in the remainder of the condensate film. Realizing that 
the region of expected error is also a region of very small re- 
sistance to heat flow when compared to that of the “buffer” layer 
and the laminar sublayer, it is felt that deviations in this area 
will have but little effect on the predicted values of heat-transfer 
coefficient for the entire film. 

Professor Seban’s comments on the momentum terms are in 
agreement with the comments following Equation [2] of the 
paper. This is in disagreement with the Colburn (2) treatment of 
the momentum term. 

The derivation in the paper is for a flat plate in an infinite at- 
mosphere and the only pressure gradient is that due to the height 
of the vapor. This pressure gradient appears as the vapor density 
in the force balance. For the case of a vertical tube condenser, 
additional terms will enter into the pressure gradient which are 
dependent on the particular geometry under consideration. It is 
apparent that if these terms are to be included, the results, as pre- 
sented in the dimensionless curves in the article, will lose their 
universal applicability and must include the additional parameter 
of system geometry. Rather than re-evaluate the equations for 
each specific case confronting the designer, it is more convenient to 
derive a fictitious vapor density, which will include the additional 
pressure gradient terms for a vertical tube condenser. This new 
vapor density p,’ can then be substituted for p, in the equations 


and curves presented in the article. Here 


gor, dz 
It should be noted that in the foregoing equation and in those in 
the body of the paper p is lbs/ft* and v represents velocity. In Pro- 
fessor Seban’s discussion p is in slugs/ft* and u represents velocity. 
In terms of the local coefficient h 
av _ MAD 
dz hig 


=p, + 


The calculation including the pressure drop and decreasing 
vapor flow with length follows in similar stepwise fashion. The 
results would be difficult to generalize. This is the subject of a 
current ScD thesis.’ Until more positive suggestions appear, it 
is suggested that the curves of Figs. 3 through 8 be used with an 
average value of 7, evaluated at a mean vapor mass velocity de- 
fined by 


1 
Gun = (Grop? + Grop Grottom + 


which is suggested by Colburn (2). 


7**Film Condensation in a Vertical Tube Subject to Varying Vapor 
Velocity,” by J. Lehtinen, ScD thesis, Dept. of Mechanical En- 
gineering, M.I.T., Cambridge, Mass. To be finished in June, 1957. 
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Heat Transfer and Temperature Distribution 
in Laminar-Film Condensation 


By W. M. ROHSENOW,' CAMBRIDGE, MASS. 


Most of the analyses of laminar-film condensation since 
Nusselt’s? pioneer paper have assumed a linear-tempera- 
ture distribution within the film. Bromley’ performed an 
analysis allowing for a nonlinear temperature distribution 
but omitting the effect of cross flow within the film. His 
result is in variance with the result obtained here. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


c = specific heat, Btu/lbm F 
acceleration of gravity, ft/hr? 
= conversion factor, 4.16 X 108 Iba ft/lb: hr? 
heat-transfer coefficient, Btu/hr sq ft deg F 
latent heat of vaporization, Btu/lbm 
hig + (3/8)c(At) 
thermal conductivity, Btu/hr ft deg F 
heat-transfer rate, Btu/hr 
temperature, deg F 
temperature difference across condensate film, deg 
F 
saturation temperature, deg F 
velocity in z-direction, ft/hr 
flow ratio, lba/hr 
linear distances defined in Fig. 1, ft 
height of plate or tube, ft 
density, Ibm /ft® 
viscosity, lb/ft hr 
kinematic viscosity, ft?/hr 
shear stress, Ib;/ft® 
w/Y, flow rate per unit perimeter or width, lba/hr 
ft 


& = 


L 
p 
v 


vapor (properties without subscript refer to liquid) 
local value at z 
mean value over z = 0 to L 


ANALYSIS 


The analysis presented here attempts to obtain the correct 
nonlinear temperature distribution and heat-transfer rates in a 
liquid condensate film whieh under the influence of gravity flows 
downward in essentially laminar flow on vertical plates or tubes, 
In the analysis, it is assumed that the vapor is saturated with no 


1 Associate Professor of Mechanical Engineering, Massachusetts 
Institute of Technology. Mem. ASME. 

Oberflichenkondensation des Wasserdampfes,"’ by W. 
Nusselt, Zeitschrift des Vereines Deutscher Ingenieure, vol. 60, 1916, 
pp. 541 and 569. 

8 ‘Effect of Heat Capacity of Condensate in Condensing,” by L. A. 
Bromley, Industrial and Engineering Chemistry, vol. 44, 1952, pp. 
2966-2969. 

Contributed by the Heat Transfer Division and presented at the 
Annual Meeting, New York, N. Y., November 28-December 3, 1954, 
of Tae American Society or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be under- 
stood as individual expressions of their authors and not those of the 
Society. Manyscript received at ASME Headquarters, August 27, 
1954. Paper No. 54——A-144. 


noncondensable gas present, the wall surface temperature is uni- 
form, there is no appreciable vapor shear stress existing at the 
liquid-vapor interface, and the physical properties of the fluid are 
constant and uniform. 

Force Balance, Neglecting momentum changes the force bal- 
ance for the shaded element, Fig. 1, of dimensions Y, (z» — x), dz 
is 


dv 
tTYdz= 


, g g 
Y dz = — dz—— p, 


Integrating from 0 to z and 0 to», 
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Comparing Equations [2b] and [2c] 


= 3 229 


The mass rate of flow per unit width at any zis 


= w/Y = 


gp(p — Py) 
My 3 


— p,) 
My 


av 
Drew showed that if the temperature distribution is linear and 
if (1/u) ~ t, then yw, should be evaluated at 
ty = teat — (3/4) At 


Energy Analysis. If the vapor is at the saturation temperature 
and is a pure vapor, there is negligible resistance to flow toward 
the liquid-vapor interface. Then the liquid temperature at the 
liquid surface is also saturation temperature and no heat is trans- 
ferred across the boundary through which the condensate dw 
passes. Then the steady flow-energy equation applied to the con- 
trol surface shown dotted in Fig. 2 is 


Oxo z=0 


where the zero of enthalpy is placed at the saturated liquid con- 
ditions. 


r 


Fic. 2 


ubstituting from Equations [2a] end [4] into [5a] and solving 


pk(Ot/Ozr): =0 


z=0 


As a first approximation, the temperature distribution in the 
laminar film may be assumed to be linear; then with Ai = 
(tear — tw) 
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(t — bear) -a(2 


To 


Then Equation [5a] becomes with Equation [4] 


dz = hig' dV = h(teat — t,,)dz 


Zo 


k 


(t ty) 
8 C\ leat 
which is the enthalpy change per pound of steam condensed from 
saturated vapor to liquid at the mean temperature of the liquid 
film. Equation [5b] may be integrated with Equations [2], [4], 
and [6] with the result 

4 


At uz 


gp(p — py)hte ( 


Since dg/Y dz = h,At 


For this case then 


(p — py)htg ( 
h =e 
Xo 4uAlz 


This is the local coefficient at a particular z. The average co- 
efficient between z = 0 and Lis 


4 
k ht, (: 


8 he 


L gp(p — Pz) 
f = 0.943 


or a Nusselt number is 
4 


gp(p — p,) L*ht, ( 


This is the type of analysis and result obtained by Nusselt (1916) 
utilizing an assumed linear temperature distribution. The 
analysis may be improved by determining the actual temperature 
distribution which is not linear, Fig. 3, because of the addition of 
liquid at tsar to the outer edge of the film. For the control volume 
fixed in space shown shaded in Fig. 3, there is a flow of liquid dT, 
across the face at z which with Equation [2] equals 


— p,) x? 
Ta pe,dz | dx» — Pe 
Oxo 0 2 


An energy balance equating the heat transferred at the face at 
z with the net enthalpy change of the fluid crossing the control 
surface is 


h,,L 
Nxu = = 0.943 


Expressions for v,, dI'9,, and dzp/dz are given in Equations 
[2], [11], [4], and [55]. Substitute these in Equation [12] which 


where 
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F 
K 
v 

4 


Qo 
3 


may be solved by successive approximations for ¢ as a function of 
z. The right side of Equation [12] is evaluated for an assumed 
relation of ¢ versus x and then is integrated to determine a new ¢ 
versus x relation. The process is then successively repeated with 
each new relationship. Actually, the results converge rapidly 
and only one or two repetitions are needed for a satisfactory 
answer. If the linear temperature distribution is assumed 
initially the first integration of Equation [12] is 


and at z = 2, t = teat 80 


(teat — ty) 


or dividing one equation by the other 


1 
Zo hig’ 8 \ 


teat — 


.. 


This is a temperature distribution having a shapé as shown in Fig. 
3. Using this temperature distribution in Equation [5b] to 


evaluate dz)/dz and integrating 
2 
0.032s( ) ] 
Nite 


From Equation [9] the average h,, may be calculated 


4k, At pz 
1 cAt 


(p — py)hig’ | 1 — — 
gp(p | 


.. [14] 


he 
4/ 

1 cAt 

0.943 


For a range 0 < (cAt/htg) < 1.0 this equation is very closely ap- 
proximated by 
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— py hte ( 
008 9 


pAtL 


Comparison of Equations [14] and [156] with Equations [8] 
and [10b] shows that the more correct values of A and 2» are 
larger than the ones obtained with the assumed linear tempera- 
ture distribution. These results are compatible because a larger h 
will result in a larger condensate flow I at any z which from Equa- 
tion [3] requires a larger 2p. 

Obviously, the effect of this refinement in the analysis becomes 
more important at high values of liquid subcooling or more 
precisely high values of cAt/hy. For a very great number of 
applications cAt/hy is quite small (0 to 0.2). Then the analysis 
with the assumed linear temperature distribution resulting in 
the simpler energy balance Equation [7] may be used. 

Similar analyses for laminar film condensation on inclined plates 
and on the outside of horizontal tubes‘ result in the same type 
correction factor as in Equation [158], e.g. 


W1 + 0.68(cAt/hig) 


Experimental data are usually compared with an equation 
similar to Equation [155] but with the term (1 + 0.68cAt/hig) 
omitted. In such a comparison the data’ are found to be around 
10 to 20 per cent higher than the calculated values. This discrep- 
ancy is usually ascribed to such things as ripples in the condensate 
layer. These departures from the idealized conditions surely do 
contribute greatly to the discrepancy; however, it is quite obvi- 
ous that the omission of the factor 


V1 + 0.68(cAt/hig) 


contributes to a part of the disagreement. 


Discussion 


L. A. Bromiey.* The author’s derivation correctly includes 
the effect of cross flow on the heat transfer. As the method of ap- 
proximation is somewhat different and as only one approximation 
is included it will be of interest to compare the result with that 
which would be obtained by correcting Bromley’s derivation. 
The latter derivation is here corrected for the cross-flow term and 
the result compared with that given by the author. 

Using as a basis the enthalpy of the liquid at the boiling point, 
the heat flow by conduction at a given point y in the condensate 
film is equal to the decrease in enthalpy of the material between y 
and y plus the heat liberated by the condensate minus the heat 
carried by cross flow. 

These items are, respectively, using nomenclature of Bromley’ 

c,p(p — p,)gAt y* 
—dH = ( Serer + . [16] 


har = We — 


aw... [18] 


— At 2 3 


‘Heat Transfer,’ by M. Jakob, John Wiley & Sons, Inc., New 
York, N. Y., vol. 1, 1949, eq. (30-53). 

5“‘Heat Transmission,”” by W. H. McAdams, McGraw-Hill Book 
Company, Inc., New York, N. Y., third edition, 1954, p. 340, Table 
13-4. 

* Associate Professor of Chemical Engineering, University of Cali- 
fornia, Berkeley, Calif. 

7 See footnote 3 of the paper. 
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But the sum of these as written must equal the heat flow due to 
conduction; hence 


—dH + —dH., = 


Substituting Equations [16], [17], and [18] into Equation [4] of 
the paper and rearranging and integrating between y = 0 and 


Y = Yo we obtain 
ll 
[> + | 


aL At _ ple — 
If we now refer to the original derivation of Bromley’ it is ap- 


dyo Yo 
parent that 


— p,)gr 


LyAt 


If this approximate equation is expanded in series form for small 
values of Atc,/\ it may be written (using the author’s nomencla- 
ture) 
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Ai 
4 — p,)ghy, + 0.675 =) 
LyAt 


which is nearly identical to the final result, Equation [15b] of the 
paper. Since both methods give this result it appears likely that 
the answer is a good first approximation to the heat-transfer co- 
efficient. 

If this is written in the form given by Bromley 


h,, = 0.943 + [22] 


4 / k8p(p — p,)gr + 0.34 


Note that the number before Afc,/X is 0.34 instead of 0.4 as 
previously reported. 


h = 0.948 


. [23] 


AvutTHor’s CLOSURE 


Since the presentation of this paper, Professor Bromley and I 
have exchanged a number of letters which have led to corrections 
in our respective arithmetic. A comparison of Equations [156] 
and [22] shows that we are in agreement. I am grateful to Pro- 
fessor Bromley for engaging in these written “conversations.” 


2 

dt — 

| 

: 3 
1+ 

1+—- 

| 

if 


The Friction Process in Metal Cutting 


By IAIN FINNIE! anv M. C. SHAW? 


Coefficients of friction obtained in metal cutting are 
often greatly different from those obtained with the same 
metal pair in conventional sliding-friction experiments. 
If only the rake angle is changed during cutting, a wide 
range of friction coefficients is obtained, and it is noted 
that the tendency toward complete adhesion of chip to 
tool increases as coefficient of friction decreases. These 
two apparent anomalies are explained by considering the 
fundamental mechanism of friction and the conditions 
which exist in cutting. It is shown that a coefficient of 
friction is inadequate to characterize the friction process in 
cutting, being mainly an indication of the normal stress on 
the tool face, and thus strongly dependent on the shear 
process in cutting. 


INTRODUCTION 


micrographs such as Fig. 1, that two major processes occur, 

shear along a fairly sharply defined shear plane and friction 
at the tool-chip interface. The shear process has already been 
treated in some detail (1)* and in this paper the friction process 
will be diseussed. It was pointed out in previous papers (1, 2) 
that the shear and friction processes are not independent, a fact 
which will be shown to be important in the following analysis of 
the friction process. 

Although friction in cutting is of interest as a potential test for 
fundamental studies of wear, friction, and chemical reaction 
under conditions of high temperature, high pressure, and a nas- 
cent surface, use of a coefficient of tool-face friction has been 
limited by lack of an explanation for the wide range of coefficients 
which are obtained when only the rake angle is varied. Such 
coefficients of friction may be greater and are often less than those 
obtained with the same metal combination in conventional slid- 
ing. Another disturbing feature of the coefficient of friction is 
the inereasing tendency for complete adhesion and formatiow of a 
built-up edge with decreased’ rake angle, while the coefficient of 
friction is decreasing. 

This behavior is in strong contrast to that of clean, dry, smooth 
surfaces sliding in air where the rules of Amontons (3) as origi- 
nally stated in 1699 and given below are still satisfactory. 


ie THE cutting of ductile metals it can be seen from photo- 


1 The coefficient of friction is independent of applied load N. 

2 The coefficient of friction is independent of apparent area 
of contact A. 

Other empirical rules for ordinary bodies in dry sliding contact 
include: 


1 Shell Development Company, Emeryville, Calif. 

2 Professor of Mechanical Engineering, Massachusetts Institute 
of Technology, Cambridge, Mass. Mem. ASME. 

3’ Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Research Committee on Lubrication under the 
auspices of the Lubrication Activity and presented at a joint. session 
of the Lubrication Activity and Research Committee on Metal Proc- 
essing at the Annual Meeting, New York, N. Y., November 28- 
December 3, 1954, of Tae American Socipty oF MECHANICAL 
ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
6, 1954. Paper No. 54—A-108. 


TypicaL PHoromicroGRaPH SHOWING SHEAR AND FRIcTION 


(The friction coefficient calculated from measured force components FP and 
Fe is equal to 8.) 


Fie. 1 


3 The coefficient of friction is independent of the ambient 
temperature of the metals 4. 

4 The coefficient of friction is independent of the sliding speed 
é 


While these rules represent good approximations under usual 
conditions for bodies in sliding contact, they may fail completely 
if test. conditions are sufficiently abnormal. 

Typieal data are given in Table 1 for the orthogonal cutting of 
copper and steel in air with sharp tools, the tools being of high- 
speed: steel. The stresses were calculated from the measured 
forces and observed contact areas on the toolface. These stresses 
(t,., ¢,) are based on the apparent area of contact as opposed to 
those based on the real area of contact (r*, @*) to be considered 
presently. 


REPRESENTATIVE LOW-SPEED CUTTING DATA 


Average stresses at 
tool-chip 
-———interface, Friction 
ke Shear ormal coef- 
stress stress ficient 
eg Te Cc f 


32600 43300 
34700 30000 
36700 16000 
46000 70000 


49300 57000 
51700 43200 


TABLE 1 


Ra 
Electrolytic tough pitch “{a0 
copper; cutting 
V, 0.3 fpm; depth of 
¢, 0:002 in. 


SAE B1112 steel; 
speed V, 0.04 
of cut f, 0.003 im. 


According to the empirical rules of sliding contacts, we should 
not expect the coefficient of friction to change with rake angle. 
To explain the wide range of friction coefficients obtained and the 
other anomalies already mentioned, we need to consider the 
fundamental mechanism of dry friction. 


MEcHANISM OF Dry FrIcTION 


At the present time the most generally accepted theory of dry 
friction is a composite of contributions due to Holm (4), Ernst 
and Merchant (5), and Bowden and his associates at Cambridge 
University (6). According to this picture of friction, sliding re- 
sistance is viewed as being composed of three factors: 


1 A mechanical interlocking of surface asperities. 
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2 A plowing of the surface asperities of the harder of the two 
metals through the softer. 

3 A welding of the surface asperities of the one metal to the 
other, resulting in metallic junctions. 


For relatively smooth surfaces, such as we have in metal cutting, 
experimental evidence (6, 7) would indicate that frictional resist- 
ance is primarily due to the shearing of asperities, factors 1 and 
2 being negligible. Feng (8) recently suggested that the third 
factor involves mechanical interlocking in its mechanism, but 
this will not substantially alter the discussion that follows. 

When two clean surfaces are brought together under load, a 
real area of contact A, is developed by plastic flow of asperities 
present on all engineering surfaces, this flow being just sufficient 
to support the load. It has been shown experimentally (6), for 
example, that two smoothly ground gage blocks with an apparent 
contact area A of 1 sq in. under a normal load of 10 lb will have a 
real area of contact of only 10~* sq in. If the hardness of the 
asperities of the softer metal is o*, then the applied load N will 
be 


where 7* is the surface shear stress required to rupture the welds 
and KA, is the fraction of the real area of contact over which weld- 
ing has occurred, Then the coefficient of friction f is 


f = 1*KA,/o*A, = Kr*/o* 


For relatively light loads per unit apparent contact area, this 
picture explains the independence of coefficient of friction on nor- 
mal load and apparent contact area (Amontons’ rules). The 
small dependence of f on heat-treatment, or ambient tempera- 


ture, is also consistent with Equation [3], since r* and o* change 


in approximately the same ratio in these cases. The reason for 
the reduction in f when low shear-strength films are used on a 
hard backing is further evident from Equation [3]. 

The rule pertaining to speed does not hold for very high values 
of speed (above about 2000 fpm for an ordinary slider) nor for 
very low values of speed (below about 1 fpm for an ordinary 
slider). At very low values of speed the time required for welds 
to be established plays an important role. As the speed of a 
slider increases so will the temperature at the surface. Also, this 
rise in surface temperature becomes more superficial as the speed 
increases, there being less time for heat to flow away from the 
surface at high speeds. At speeds below about 2000 fpm, for an 
ordinary steel slider, the depth of the heated layer is about equal 
to the depth of the layer that flows plastically when surface A, is 
developed. Hence both r* and o* in Equation [3] are influenced 
in about the same way and there is no change in f. However, at 
higher speeds, r* is decreased more than o* because of its more 
superficial nature and the coefficient of friction will begin to drop. 
There is nothing universal about the 2000 fpm just mentioned. 

The value at which f begins to decrease with speed depends on 
other properties of the system than just the velocity of the slider. 
Quantities of importance include length of the surface of con- 
tact in the direction of motion, thermal conductivity, and volume 
specific heat of the metals in sliding contact, and the amount of 
the friction energy per unit area converted into heat at the sliding 
surface. In metal cutting a decrease in the coefficient of friction 
on the tool face with chip speed is normally observed at speeds 
above a few feet per minute due to the short length in the direc- 
tion of motion and the large amount of friction energy that is 
dissipated per unit area. Rule 4 is thus seen to be very approxi- 
mate indeed. 
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An extreme pressure lubricant decreases K by reacting chemi- 
cally with the chip to form low shear-strength nonmetallic solids 
at the chip-tool interface and thus reduces the real area of metallic 
contact. K may vary with velocity due to the time required to 
form welds and also with normal pressure due to the rupture of 
protective layers, such as oxides, at higher pressures. 

From the plastic behavior of metals in other tests we should not 
expect 7* and o* to be independent material constants for sur- 
face asperities. As Burwell and Rabinowicz (9) have pointed 
out, we should expect 7* and o@* to be connected by a plasticity 
condition such as 


Vir*,0*) 


where Y is the stress req tired to produce a given plastic flow in a 
stress state such as torsion or tension and y denotes some func- 
tion. 

Parker and Hatch (10) and MeFarlane and Tabor (11) showed 
that the area of contact between bodies in contact increased 
when shear stress was applied which shows experimentally that a 
relationship between r* and o* must exist. The expressions for 
normal load, friction force, and Equation [4] do not yield a de- 
terminate solution for the friction force and, as there is apparently 
no additional plasticity condition, it appears that the friction 
force is an independent quantity. 

Experiments on indium, by Burwell and Rabinowicz (9), 
showed that this was indeed the case and that different tangential 
loads resulted in different speeds of sliding. 

Bowden (12) has stated that the more sophisticated theory 
implied by Equation [4] works only if the surfaces are so clean 
that they form strong metallic junctions and then combined 
stresses lead to an increase in junction area. For this to occur 
the surfaces must have no oxide layer or other contaminant film. 

The experiments cited in references (9 to 11) have been made 
with steel sliding on indium or lead; that is, soft metals in which 
the normal stresses have produced considerable flattening of the 
asperities and a larger ratio (A,/A) of real to apparent area of 
contact than obtained in most sliding experiments. Under these 
conditions the oxide layers will have ruptured and the relationship 
of Equation [4] will have led to even greater real areas of contact. 

Usually in sliding-friction experiments the ratio A,/A will be 
small and the picture of friction leading to Equation [3] will hold. 
As normal load is increased the real area of contact may increase 
by a deformation of the asperities; i.e., an increasing A,/A, or by 
a flow in bulk by one or both of the metals; i.e., an increasing A 
with A,/A fairly constant. 


FRicTIoN In CUTTING 


In cutting it can be seen from data such as Table 1 that friction 
takes place under high normal stresses which should result in 
higher ratios of A,/A than are obtained in conventional sliding. 
Furthermore, the second method of area increase with high loads, 
as given in the foregoing for conventional sliding, a flow in bulk 
of the chip, is apparently not possible in cutting. Due to the 
mechanism of chip formation and chip curl the apparent area of 
contact at the chip-tool interface bears no direct relation to the 
normal forces. For example, when a good cutting fluid is used 
the forces will decrease and for reasons which are yet to be ex- 
plained, the chip will curl away more rapidly from the tool, result- 
ing in average normal stresses for the friction process which are 
actually higher than when cutting without a fluid. 

The comparatively nascent surfaces in cutting should, as al- 
ready pointed out, lead to strong metallic junctions and hence an 
additional increase in the real area of contact due to the action of 
the combined stresses. 

The implications of this increased A,/A ratio in cutting will now 
be examined. 
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FINNIE, SHAW—THE FRICTION PROCESS IN METAL CUTTING 


The shear that takes place on the shear plane in cutting may be 
regarded as a special case of the friction process where A,/A = 1. 
The friction coefficient is then equal to the shear stress on the 
shear plane divided by the normal stress on the shear plane. 
It is well established that hydrostatic pressure does not signifi- 
cantly influence the shear process and hence for a given shear 
stress the coefficient of friction is inversely proportional to the 
normal stress for this special case. The rule of Amontons re- 
garding the constancy of the coefficient of friction with variation 
of normal load is only a good approximation as long as the real 
area of contact represents a small percentage of the apparent 
area of contact (A,/A <<1). Fig..2 shows the relations between 
shear and normal stresses based on the apparent area for the or- 
dinary friction slider (A,/A << 1) and for internal shear flow 
(A,/A = 1). As the load on the friction slider becomes more 
intense we should expect the slope of the curve to change gradu- 
ally from the one extreme at A to the other at B, somewhat as 
shown by the dotted curve. 


4 
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This picture also may be presented as in Fig. 3 where A, is 
plotted against normal load N for a constant apparent area of 
contact A. For light loads A, is seen to be proportional to N, 
Equation [1], while the required load is seen to increase without 
limit when A, approaches A asymptotically. The reason for this 
behavior lies in the tendency for asperities to offer greater resist- 
ance to flattening as flow occurs owing to strain-hardening and 
the increasing material restraint to flow introduced by adjacent 
deformed peaks. 

The behavior of Fig. 3 may be.represented analytically by the 
following expression 


where B is a constant. This equation is seen to satisfy the end 
conditions of Fig. 3(A, = O when N = 0, and A, = A when N = 
©), and if it is to be useful should reduce to Equation [1] when 
the applied load N issmall. The latter property of Equation [5] 
may be demonstrated as follows: 

Differentiating Equation [5] with respect to NV 


1 4A, 
A dN 


or 
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dA. AB [7] 
When Equation [1] is differentiated with respect to A, we have 
aN do* 


If N is small, c* will be constant, (do*)/(dA,) will be zero, e®¥ 
will approach 1, and thus from Equation [7] and [8] 


o* = 1/AB (for emall N) .............. [9] 


Likewise, when N is small, e~®* may be written as(1— BN) toa 
good approximation. From Equation [5] we have 


¢78N = ] — “ = 1 — BN (for small N)...... [10] 


or 


A 
ry = BN (for small N)............. {11] 


which reduces to Equation [1] when o* is substituted for 1/AB 
from Equation [9]. 

Equation [5] is thus seen to be in agreement with known per- 
formance at extremes of load and to reduce to Amontons’ rule 
for light values of load. It should prove useful for situations in 
which the load is somewhat beyond values for which Equation 
[1] represents a good approximation. 

Stress-strain data for the friction process such as given in Table 
1 confirm the picture presented in Figs.2and3. The shear stress 
is rernarkably constant, most of the change in friction coefficient 
being due to the change in normal stress. And if a trend exists 
it is for the shear stress to decrease as normal stress increases, 
possibly because of a combined stress condition as represented in 
Equation [4] or the action of the size effect to be discussed. This 
relative constancy of the friction force while normal force changes 
has been recognized earlier by Kronenberg (13, 14). The larger 
normal stresses on the tool face that result as rake angle decreases 
are largely a consequence of the decreasing shear angle and 
greater shear-plane forces. Hence the coefficient of friction in 
cutting bears little relation to the ordinary friction process, but 
depends on the shear process in cutting and how this is influenced 
by rake angle. 

At lower rake angles the higher normal] loads give larger values 
of A,/A and lower values of f. As A,/A increases it becomes in- 
creasingly likely that shear will occur on an internal shear plane 
rather than on the almost completely welded chip-tool interface. 
The chip metal making contact with the tool face is stronger than 
comparable metal in bulk as a result of the restraint imposed by 
the stronger metal in the tool face. Progressively more metal 
flow takes place at the chip surface as rake angle is decreased, 
and eventually internal shear occurs with the formation of a built- 
up edge, although this may ‘not happen if shear fracture occurs 
first on the shear plane as a result of the large strains imposed by 
small rake angles. This is the situation met in discontinuous 
chip formation (15). 

Other evidence that a coefficient of friction is inadequate to 
characterize the sliding between chip and tool can be found in a 
study made of the metal transferred from radioactive copper to a 
steel tool by Finnie and Rabinowicz (16). It was found that the 
metal transferred varied very little with rake angle although 
the friction coefficient changed greatly. In sliding experiments 
the wear is approximately proportional to the normal load as ap- 
parently the volume of asperities being sheared is proportional 
to the load. In cutting we have apparently reached a limiting 
value of metal transfer. 
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QUANTITATIVE EXAMPLE 


In order to illustrate the use of Equation [5] we might consider 
some two-dimensional cutting data published by Crawford and 
Merchant (17). The results of Table 2 were obtained at a cut- 


TABLE 2 CUTTING FORCES OBTAINED yt hag TOOLS OF DIF- 
FERENT RAKE ANGLE (17 


Work material, 1020 steel; tool material, 18-4-1 bi, width of cut, 0.25 in.; 
feed, 0.0063 ipr; cutting speed, 272 fpm; cutting fluid, water-based flui 


deg Fp, lb Fa, Ib F, lb N, lb f Ar/A 
0 885 775 775 885 0.88 0.57 
10 670 420 532 587 0.90 0.44 
20 550 290 460 418 1.09 0.34 
30 460 150 360 323 1.12 0.28 
40 365 60 281 241 1.17 0.21 
50 340 70 305 165 1.85 0.15 


where a = rake angle 
Fp = cutting-force component in direction o resultant velocity 
(power component of force) 
r9 cutting force at right angles to Fp 
friction force on tool face = Fp sin a + FQ cos a 
N normal force on tool face = Fp sina — FQ cosa 
coefficient of friction on tool face = F/N 
real area of contact ms 
apparent area of contact 


~ 


ting speed of 272 fpm. If 7* and A are considered constant‘ in 
these tests, then from Equations [2] and [5] we have 


F = Kr*A, = Kr*A(1 —e~®").......... 
However, in metal cutting the loads are sufficiently intense so 
that K may be taken as unity for reasons previously stated and 
hence 

Ar* 
We may choose the constants (Ar*) and B such that Equation 
{13] is in good agreement with the observed data of Table 2. 
When this is done it is found that 


Ar* = 1300 
B = 0.001 


The observed data correspond to the points in Fig. 4 while the 


deg. 


Fic. 4 VARIATION oF Friction Force F Wits Rake 
ANGLE a 


curve shown corresponds to Equation [13] using the foregoing 
values of (Ar*) and B. All points except the last one at a rake 


‘ The tips of the asperities will always be severely strain-hardened 
and te such an extent that r* may be corsidered to be independent of 
load. While the apparent area of contact may be constant to a first 
approximation it probably will incrense somewhat with rake angle. 
The influence of assuming A to be constant with a will be discussed 
later. 
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angle of 50 deg are seen to be in good agreement with the fitted 
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curve. 

If a reasonable value is assumed for the apparent area of chip- 
tool contact we may plot A, versus N as in Fig. 3, for this example. 
Taking the length of contact along the tool face as twice the depth 
of layer removed we have 


A = 2bt = 2(0.25)(0.0063) = 0.00315 sq in. 


When values of A, from Equation [5] are plotted against the 
normal force on the tool N, Fig. 5 is obtained. Here it is evi- 
dent that over the entire range of the cutting tests A, is not pro- 
portional to N as for lightly loaded sliders {Amontons’ rule). 
The value of A that is approached asymptotically is shown dotted 
in Fig. 5. The values of A,/A given in Table 2 are seen to be 
much larger than values for ordinary sliding contacts. 


Fic. 5 Variation or Reat AREA or Contact A, 
Wits Norma. Loap N ror Exampte or TasBie 2 


The value of A,/A is observed to decrease significantly with 
increased rake angle. For a cutting fluid to be effective there 
must be space between asperities at the chip-tool interface for 
fluid to penetrate. The greater availability of such space with 
larger rake angles is evident from the values of A,/A in Table 2. 
This observation is in agreement with the fact that cutting fluids 
are more effective with high rake-angle tools than with those 
having low or negative rake angles. 

In obtaining Fig. 5, A was assumed to be constant. Actually, 
A should decrease somewhat with increased a, but this will only 
result in the curve of Fig. 5 deviating even farther from propor- 
tionality, and all the conclusions presented will be the more true. 

The value of 7* that was assumed constant in the foregoing 
calculation may be estimated by dividing the value for Ar* by 
A. When this is done 


* = 1300/0.00315 = 413,000 psi 


At first glance a shear stress of this magnitude, which is within 
a factor of 5 of the value corresponding to a perfect iron lattice, 
(based on Ttheoretical = Shear modulus/27) may seem unreasona- 
bly high. However, when the smallness of the contact areas of 
individual asperities is considered, it is to be expected that such 
a high value of shear stress should obtain by virtue of the size 
effect associated with the flow of metals (18). 
The value of o* may be similarly estimated for small values of 
N from Equation [9] 
o* = = = 318,000 psi 
(0.00315)(0.001) 
Again, this stress which may appear unusually high is influenced 
by the size effect. The fact that r* is of a more superficial nature 
and hence more strongly influenced by size effect than o* can be 
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seen by comparing these two quantities. In making this com- 
parison norma! stress ¢* should be reduced by a factor of 2 by 
virtue of the maximum-shear theory and by an additional factor 
between 2 and 3 to account for the difference in flow stress of a 
cone and a member in simple shear. The net result is that for the 
same size effect to be operative o* should be from 4 to 6 times 

As previously stated, the value of ¢* should be expected to in- 
crease with increased load N, due to strain hardening and the mu- 
tual restraint of adjacent asperities. The manner in which o* 
changes with N in the foregoing example may be seen by dividing 
observed values of N by calculated values of A, at each point in 
accordance with Equation [1]. When this is done, Fig. 6 results. 
It is evident that o* is not constant as for ordinary sliders but 
increases with N. 


0 200 400 600 800 
N, lbs. 
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The large increase in coefficient of friction (r*/o*) with rake 
angle is due to the fact that r* remains essentially constant with 
N (since even for light loads r* is at a much higher stress level 
than o* is for relatively heavy loads and consequently r* is 
saturated with regard to strain hardening) while o* increases 
with increased N.5 The reason for the increase in N with de- 
creased rake angle a@ is obviously due primarily to the decreased 
shear angle that accompanies a decrease in @. 

For ordinary sliders the value of N/A usually amounts to 500 
psi or less. If A = 0.00315 sq in. then N would be 1.57 Ib. 
When A,/A is computed from Equation [5] using the value of B 
from the foregoing example, we obtain 


A,/A = 1 — = 0.00157 


This is the order of magnitude of values of A,/A measured by 
Bowden and his associates (6) with ordinary steel sliders. Values 
of r* and o* for such a slider may be taken approximately as fol- 
lows from the foregoing example when the normal load N is 
light 


r* = 413,000 psi 
o* = 318,000 psi 


5 In the discussion presented here the increase in o* that is observed 
with increase in N is considered te be due to strain hardening and 
mutual interaction of flowing asperities. As pointed out in a pre- 
vious paper (2), part of this increase in ¢* with increased N could be 
due to a restraining action associated with the presence of the shear 
plane. By this latter mechanism, ¢* would increase when the angle 
between shear plane and tool face decreased, and hence o* would in- 
crease when N increased as a result of an increase in a. While it is 
not known how much of the increase in o* with N is due to strain 
hardening and how much is due to shear-plane restraint, it is now 
thought that the influence of strain hardening is the greater of the 
two. 
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The corresponding coefficient of friction would be 1.3 from Equa- 
tion [?] if K were taken equal to 1. While K will approach 1 in 
cutting it undoubtedly will be less than 1 for an ordinary dry slider 
and the expected value of f would be reduced to 0.9 to 1 for steel 
sliding on steel in dry air. 
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Discussion 


B. T. Cuao® anv K. J. Trigger.’ The authors are to be con- 
gratulated for their new and useful treatment of the friction proc- 
ess, the calculation of the real area of contact, and the local stresses 
at the tool chip interface. This analysis clarifies certain aspects 
of metal-cutting phenomena which have heretofore been obscure. 
Our experience is in accord with the authors’ contention that the 
subrupture dynamic flow stress along the shear zone is unaffected 
by the normal stress* and, in a general way, we agree with the r* 
versus o* relationship as depicted in Fig. 2. 

In calculating the numerical values of r* and o* (which are for 
small values of N) the authors assume that the length of contact 
along the tool face is twice the depth (feed) of layer removed. 
The writers have not found this to be the case in the machining of 
steel. Table 3 of this discussion compares the apparent tool-chip 
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1039-1054. 
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TABLE 3 COMPARISON OF MEASURED APPARENT AREA 
OF TOOL-CHIP OO aoe WITH CALCULATED VALUES BASED 
N AUTHORS’ ASSUMPTION 


SAE 52100 steel, annealed 
Steel-cutting-grade carbide 


Work material: 
Tool material: 


Width of cut: 0.102 in. 
Cutting Apparent area of tool-chip 
speed Feed Tool rake contact, A 10~* in. 
Ve, fpm t, in. deg As measured? As calculated? 
200 0.01265 -2 7.22 2.58 
10 6.82 2.58 
0.00736 —2 §.21 1.50 
10 5.00 1.50 
0.00492 -2 4.23 1.00 
10 4.04 1.00 
320 0.01265 —2 6.05 2.58 
10 5.94 2.58 
0.00736 -2 4.50 1.50 
10 4.35 1.50 
0.00492 -2 3.64 1.00 
10 3.44 1.00 


4 All area measurements were determined from photographic records, en- 
larged to several hundred diameters. : 
6 Based on authors’ assumed relationship A = 2bt. 


contact area as measured with that as calculated according to 
the authors’ assumption when annealed SAE 52100 steel is turned 
with a steel-cutting-grade carbide tool. For HSS tools, the dis- 
crepancy will be of the same order under comparable conditions. 

It is evident that the measured apparent area of contact is 
2 to 4 times the value used by the authors in the calculation of r* 
and o*. With HSS tools, even at such high rake angles as 30 or 
40 deg, it seems very unlikely that the area could be estimated 
from the assumed relation A = 2bt. Conseauently, the writers 
believe that the values of 7* and o* as reported in this paper are 
in error. 

Also, from Table 3, a definite and noticeable decrease of the 
apparent area of contact is observed when the rake angle is in- 
creased. Hence the relationship between o* and N, as shown in 
Fig. 6 of the paper, should be modified accordingly. The trend is 
to increase the relative magnitude of o* at small values of N or to 
decrease o* at high values of NV. 

Fig. 5 of the paper also should be modified for the same reason. 
Evidently, when the variation of the apparent area of contact 
with changes in tool rake is taken into account, the relationship 
between A, and N will tend to become linear, at least within the 
range of the experimental data used by the authors. 


Max KRoNneNBERG.’ This paper has the particular merit of 
offering plausible explanations for the conclusions in which the 
authors and the writer concur with regard to the coefficient of 
friction in metal cutting. 

The two most significant senten¢es of the paper are as follows: 

“4 coefficient of friction is inadequate to characterize the sliding 
between chip and tool.”’ 

“The coefficient of friction in metal cutting bears little relation- 
ship to the ordinary friction process.”’ 

The writer came to the same conclusions several years ago" and 
suggested at that time going even a step further than the authors 
do in this paper, by recommending to discontinue the use of the 
concept of coefficient of friction in metal cutting. 

The reasons for this recommendation are based not only on 
scientific considerations but also on a practical point of view. In 
the writer’s opinion it is necessary to keep in mind the effect 
which our findings in metal-cutting research may have on the 
men in the shop and on productivity in general. A tool engineer 
who is busy in his daily work has but little time to analyze the 
reasons for a high or low value of the so-called coefficient of fric- 
tion and must come to entirely wrong conclusions unless we dis- 
continue the use of this concept. His conclusions may affect his 


* Consulting Engineer, Cincinnati, Ohio. Mem. ASME. 

“On the Analysis of Cutting-Tool Temperatures,” by E. G. 
Loewen and M. C. Shaw, Trans. ASME, vol. 76, 1954, p. 229. See 
also Tool Engineer, October 1953, pp. 49-50. 
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work substantially and also his actions, say, in the application of 
cutting fluids, purchasing of tools, selection of work materials, and 
other such items on which the efficiency of production depends. 

Let us assume that our tool engineer learns - bout a new metal 
and that he finds from cutting tests the coefficient of friction to be 
higher when machining this new metal than in the case of his 
older metal. What would be your conclusion? Supposedly, it 
would be the same as that of the tool engineer. He would con- 
tinue to use the older metal with the lower coefficient of friction, 
assuming that he would get better conditions than with the new 
metal with the higher coefficient of friction. 


Analysis of table 2 of paper by Finnie & Shaw 
True Friction Normal Socalled |} Anglew 
Foree F Force N Coeff.of || (Conclusion { 
= 
10 
20 460 418 1.09 42.5 2.5 
30 360 323 1.2 41.8 b2 
40 281 = 117 40.5 4.5 
50 305 1 185 28.5 9.5 
both decrease 
wW 
= 
Fic. 7 


He would be wrong, as will be seen from the data of Fig. 7 of 
this discussion, which represents an analysis of Table 2 presented 
in the paper. Consider columns 2 and 3 for the friction force F 
and the normal force N, respectively. You will notice, when 
following from top to bottom, that they both decrease when the 
true rake angle @ in column | increases from 0 to +50 deg. The 
friction force F drops from 775 to 305 lb and the normal force 
drops likewise, namely, from 885 to 165 Ib. Such drop is cer- 
tainly a desirable feature. 

However, let us consider now what the coefficient of friction re- 
veals. It will be seen from column 4 that the coefficient of friction 
increases from top to bottom—in spite of the decrease of the two 
forces, namely, from 0.88 to 1.85. Hence our tool engineer 
comes to the conclusion that something undesirable has happened, 
because the coefficient of friction has increased, although the 
contrary is true. It follows that the concept of a coefficient of 
friction is misleading in metal cutting and should be discarded. 

Discarding the coefficient of friction, however, does not mean 
that we should discontinue to investigate the friction process al- 
together; to the contrary. Investigations as presented in this 
paper should be continued because we can obtain from such re- 
search useful data when using a different concept than the friction 
coefficient. 

It is suggested that the inverse value of the coefficient of friction 
be used. This inverse value is the tangent of the angle of direction 
of the resultant cutting force R, indicated by angle w in Fig. 7 
(tgw = N/F). 

This angle has been calculated from the data of the paper under 
discussion and also the angle y which indicates the direction of the 
resultant cutting force with respect to the flank of the tool. The 
two angles are tabulated in columns 5 and 6. You may ask why 
these two angles are of interest in metal cutting. If you follow 
the change in angle yy in column 6, you will see that the resultant 
cutting force acts considerably closer to the tool flank when the 
true rake is 50 deg than when it is 0 deg, and tension and com- 
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pression in the tool face depend on angle w. It also will be noted 
from the two sketches at the bottom of Fig. 7, that the cutting 
forces in the left-hand sketch are large, and small in the right- 
hand sketch in spite of the inverse values for the so-called coeffi- 
cient of friction. This graphic representation is a good indication 
for the misleading concept as discussed. 

When recently publishing a book on the “Fundamentals of 
Metal Cutting Science’’ the writer came to the conclusion that 
the difference between a coefficient of friction in metal cutting and 
in ordinary friction results from the fact that the gliding body 
(chip) is plastically deformed in metal cutting, a deformation that 
does not occur in ordinary friction. 

The authors differ somewhat in their explanation from that of 
the writer and attribute the difference in the behavior of a co- 
efficient of friction in metal cutting to the change in the ratio of 
the real to the apparent area of contact between chip and tool 
that takes place as the normal force changes. This hypothesis is 
very interesting and the authors should be commended for de- 
veloping it. 

They indicate also that the number of capillaries would change 
with a change in the contact-area ratio, concluding that cutting 
fluids become less effective as the ratio approaches unity. Hence, 


in the case of negative rakes, cutting fluids would be least effec- © 


tive. In the writer’s opinion, however, cutting fluids also could 
be used in the case of negative rakes and carbides. 

To explain this, Fig. 8 has been prepared to show the practical 
significance of the angles w and ¥ for the resultant cutting force in 
conjunction with the appearance of compression and tension in the 
tool face. 


Tension & Compression in Tool Face 


& 
P/N = claimed coeff, 
of friction 


(/ @ Angle of resultant force R 


The angle w is plotted at the left-hand scale, the so-called co- 
efficient of friction of the right-hand scale, running in opposite 
direction. 

Tension in the tool face is indicated by the field marked ‘‘Ten- 
sion (Danger Zone);’’ compression in the tool face exists for com- 
binations of a and w represented by the lower field marked ‘“‘Com- 
pression (Safety Zone).”’ 

It will be seen that the compression zone increases as the true 
rake a@ becomes smaller and even more so as the true rake enters 
the negative field. 

Example. When a = +20 deg, compression in the tool face 
exists only for small angle w (or for large coefficients of friction 
—greater than 1.2). Hence compression exists only when the re- 
sultant cutting force FR is relatively close to the tool face. 

Using a cutting fluid and reducing the friction force would make 
the conditions worse, because we would reduce the so-called co- 
efficient of friction to, say, 0.8 or increase angle w and thereby 
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cause tension (and perhaps cracks) in the tool face. (If we go still 
higher than the inclined line, conditions change, but this cannot 
be discussed here.) 

However, when a negative true rake of a = —20 deg is used it 
would be possible to employ a cutting fluid without entering the 
danger zone of tension, unless the angle of direction of the cutting 
force exceeds about w = 65 deg. 

Cutting without a coolant is the rule in the case of carbides with 
positive rakes because a high coefficient of friction is required to 
keep out of the tension range. Fig. 8, however, indicates that new 
avenues for application of cutting fluids may be opened in connec- 
tion with carbide tools when investigations on tension and com- 
pression produced in the tool face are carried out for various cut- 
ting fluids. Thus it may be realized why the paper presented by 
the authors is a valuable contribution toward explanation of 
these problems. 


Ernest Rasinowicz."! This interesting paper introduces two 
quantities that are relatively new to friction theory, namely, A;/A 
and K. The authors point out that for the case of sliding sur- 
faces, A;/A will be small; however, this is not necessarily so. 
When concentrated contact occurs, e.g., a hemisphere on a flat 
surface, high normal pressures are produced, and we may estimate 
values of A;/A of '/s, using taper section methods of (cf. Moore"*), 
and '/,, using a comparison of friction and wear data.“ These 
values are of the same order of magnitude as those given by the 
authors. 

In regard to K, the fraction of the surfaces that has formed 
welds, it should first be pointed out that Equation [2] given by the 
authors is not in the form customarily used in friction calculations, 
allowance being made in the latter for a friction force produced by 
the shearing of nonwelded junctions. In other respects, the con- 
stant K is similar to that given by Archard,'‘ who calculated the 
fraction of junctions that produce metal-transfer fragments during 
sliding. Comparing Archard’s values with those in the paper, it 
is necessary to multiply his results by a factor of 3 for an assumed 
A,/A ratio of 1:3 and by a factor of 2, since metal transfer was 
measured in one direction only. The recalculated values of K 
for unlike metal combinations range from 0.9 to 0.06 per cent. 
It is likely, but by no means certain, that K during metal cutting 
is larger. 

A complication that the authors have not considered is the 
effect of the difference in sliding conditions for points away from 
the cutting edge, which will lead to systematic variations in both 
A,/A and K,. 

It is felt that the stimulating treatment by the authors is defi- 
nitely in the right direction but that an additional factor may have 
to be introduced to bring out fully the difference between the 
cutting and sliding situations. 


A. O. Scumipr."* The authors present again a thorough analy- 
sis of a significant sector in the metal-cutting field. The im- 
portance of their findings is expressed in their statements that the 
“coefficient of friction’ in metal cutting is not the same as thought 
of in the ordinary friction process. The experimental data and 
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those given in Table 2 show the effect of different rake angles. 
This table could be extended into the range of negative rake 
angles and also include average chip temperatures as well as tool- 
tip interface temperatures. 

Average chip temperatures have been determined by thermal 
balance from calorimeter measurements of heat in the chips dur- 
ing milling tests with SAE 1020: as 1280 F for a = 30 deg nega- 
tive and only 600 F for a = 30 deg positive (cutting speeds, 200- 
1200 fpm.; feed, 0.006 in. per tooth). 

It can be stated that the relationship F/N is definitely in- 
fluenced by temperatures occurring in and between chip, tool, and 
workpiece. 

Another temperature value which can be obtained is that of the 
tool-chip interface which would vary in cuts of this type between 
a high temperature of 1650 F for the tool with 30-deg negative 
rake angle, to a low temperature of 800 F for the 30-deg positive 
rake angle. 

Measuring and considering such temperature values will help to 
explain that F/N must vary because positive rake angles will 
entail lower temperatures in chips and at the tool-chip interface. 

There is such an intimate contact between the chip and tool 
that we can speak of a weld. This weld will be broken more easily 
at higher temperature, i.e., when using negative rake angles, and 
that will make the relation F/N < 1. However, it should be 
borne in mind that with negative rake angles there are always 
higher cutting forces first, which next bring about higher tem- 
peratures in the cutting region. 

We hope that the authors will bring this investigation to a con- 
clusion which will benefit all of us interested in these problems. 


B. F. V. Turkovicu.'* The authors present another of their 
fine papers which definitely provide many fruitful thoughts. 
Some of their assumptions and conclusions deserve a rather 
thorough discussion. The mechanism of dry friction between 
metals has been a field of investigation for quite some time. Al- 
though several of its aspects are well known, the intimate process 
is still obscure in its essence. This is probably due to the fact that 
our knowledge in physics of metallic surfaces in intimate contacts 
is not sufficiently complete to permit a broad all-embracing 
theory of friction. It is therefore more than gratifying to study 
the paper of the authors because it takes so many factors into con- 
sideration, offering a plausible interpretation of the friction proc- 
ess in metal cutting. 

Let us analyze Equation [1] of the paper. There is an implica- 
tion of uniform distribution of the normal load. Although this 
may be true in the case of an ordinary slide, even with extremely 
high pressure it is questionable that it would also happen neces- 
sarily in the cutting of metals. If uniform load distribution is not 
the case, then the friction force would vary somehow along the 
chip-tool interface. Our measurements, however, would indicate 
only some sort of average value. It is also important to empha- 
size the influence of the temperature distribution as shown in a re- 
cent paper by Chao and Trigger.” 


AutTuors’ CLosuRE 


The authors wish to thank the several discussers for their 
valued comments. 

Professors Chao and Trigger question the assumption that the 
area between chip and tool is given by A = 2b and present data in 
support of their comment. It would appear from these data that 
a better assumption might have been A = 7bt for the range of 
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speed, rake angle, and undeformed chip thickess of Table 2. 
Substitution of this relation would change none of the conclu- 
sions, but would result in the following changes in detail: 


1 The value of A for the cutting tests considered would be 3.5 
times the value given or 0.01103 sq in. 

2 The value of t* would be '/;.5, the value given or 118,000 
psi, which is still a very high value of flow shear stress for mild 
steel. 

3 The value of o* would be '/;., the value given or 91,000 
psi. 

4 The ordinates of Fig. 5 would be multiplied by 3.5, while 
those of Fig. 6 would be divided by 3.5. 

5 The value of N in the slider discussion would be 3.5 times 
the value given and consequently the value of A,/A for the slider 
would be 3.5 times the value given or 0.0055. The values of 7* 
and o* for the slider would each be divided by 3.5. 


The measurement of the apparent area of contact between 
chip and tool is very difficult to make and, in view of the ap- 
proximate nature of the results obtained, it does not seem justified 
to use an expression for this area more complex than the one 
used here. However, it would appear that the observations of 
Professors Chao and Trigger to the effect that the value of the 
constant 7 in the foregoing expression for area will decrease some- 
what with increase in rake angle are correct. A sthey point out, 
this would tend to make the curves of Figs. 5 and 6 somewhat 
more linear. 

Dr. Kronenberg suggests that use of a coefficient of friction in 
cutting be discontinued since it can be misleading. While this is 
true when we observe what happens to the coefficient of friction 
when only the rake angle is changed, the coefficient of friction var- 
ies in the expected direction when only the cutting fluid is 
altered. That is, if the cutting fluid alone is changed, at constant 
rake angle, the coefficient of friction decreases as the fluid be- 
comes a more effective boundary lubricant. In this connection 
it should be mentioned that Dr. Kronenberg’s w would not be a 
satisfactory measure of performance for cutting-fluid tests, since 
it would vary in an unexpected way just as the coefficient of fric- 
tion does in the case of tests involving a variable rake angle. 
The proposed variable y does not have this difficulty. 

Where it was stated that cutting fluids should be less useful for 
negative rake-angle tools, since A, will then be larger, it should be 
understood that we were speaking only of the boundary-lubrica- 
tion action of the cutting fluid. Actually a cutting fluid can be 
even more important for negative-rake tools than for positive- 
rake tools, where the major function of the fluid is to act as a 
coolant. Dr. Kronenberg’s remarks concerning the reason for 
better performance of carbide tools having a positive rake angle 
when used dry are very interesting. 

Professor Rabinowicz is correct in stating that A,/A need not 
be small for ordinary slider experiments. Where ordinary sliders 
were referred to we had in mind a block sliding on a flat plate 
rather than a heavily loaded ball. The value of K in Archard’s 
treatment of wear is different from that used here. Archard’s K 
is the probability of a weld breaking in one surface or the other, 
while our K is the fraction of the real area that is actually welded. 
The stress to shear the unwelded portion of the area was not in- 
cluded in our discussion, since it was assumed to be relatively 
small. The variation in stress and area of contact along the tool 
face was not considered in this discussion. Actually it would 
appear that the real area is distributed more densely near the 
cutting point than near the region where the chip leaves the tool. 
While this refinement is apparently important in some calcula- 
tions, as noted later, no attempt was made to inelude it in this 
paper. 

As Dr. Schmidt points out, a change of chip-tool-interface 
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temperature will accompany a change in rake angle and this 
could be responsible for part of the change in coefficient of fric- 
tion observed. This change in temperature would be in the right 
direction to cause a decrease in friction with decrease in rake 
angle. However, the main change in coefficient of friction is not 
thought to be due to this cause, since about the same change in 
coefficient of friction with rake angle is observed when cutting at 
the slowest of speeds where temperature could have no influence. 
The reason the coefficient of friction is thought to change slowly 
with change of surface temperature lies in the fact that both 7 and 
o for surface asperities are influenced by temperature in about the 
same way. The change in temperature with rake angle that is ob- 
served is due to the more superficial nature of r than a. A more 
refined analysis than that presented here should include the effect 
of chip-tool temperature on the coefficient of friction. 

Mr. Turkovich raises the question of force distribution along 
the tool face, as did Professor Rabinowicz. It is only to gain a 
first approximation that we assume the normal stress to be uni- 
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formly distributed. Actually a better second approximation 
would involve a linear variation in normal and tangential force 
from a maximum at the tool point to zero at the point where the 
chip leaves the tool face. In the reference," cited by Mr. Turko- 
vich, the authors compute the temperature variation based upon a 
uniform face distribution and find the chip-tool-interface tem- 
perature to be maximum not at the tool point, but at the point 
where the chip leaves contact with the tool. However, this is not 
where the crater first develops and we have reason to question this 
calculation on the same grounds on which Mr. Turkovich dis- 
cusses the present calculation. We recently have repeated the 
temperature-distribution calculation with gradually varying 
forces instead of uniform ones and have found the maximum 
temperature now to come close to the center of the chip-tool con- 
tact length, which is also the point where the crater has its maxi- 
mum depth. It would appear that the solutions to both the 
problem discussed here and the temperature-distribution problem 
will benefit from a nonuniform force distribution. 


f 
4 
f 


i 


A study has been made of the “score resistance” of 38 
elemental metals tested as slider bearings against 1045 
steel disks. It was found that the metals which have the 
best score resistance against steel are the B-subgroup 
metals which are either insoluble with iron or else form 
intermetallic compounds with iron. 


INTRODUCTION 


HIS paper is concerned with the score resistance of ele- 
mental substances, chiefly metals, in high-speed sliding 
contact with steel. By score resistance is meant the ability 

of materials to slide against each other without welding or other- 

wise sticking together. The terms “galling,” “seizing,’’ and 

“metal transfer and pickup” are sometimes used in technical 

literature as synonyms for scoring. 

Score resistance is a property of great practical importance in 
bearings, piston rings, shaft seals, gears, and indeed all parts that 
rub together. Although it is a property that has been studied for 
many years (1)* very little is actually known about it, and what 
is known is entirely empirical and frequently contradictory. 

The motivation for the present study was the belief that certain 
developments in the field of solid-state physics may now offer at 
least a partial explanation for the scoring and nonscoring be- 
havior of various metals. 

The first step was to carry out a systematic series of bearing 
tests with various metallic elements. There are 92 naturally oc- 
curing elements of which 70 may be described as metallic. Not all 
of these are suitable for testing. Certain metals are not available 
in sufficient quantity—metals such as radium, polonium, proto- 
actinium, and various rare earths. Some quite common metals— 
mercury, gallium, sodium, and potassium—have melting points so 
low that running them as solid bearings is not possible in our tests. 
For these and similar reasons, a number of metals were struck off 
the list of those to be tested. In the end, tests were carried out 
with 38 different elements ranging from beryllium (atomic No. 4) 
to uranium (atomic No. 92). 


APPARATUS 


Fig. 1 shows the bearing test machine used in the experiments. 
The various metallic elements were tested in the form of slider 
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SLIDER BEARING Osa 


Fic. 2 Scuematic or Siriper-Bearine Test Macuine 


bearings, measuring */, X 5/s in., pressed at an angle of '/; deg 
against the face of a 1045 steel disk, as shown in Fig. 2. 

Disk speed was 5400 rpm, giving an average sliding velocity of 
4640 fpm. The load was applied by means of weights which 
acted through a eam not shown in the figure. The load was 
variable betweer. zero and 1200 lb. 
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Lubrication was provided by a fine stream of kerosene (2.7 ec 
per sec) sprayed upon the hub of the disk. The lubrication was 
partial at best; electrical resistance measurements made across 
the kerosene film indicated that metal-to-metal contact occurred 
at all loads. 


PREPARATION OF SLIDER BEARINGS AND Disks 


Thirty-eight different elemental metals were tested as slider 
bearings against 1045 steel disks. Table 1 is a list of the elements 
tested, their known impurities, and pertinent physical properties. 
Data on impurities were furnished by suppliers. Where specific 
impurities are not listed, the element is described as ‘“‘commer- 
cially pure.’’ The hardness given in the table is the indentation 
hardness of the finished slider bearing, measured at room tempera- 
ture with a Tukon microhardness tester, using a diamond pyramid 
indenter. The solubility is the per cent solubility of solid iron in 
molten bearing metal at the melting-point temperature of the 
bearing metal. If the bearing metal has a higher melting point 
than iron, the solubility is that of solid bearing metal in molten 
iron at the melting-point temperature of iron. Solubility data are 
taken from the ‘Metals Handbook,’’ Hansen’s Aufbau der 
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Zweistofflegierungen,”’ and other sources. ‘Periodic Group”’ in- 
dicates the position of the element in the Periodic Table. The 
symbol ‘‘A’’ denotes a “true” metal of the alkali or alkaline earth 
groups. “T’’ denotes a true metal of the transition metal 
group. “IB’’... “VIB” denote the various B-subgroups. 

The slider bearings of various metallic elements were faced off 
by turning in a lathe. They were washed in solvent and air-dried. 
A new slider bearing was used for each test. 

The disks were of 1045 steel hardened to 50 R, or greater to a 
depth of '/o in. and then tempered to 28-30 R.. This steel was 
selected for its low alloy content and satisfactory hardenability; 
an additional reason for its selection is that it is widely used as a 
crankshaft steel in automotive engines. The faces of the disks 
were ground in a special fixture which rotated the disks about an 
axis at right angles to the axis of rotation of the grinding wheel. 
This produced a very flat surface with concentric grinding marks, 
the roughness of which was maintained between 5 and 8 micro- 
inches. Squareness of the faces with the bores was within 0.0005 
in. total indicated runout. Each disk was inspected under the 
microscope for uniformity of surface texture, freedom from em- 
bedded abrasive particles, nicks, skippers, and other surface de- 
fects. A newly ground disk was used for each test. 


TABLE 1 ELEMENTAL METALS TESTED AS SLIDER BEARINGS 


Known Impurities 


Less than 1% Fe, Si, Al, Cu 


Less than 5 ppm of Si, Mg, Cu, 


2=3 Hf, Hf + Zr = 99.7% 


RES 


99.9% pure; traces of other Pt 
group metals and Ag, Au, Cu, Ca 


Same 
Indium 


Tin 
Antimony 


Tellurium 


N, Ca, 
0.8 Fe, balance 


Bariun 
Cerium 


Tantalum 
Tungsten 
9% 3 traces of other Pt 
group metals and Ag, Au, Cu, Ca 


99.99% pure; traces of other Pt 
group metals and Ag, Au, Cu, Ca 


98.5% pure. 0.0 Ca, 0.05 Fe, 
0.5-1.5 thorium oxide 


Melting Point 


Periodic 
Group 


Solubility 


Reuarks 
Per Cent 


Hardness 
Delanium Graphite 


Insoluble 
6.5 


100 


100 
100 
100 


0.0009-0,0028 IL 
(Compound)? 


A 
A 
A 
T 
Tt 
T 
T 
T 
IB 
IB- 


Compound 


34 
100 


0.015 inch thick; 
brazed to silver- 

clad steel back 
100 Same 


0.0004-0.0006 
0.0002-0.000), 
Insoluble 
Compound 
Compound 


Compound 


Insoluble 
Soluble 


Insoluble 
Tnsoluble 
0.0002-0.0004 


Clad on steel 
Puddled on steel 
Sam 

Same 
Electroplated on 
steel; colurner 
Structure 


Sintered 
0.015 inch thick; 


ae 
Atomic Name 
4 Beryllium 1280 
6 Carbon -- 
12 Magnesium 99.99% pure 651 0.926 
. 13 Aluminun 99.99% pure 660 31.1 0.03 
14 Silicon a 120 (4-5)? 
iad 20 Calcium 99.9% pure 810 24.6 
i 22 Titanium 99.5% pure; 0.1-0.3 Fe, 1800 277 | 
0.02-0.08 N, 0.1 C, trace 0 
ay 24 Chromium 1615 glo = Electroplated on 
net 26 Iron 1535 105.5 
ee 27 Cobalt 1480 339 
28 Nickel 1455 Electroplated on 
steel 
29 Copper 1083 
30 Zins 35-4 | 
ee 32 Germanium Po 958.5 798 Bearing fractured 
Jat during test but 
did not damage 
disk 
34 Seleniun 220 93.2 VIB Clad to Delanium 
Graphite back; Se 
Pie extruded under 
test 
Zirconium 1900 121 
Columbium 1950 73.5 
Molybdenum 2620 186 
| 
1553 71.3 
960 31.2 
320.9 22 
155 1.6 I 
231.9 17.7 
| 
ni rare earths 
eo 77 2350 722 37.8 T 
a brazed to silver- 
clad steel back 
| 1063 7307 3< Blectroplated on 
9 nickel 
82 Thallium 303.5 3.5 ITIB Puddled on steel 
23 83 Bismth 271.3 25.69 vB 
92 Uranium, 1130 T 
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PROCEDURE 


In testing various metallic elements as slider bearings, it was 
found that elements (such as lead and tin) which are known to 
have good score resistance against steel are able to carry heavy 
loads without seizing, while other elements (such as iron) which 
are known to have poor score resistance against steel seize at very 
light loads. Accordingly, it was decided to adopt load-carrying 
ability as a criterion for score resistance. 

Four different score-resistance classifications were then defined 
on the basis of an elimination procedure involving testing at three 
different load conditions of increasing severity. These four classi- 
fications are as follows: 

Very Poor Score Resistance Against Steel. The class com- 
prises all elements that fail the first or least severe test in which 
the load is increased uniformly from zero to 300 lb at a rate of 4.35 
lb per sec. 

Poor Score Resistance Against Steel. This class comprises all 
elements that pass the first test but fail the second test in which 
the load is maintained constant at 300 lb for 1 min. 

Fair Score Resistance Against Steel. This class comprises all 
elements that pass the first two tests but fail the third test in 
which the load is maintained constant at 500 Ib for 1 min. 

Good Score Resistance Against Steel. This class comprises all 
elements that pass the 500-Ib constant-load test. 


RESULTS 


Table 2 summarizes the principal results of the tests. 

In most instances at least four different tests were made with 
each metal, a new slider bearing and disk being used in each test. 
The exceptions were the precious metals—rhodium, palladium, 
platinum, and iridium—for which only two runs each were made. 


TABLE 2 SCORE seeing od ELEMENTS AGAINST 1045 


Good Fair Poor Very Poor 
Germanium Carbon Magnesium Beryllium 
Silver Copper Silicon 
Cadmium Selenium Copper Calcium 
Indium Cadmium Zinc Titanium 
Tin Tellurium Barium Chromium 
Antimony Tungsten Iron 
Thallium Cobalt 
Lead Nickel 
Bismth Zirconium 

Columbium 
Molybdenum 
Rhodium 
Palladium 
Cerium 
Tantalum 
Iridium 
Platinum 
Gold 
Thoriun 
Uranium 


The results of the separate tests made with slider bearings of the 
same metal were generally in excellent agreement. A few metals 
exhibited erratic or marginal behavior, successive tests placing 
them in two adjacent classes as indicated by Table 2. These 
were cadmium and copper. In no case did the variation exceed 
two adjacent classes. The widest variation was exhibited by 
copper which in some tests rated high in the “fair’’ class and in 
other tests rated low in the “poor”’ class, 

Fig. 3 shows the appearance (after testing) of a slider bearing 
and disk which have “‘good”’ score resistance. The only evidence 
of sliding contact is the polishing of the edge of the slider bearing 
where it has been in contact with the disk and a corresponding 
polishing of the disk along the circumferential track of contact 
with the slider bearing. Examination of the slider bearing and 
disk under the microscope shows no evidence of metal transfer 
either from the slider bearing to the disk or vice versa. 
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Fic. 3. Antimony Siiver Bearine With 1045 Stree. Disk—Tyrr- 
caL or Goop Meta. ComBINATION 


Fic. 4 Zirconium Beartne 1045 Steer Disk—Typi- 
caL or Very Poor Meta. ComBINnaTION 


Fig. 4 shows the appearance (after testing) of a slider bearing 
and disk which have “very poor’’ score resistance together. Both 
have suffered extensive grooving, tearing, and metal transfer. 
With such materials failure is manifested by sudden stoppage of 
the disk due to seizure of the bearing or by the sudden appearance 
of transferred bearing metal to the disk, accompanied by rapid 
heating, evolution of kerosene vapor and smoke, and in some in- 
stances, showers of sparks and flames. 


CoRRELATION Ov Score Resistance Wits OTner PROPERTIES 
or METALS 


Numerous attempts have been made to relate the score re- 
sistance of metals to other more readily definable properties such 
as melting point, hardness, oxide-forming activity, specific heat, 
conductivity, modulus of elasticity, metallographic structure, and 
the like. These correlations appear to have been suggested, for 
the most part, by experience with a small number of metals. When 
they are re-examined in the light of the more complete data of the 
slider-bearing tests, it is found that they provide what is, at best, 
only a partially successful description of the behavior of metals in 
high-speed sliding contact. 

In studying the results of the slider-bearing tests, the authors 
were able to find only one correlation that agreed with all their 
experimental findings. This correlation may be stated as follows: 

The only elemental metals that had satisfactory score re- 
sistance against steel in the slider-bearing tests were the B-sub- 
group metals that are immiscible with iron or that form inter- 
metallic compounds with iron. All other metals had unsatisfac- 
tory score resistance against steel. 

The fact that the score resistance of metals sliding against 
steel is related to their position in the Periodic Table was first ob- 
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served by Underwood (2) in a paper presented at the Special 
Summer Conference on Friction and Surface Finish at the Massa- 
chusetts Institute of Technology in 1940. Specifically, he noted 
that ali the metallic elements known to have good score resistance 
against steel are found in the odd-numbered rows of Mendeleeff’s 
arrangement of the Periodic Table. This is another way of saying 
that they are B-subgroup metals. 

At the same meeting Ernst and Merchant (3) suggested that the 
mutual solubility of bearing and journal metals should be a factor 
in friction and wear, the best metal pairs being those that are 
immiscible. Shaw and Leavey (4) in England had found a corre- 
lation between solubility and static friction even earlier. 

Both of these conditions—B-subgroupedness and immiscibil- 
ity—are necessary to characterize the metallic elements that have 
good score resistance against steel. Thus copper, zinc, and 
gold, which are B-subgroup metals, have poor to very poor 
score resistance against steel. Likewise calcium and barium 
which have extremely small solubility for solid iron, are poor to 
very poor metals as regards score resistance against steel. 

When both criteria are applied, however, the correlation is 
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excellent. In fact, there are no exceptions among the elements 
tested as slider bearings. All metals that rated good against 
steel satisfied both conditions. Conversely, all metals that satis- 
fied both conditions rated good against steel. 


SoLuBILity oF Iron B-SusGrour METALS 


The constitution diagrams of binary systems containing iron 
and a B-subgroup metal may be divided into three general cate- 
gories; namely, (a) systems of metals that are insoluble, (6) sys- 
tems of metals that form solutions without intermediate phases, 
and (c) systems of metals that form solutions with intermediate 
phases. The last category may be further subdivided, as will be 
shown later. 

Systems of Insoluble Metals. This category comprises binary 
systems in which the elements are immiscible in both solid and 
liquid states, There are no intermediate phases. The constitu- 
tion diagrams consist of series of horizontal straight lines, as 
shown in Fig. 5. 

Some systems in this category are bismuth-iron (reference 5). 
cadmium-iron (all known diagrams incomplete), indium-iron 

(reference 6), lead-iron (reference 7), silver- 
iron (all known diagrams incomplete), and 


thallium-iron (all known diagrams incom- 
1800) plete). 
aaohes Although these metals are called “insolu- 
1600) ee ble,” there is undoubtedly some solubility, 
BL, 1e01° and in a few cases it has been measured. 
Liquid bismuth, for example, will dissolve 
1200! 0.0002-0.0004 per cent of solid iron. For 
= Yele cadmium and silver the solubilities are 
1000 0.0002-0.0004 and 0.0004-0.0006 per cent, 
= respectively. The solubility of solid iron 
600) in liquid indium, thallium, or lead is not 
known. 
ch _ All B-subgroup metals in this category 
400) had good score resistance against steel in 
the slider-bearing tests. 
Systems of Metals Forming Solutions 
° Without Intermediate Phases. This category 
elements form alloys with extended termi- 
Fic. 5 Puase Diacram or Leap-IRon System nal solubility but without intermediate 
phases. A typical constitution diagram is 
160 shown in Fig. 6. 
559° Systems in this category are gold-iron (ref- 
erence 8), and copper-iron (reference 9). 
The score resistance of gold was very 
\ itn poor in the slider-bearing tests, while that of 
1300! \ yeu Py, copper ranged from fair to poor. 
1200) \ Bose Systems of Metals Forming Solutions With 
Intermediate Phases. Metal pairs in this 
P 1100 \ ice category differ widely as regards score re- 
\ : 06 sistance. The observed differences may be 
190g correlated with the constitution diagrams 
which are of two different types: 
(a) Those containing intermediate phases 
‘ composed of intermetallic compounds of 
709 / ty definite stoichiometric composition. 
600) / \ (b) Those containing intermediate phases 
q ¥ composed of solid solutions with a range of 


WEIGHT % GOLD 


Fic. 6 Psase Diacram or Gotp-Iron System 


All B-subgroup metals forming well-de- 
fined intermetallic compounds with iron 
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1600 


WEIGHT % TIN 


Fic. 7 Puase Diacram or System 


WEIGHT % ANTIMONY 


Fic.8 Pxase Dracram or System 


rated fair to good in the slider-bearing tests. These metals 
were as follows: 

Tin (references 10 and 11). Tin and iron form a series of inter- 
metallic compounds corresponding to the compositions FeSn, 
FeSn, and FeSnz. These are indicated on the constitution dia- 
gram Fig. 7, by vertical lines. 

Antimony (reference 12), Antimony and iron form an inter- 
metallic compound of composition FeSb, which is represented by 
a vertical line at 33'/; atomic per cent iron on the constitution 
diagram, Fig. 8. 

Selenium and Tellurium (reference 13). Selenium and tellurium 
are reported to form intermediate compounds of composition 
FeSe and FeTe. 

Germanium (reference 14). Many features of the germanium- 
iron diagram are unknown, The system is reported to contain 
two intermediate phases which are believed to be intermetallic 
compounds. Some sources indicate that the phase occurring on 
the low iron side is suppressed by rapid cooling and is replaced by 
a eutectic transformation at about 800-850 deg. 


Of the B-subgroup metals tested in the slider-bearing tests, only 
zinc forms a series of intermediate solid solutions with iron (ref- 
erences 15 and 16), These are shown as areas on the constitution 
diagram, Fig. 9. Zine had poor score resistance in the slider- 
bearing tests. 

We may now summarize the correlation between the score re- 
sistance of the B-subgroup metals and their constitution diagrams: 


1 B-subgroup metals that are immiscible with iron in both the 
solid and the liquid states had good score resistance in the 
slider-bearing tests. 

2 B-subgroup metals that have extended solid solubility for 
iron had poor to very poor score resistance in the tests. 
Copper, which generally rated poor, rated fair in some tests. 

3 B-subgroup metals that form intermediate phases with iron 
had either good to fair or poor score resistance, depending upon 
the character of the intermediate phases. When the inter- 
mediate phase is a definite intermetallic compound, the score re- 
sistance is good to fair. When the intermediate phase is a solid 
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solution the score resistance is poor. Whether germanium, which 
had good score resistance in the tests, forms an exception to this 
generalization is an open question, owing to uncertainties in the 
germanium-iron constitution diagram. 


MECHANISM OF ScoRING 


It is interesting to speculate on the possible significance of the 
correlation between the score resistance of elemental metals slid- 
ing against steel and their B-subgroupedness and solubility for 
iron. While such speculations certainly cannot be proved, it is 
hoped that they may afford some insight into the mechanism of 
bearing failure and thereby contribute to a rational understanding 
of bearing metals. 

We may start by observing that a bearing-journal combination 
is an exceedingly complex thing. There are at least nine different 
layers of materials to be considered. Starting with the bearing 
metal, we have first a layer of oxides and, depending upon the 
character of the lubricant, possibly sulphides, chlorides, and other 
materials. Over these there may be a layer of soap, produced by 
reaction between the metal oxides and organic acids from the 
lubricant. Over this there may be an adsorbed layer of oriented 
polar molecules from the lubricant. Finally, we have the lubricant 
itself. 

The thickness of these various layers is extremely small. The 
oxides and soap layers may each be on the order of a hundred 
Angstrom units, while the layer of oriented polar molecules is at 
most only a few molecules thick. The thickness of the lubricant 
layer may range from as large as a few thousandths of an inch to 
as small as a few millionths of an inch or less. 

As we move on toward the journal, we encounter the same 
layers in reverse order—first the oriented polar molecules, then 
the soap film, then the oxide layer, and finally the steel of the 
journal itself. 

Although a complete description of the events involved in the 
scoring failure of a bearing would take account of each of these 
layers, the most important aspect of the problem is what happens 
when bare metal slides against bare metal, because the layers of 
oriented polar molecules and soap films offer only weak resistance 
to penetration, while the oxide layer is undoubtedly broken up 
and stirred about, exposing areas of bare metal, when the bearing 
_and journal slide against each other at high speed and under 
heavy load. 


WEIGHT ZINC 


Fic. 9 Puxase DiscramM or Zinc-IRon System 


It is generally held by physicists that all metals will adhere to 
each other when actual metal-to-metal contact occurs. However, 
as the slider-bearing experiments show, this adhesion may range 
from relatively strong to relatively weak. In fact, the scorg re- 
sistance of a pair of metals is simply a measure of the ease with 
which their adhering surfaces may be separated by shearing and 
of the location of the plane of shearing with respect to the inter- 
facial plane. 

With metal pairs that are soluble, scoring and welding readily 
oceur. This suggests that at points of metal-to-metal contact 
there is diffusion or solution of one metal into the other. The con- 
ditions in a bearing-journal combination are very favorable for 
such diffusion. Bowden (17) has shown that when one metal 
slides against another, the heat generated by friction causes melt- 
ing of the surface of whichever metal has the lower melting point. 
This melting-point temperature is the maximum temperature 
that can ordinarily be attained between sliding metals. For the 
usual situation in which the bearing metal has a lower melting 
point than the journal metal, the limiting condition between 
points of sliding contact is thus that of molten bearing metal and 
solid journal metal, both being at the melting-point temperature 
of the bearing metal. 

If the solid journal metal is soluble in the molten bearing metal, 
the resulting junction, when solidification occurs, will be an alloy 
of the two metals, and this will tend to give a strong weld. On 
the other hand, if the solid journal metal is not soluble in the 
molten bearing metal, diffusion of journal atoms into the molten 
bearing metal will be on a greatly reduced scale. Such a junction 
will be weaker, all other things being equal, than the junction be- 
tween miscible metals. 

This argument is supported by the behavior of the B-subgroup 
metals tested in the slider-bearing tests. Without exception, the 
B-subgroup metals that are immiscible with iron had excellent 
score resistance against steel. However, certain other metals, not 
B-subgroup metals, such as magnesium, barium, and calcium, 
which are also immiscible with iron, did not have good score re- 
sistance. The question then arises—What is the special charac- 
teristic of the immiscible B-subgroup metals that sets them apart 
from other immiscible metals as regards score resistance against 
steel? 

An answer to this question is suggested by the nature of the 
binding forces that hold the atoms of the various metals in their 
crystal lattices. 
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Fic.10 Perrtopic or THE ELEMENTS 


Many solid-state physicists regard the metallic elements as 
being of two more or less distinct types—first, the true metals, 
and second, the B-subgroup metals. ‘The true metals com- 
prise the alkali metals, the alkaline-earth metals, and the transi- 
tion metals. These are the elements in columns Ia through VIII 
of the Periodic Table, Fig. 10. They are characterized by pro- 
nounced metallic properties—strong electropositivity, metallic 
luster, ductility and malleability, good thermal and electrical con- 
ductivity. Close-packed structures predominate—body-centered 
cubic, face-centered cubic, and close-packed hexagonal. 

The B-subgroup elements, on the other hand, are characterized 
by a diminution of metallic properties. In any row of B-subgroup 
elements—for example, copper, zinc, gallium, germanium, arsenic, 
selenium, and bromine—there is a steady transition from highly 
metallic to highly nonmetallic properties. At the same time, these 
elements tend to have rather complex crystal structures, 

These changes in metal properties are thought to result from 
changes in the forces that bind metal crystals together. True 
metals are held together by a so-called metallic bond. This bond 
is characterized by the mobility of certain loosely held elec- 
trons—which accounts for the good electrical and thermal con- 
ductivity of true metals and for their ductility and malleabil- 
ity. The B-subgroup elements, on the other hand, are thought 
to possess both metallic and covalent bonding. The earlier B- 
subgroup metals, such as copper, silver, and gold, are thought to 
be principally metallic with regard to bonding while the latter B- 
subgroup metals, such as indium, bismuth, and lead, are 
thought to be more highly covalent. This covalent or shared- 
electron bond is characterized by great rigidity; it is a highly 
brittle bond. 

It is this concept of mobility versus brittleness that has been most 
suggestive of an explanation for the superiority of the B-subgroup 
metals as regards score resistance against steel. Thus the solu- 
bility of a pair of metals determines the number of junctions that 
will be formed on an atomic scale when the metals slide against 
each other. The periodic grouping, whether the metal is B-sub- 
group or true metal, determines the character of these junctions. 

Even though a true metal such as calcium or barium, for ex- 
ample, is immiscible with iron and therefore forms few junctions 
on an atomic scale, it may be that the bonding of these 
junctions is largely metallic. Because of the mobility of such 
bonding, it gives a junction which tends to wipe and smear rather 
than break cleanly, and in this way it is conducive to the forma- 
tion of still more junctions. 


With the B-subgroup metals the bond to iron may not be wholly 
metallic. It may be appreciably covalent, and if so, this may be 
significant in giving a more brittle and more easily broken junc- 
tion, and hence better score resistance against steel. 

The same general reasoning applies to metal pairs forming well- 
defined intermetallic compounds. The good to fair score re- 
sistance of such metal pairs is a consequence of this compound 
formation. Because of the purely covalent bonding of these 
compounds, the junctions are brittle and hence easily broken. 
Damage is confined to the immediate interface, and damage in 
depth is minimized. As we have already seen, the metal pairs 
falling in this category are iron-tin, iron-antimony, iron-selenium, 
iron-tellurium, and possibly iron-germanium. 

While the foregoing hypothesis is consistent with the results of 
the slider-bearing tests, the supporting evidence is circumstantial, 
and material proof is lacking. It is probable that such proof may 
be obtained by electron-diffraction studies of the surfaces 
produced by scoring and nonscoring metal pairs. In so far as we 
have been able to learn, such studies have not been made. In our 
opinion, they offer a promising field for future research on this 
subject. 


ACKNOWLEDGMENT 


The support and encouragement of Messrs. A. F. Underwood 
and B. J. Bidwell are gratefully acknowledged. Thanks are due to 


_ Dr. Cyril 8. Smith and his colleagues at the Institute for the 


Study of Metals (University of Chicago), for helpful criticism. 
Mr. Paul A. Totta, now serving in the U. 8. Air Force, assisted 
with the preparation of the slider bearings and collaborated in the 
preparation of a preliminary communication (18). 


BIBLIOGRAPHY 


1 ‘Some Experiments With Sleeve Bearing Materials,’’ by 
B. Lunn, Trans. of the Danish Academy of Technical Sciences, vol. 2, 
1952, gives an up-to-date review of the literature on score resistance. 
There are 123 references. 

2 ‘Some General Aspects of Rubbing Surfaces,’’ by A. F. Under- 
wood, Proceedings of the Special Summer Conference on Friction and 
Surface Finish, Massachusetts Institute of Technology, Cambridge, 
Mass., 1940, pp. 5-12. 

3 “Surface Friction of Clean Metals—A Basic Factor in the 
Metal Cutting Process,’’ by H. Ernst and M. E. Merchant, op. cit., pp. 
76-101. 

4 ‘Friction of Dry Solids in Vacuo,”"’ by P. E. Shaw and E. W. L. 
Leavey, Philosophical Magazine, series 7, vol. 10, 1930, pp. 809-822. 

5 ‘Metal Reference Book,’’ by C. J. Smithells, Interscience 
Publisher, Inc., New York, N. Y., 1949, p. 295. 


4 
si 
- 
i 


1666 TRANSACTIONS OF THE ASME 


6 Private communication—W. F. Ehret. 

7 ‘Metal Reference Book,” op. cit., p. 319. 

8 ‘Metals Handbook,”’ American Society for Metals, Cleveland, 
Ohio, 1948, p. 1171. 

9 Ibid., p. 1196. 

10 ‘“Tinplate,’’ by W. E. Hoare and E. 8. Hedges, Edward Arnold 
and Company, London, England, 1946, pp. 143-146. 

11 ‘‘The Rate of Formation of Tin-Iron Alloy During Hot Dip 
Tinning as Measured by a Magnetic Method," by A. I. Seybolt, 
Trans. ASM, vol. 29, 1941, pp. 937-952. 

12 ‘‘Metals Handbook,” op. cit., p. 1216. 

13 “Der Aufbau der Zweistofflegierungen,”” by M. Hansen, 
Julius Springer, Berlin, Germany, 1936, p. 748. 

14 ‘‘Metals Handbook,” op. cit., p. 1207. 

15 Ibid., p. 1220. 

16 ‘Galvanizing Handbook,” by J. R. Daesen, Reinhold Publish- 
ing Corporation, New York, N. Y., 1946, p. 24. 

17 “The Friction and Lubrication of Solids,’ by F. P. Bowden 
and D. Tabor, Clarendon Press, Oxford, England, 1950. 

18 “Score Resistance of Bearing Metals,’’ by A. E. Roach, C. L. 
Goodzeit, and P. A. Totta, Nature, vol. 172, August 15, 1953, p. 301. 


Discussion 


A. T. Gwatumey.’ This seems to me to be the first compre- 
hensive paper on scoring. The results are striking, and the in- 
terpretation is an interesting one. It is hoped that the authors 
plan further measurements. 

The writer is surprised that the oxide layer does not play a 
more important part than the interpretation of the authors indi- 
cates. It would be interesting to find out how the good metals 
would behave if oxygen were excluded and the experiments were 
carried out in an atmosphere of hydrogen. There is no obvious 
connection between the properties of the oxides and the position 
of the B-group in the Periodic Table, but results obtained when 
the oxide was largely eliminated would strengthen the proposed 
interpretation of scoring. The influence of crystal face on scoring 
of a pure iron crystal with some good and poor metals would 
be interesting. For example, the bonding of polycrystalline tin or 
copper with an iron crystal (or steel crystal if such were available) 
might depend on the structural arrangement of the iron atoms on 
the different faces. This paper is considered to be outstanding. 


M. E. Mercuant.* The results of the authors’ studies on the 
scoring characteristics of metals in sliding contact are of consider- 
able practical importance and the general principles evolved 
should prove most helpful to all concerned with the choice of pairs 
of metals for service conditions where inherent antiscoring prop- 
erties are needed. The authors and their company are to be 
congratulated on the thorough investigation carried out to test 
the basic principles. 

It is of interest to note the extent to which the principles de- 
veloped correlate with predictions made by Mr. Hans Ernst and 
the writer in their earlier publications on the static friction and 
scoring properties of clean metals, one of which (publications) is 
referred to by the authors. It was there pointed out that mutual 
solid insolubility of pairs of metals is a necessary condition for 
such pairs to have inherent antiscoring properties. To quote from 
a later publication than that referred to by the authors,’ “Bearing 
metals which exhibit quite complete mutual insolubility at the 
temperatures existing at their points of contact, ordinarily have 
inherent antiscoring properties, even when dry! This knowledge 
should be of use wherever problems involving scoring and non- 


’ Department of Chemistry, University of Virginia, Charlottesville, 
Va. 
¢ Assistant Director of Research, The Cincinnati Milling Machine 
Company, Cincinnati, Ohio. Mem. ASME. 

7 “Chip Formation, Friction and High-Quality Machined Surfaces,”’ 
by H. Ernst and M. E. Merchant, Surface Treatment of Metals, 
Trans. ASM, vol. 29, 1941, pp. 299-378. 
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TABLE 3 oA FRICTION COEFFICIENTS OF MIXED PAIRS 


F CLEAN METALS IN VACUUM 


Ratio of interface shear 
strength S of weaker metel 
to hardness H of softer 
metal, obtained from fric- 
tion coefficients of each of Observed value of 

P given metals in contact with friction coefficient 

Pair itself of pair 
(a) Pairs forming solid solutions at room temperature (scoring occurred at 
contact points) 


(b) Pairs mutually insoluble at room temperature (no scoring occurred at 
contact points) 


0.83 0.57 
COM 0.83 0.62 


* This value used to calculate S for Co. 


Nore: For clean metals, » = S’/H 
where » = coefficient of friction 
H = surface hardness of softer metal of pair 
S’ = actual shear strength of metal junctions at 
contact interface between pair—equal to 
or less than shear strength S of weaker 
metal of pair 


abrasive wear of rubbing surfaces arise.” This conclusion was 
reached by study of the data and related theory obtained from 
measurements of static friction on unlike pairs of clean metals in 
vacuum, It is illustrated by the data of Table 3 of this discussion, 
originally published in the paper referred to by the authors in 
their reference (3). However, the authors have found that, for 
metals in sliding contact (kinetic friction conditions), a second 
necessary requirement for inherent antiscoring properties is that 
at least one of the metals of the pair be from the B-subgroup in 
the periodic table. In addition, they have found that formation 
of an intermetallic compound can be substituted for the require- 
ment of immiscibility. This latter finding does not seem to apply 
in the case of static-friction conditions, as may be seen from the 
data on the pair copper-cadmium (Cu-Cd) in Table 3 of this dis- 
cussion, Both copper and cadmium are B-subgroup metals and, 
although they are soluble, are known to form the two intermetallic 
compounds CugCd and CuCd;. Thus, according to the principles 
developed by the authors, this pair should be “antiscoring.” 
Nevertheless, the static-friction value observed shows no reduc- 
tion in interface shear strength S, for this pair, over that for cad- 
mium on cadmium (the softer, weaker metal of the pair), as evi- 
denced by the fact that the observed friction coefficient for the 
pair is identical with the ratio of the shear strength to the hard- 
ness of cadmium alone. Thus scoring of these metals occurred 
when initial slip took place, under the conditions of the test. It 
would appear that either (1) both Cu,Cd and CuCd; are stronger 
in shear than cadmium itself, or (2) what is more likely, these com- 
pounds do not form in sufficient amount under static conditions at 
the contact interface to lower the strength of that interface. 
Under kinetic conditions this situation would be changed and a 
copper-cadmium pair might well show good score resistance. 
Another point of difference which may be noted between the 
authors’ results and those of the writer summarized in Table 3 
of this discussion is the behavior of the pair copper-iron (Cu-Fe). 
The authors find this combination to have fair to poor score re- 
sistance, while the writer’s data show a value of interface shear 
strength S for this pair considerably less than that for copper on 
copper (the softer, weaker metal of the pair), as evidenced by the 
low value of observed friction coefficient for the pair relative to 
the ratio to the shear strength to the hardness of copper alone. 
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Thus no scoring occurred between the members of this pair in the 
writer’s tests. Nevertheless, this only serves to confirm the 
authors’ principles, for it is known that copper and iron are quite 
mutually insoluble at room temperature, but that their solubility 
becomes very considerable at temperatures of the order of those 
occurring at contact points of sliding surfaces. Thus it is to be 
expected that a copper-iron pair would be inherently antiscoring 
under static (or near static) conditions, where the interface tem- 
perature is at (or near) room temperature, but would show poor 
score resistance under kinetic conditions, where interface tem- 
peratures are high. 

One other interesting fact regarding the authors’ findings may 
be seen from Table 3 of this discussion. In their second paper, 
they draw the conclusion, “there is no simple direct correlation 
between the surface damage suffered by the various metallic ele- 
ments in sliding contact with iron and their friction coefficients.” 
This is certainly true as long as the absolute value, only, of the 
friction coefficient is considered. However, as shown by Table 3 
of this discussion, there is a direct correlation possible between the 
value of friction coefficient and surface damage if the value of 
friction coefficient of the mixed pair is compared with the ratio of 
interface shear strength to interface hardness obtained from the 
friction coefficient of each member of the pair in contact with 
itself. Whenever the friction coefficient of the pair is approxi- 
mately equal to this ratio, scoring will occur; whenever it is con- 
siderably less than this ratio, the pair is inherently antiscoring. 


* “Frictional Characteristics and Surface Damage of Thirty-Nine 
Different Elemental Metals in Sliding Contact With Iron,’’ by C. L. 
Goodzeit, A. E. Roach, and R. P. Hunnicutt, published in this issue, 
pp. 1669-1676. 
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AvuTuors’ CLOSURE 


The authors wish to thank Dr. Gwathmey and Dr. Merchant 
for their kindness in preparing discussions for this paper. 

In connection with Dr. Gwathmey’s point on the oxide films 
it may be remarked that the tests reported in this paper were 
carried out at high speed and load under boundary lubrication 
conditions where the oxide film may not have such a profound 
effect as in low-speed tests without lubrication. This is evidenced 
by the list of metals that comprise the group that had “very 
poor’’ score resistance with steel. It is noted that this list in- 
cludes metals having an extreme range of oxide-film character- 
istics. For example calcium and cerium are very reactive and 
form thick nonprotective oxide films; titanium and zirconium 
are also reactive but form thin protective films. Furthermore, 
the platinum group metals and gold are passive toward oxygen. 
The fact that all of these metals (except calcium) alloy easily 
with iron appears to dominate the effect of the oxide films in 
the performance in these tests. As Dr. Gwathmey points out, 
however, tests performed under oxygen-free conditions would 
certainly add much to the theoretical speculations and it is 
hoped that the results of such work may soon appear in the 
literature. 

The comments of Dr. Merchant are welcomed, especially his 
correlation of some of the test results with friction and surface- 
damage data that he obtained. It is unfortunate that the copper- 
cadmium pair is a poor example of metals that react to form 
intermetallic compounds. As Dr. Merchant has mentioned, 
the compounds in this particular case may represent equilibrium 
phases which do not form fast enough to effect the strength of 
junctions formed at the interface of the sliding metals. 
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Frictional Characteristics and Surface 


Damage of Thirty-Nine Different Elemental 
Metals in Sliding Contact With Iron 


This paper describes an experimental investigation of the 
friction and surface-damage characteristics of iron in 
sliding contact with various elemental metals without 
lubrication. No simple, direct relationship was found be- 
tween the value of the coefficient of sliding friction and the 
characteristics of the material transfer between metals. 
It was found that the surface-damage characteristics are 
related to the relative hardness of the metals in sliding 
contact, their mutual solubility, and their ability to form 
intermetallic compounds. 


INTRODUCTION 


T JS well knowa that the value of the friction coefficient of a 
pair of metals is greatly affected by the condition of their 
surfaces. For example, Campbell (1)* measured the friction 

coefficients of such metal pairs as steel and speculum metal, steel 
and steel, brass and brass, and copper and copper, with the sur- 
faces untreated and with the surfaces treated with various chemi- 


TABLE 1 


By C. L. GOODZEIT,' R. P. HUNNICUTT,? ano A. E. ROACH,’ DETROIT, MICH. 


Not only is the friction coefficient affected by surface condition, 
but experience has shown that surface condition (in both physical 
and chemical senses) is an exceedingly difficult quantity to repro- 
duce. The method of surface preparation adopted by many in- 
vestigators has been that of generating a fresh surface by abra- 
sion. Even so, there is usually found to be considerable dis- 
agreement between independent experimental determinations of 
the friction coefficients of various metal pairs. This is illustrated 
by Table 1 which gives the values found by several different in- 
vestigators working with the same metals. As a result, there is 
frequently some uncertainty in utilizing such values in engineer- 
ing analysis and design. 

Moreover, in many technical applications, such as oil-film 
bearings and bushings, ball-bearing separators, and piston rings, 
the basis for selecting metals is usually not friction coefficient 
but surface-damage characteristics. Such parts are designed to 
operate ordinarily with lubrication, and the friction of the parts 
is, under this condition, virtually independent of the friction co- 


Goodzeit, Hunnicutt, 
Roach@¢ 


Shaw, Leavey* Tomlinson? Ernst, Merchant 
Metal (against iron) (against mild steel) (against iron) (against iron) 
Aluminum........ 1.28 0.605 1.05 0. 
Cadmium......... 0.64 0. 
Cobalt 0.54 0. 
Nickel .. 0.69 0.429 1.05 0. 


dry on sandpaper or scraped with a clean blade. 


* Shaw and Leavey’s measurements (3) were carried out in 0.0l-mm vacuum. Specimens were abraded 


omlinson’s measurements (4) were carried out in air at room temperature. Specimens were abraded 
on blue-black emery paper and polnae on wet chamois with chromium oxide. The surface was washed 


with an alcohol-ether-ammonia c 


eaning fluid and scrubbed with cotton. 


¢ Merchant's measurements (5) were carried out on freshly cut, chemically clean surfaces in a high 


vacuum. 


4 Goodzeit, Hunnicutt, and Roach's measurements (11) were carried out in air at room temperature. 


cals. His conclusion was that surface condition is a most im- 
portant factor in such studies, Likewise, Bowden and Hughes (2) 
concluded that surface films have a profound influence on the 
friction of metals. 


1 Research Engineer, Research Staff, General Motors Corporation. 
Assoc. Mem. ASME. 

? Research Metallurgist, Research Staff, General Motors Corp. 

3Supervisor of Bearing Development, Research Staff, General 
Motors Corporation. Deceased, July, 1955. 

‘Numbers in parentheses refer to Bibliography at end of paper. 

Contributed by the Research Committee on Lubrication under the 
auspices of the Lubrication Activity and presented at a joint ses- 
sion with the Research Committee on Metal Processing at the Annual 
Meeting, New York, N. Y., November 28-December 3, 1954, of 
Tue American Society oF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
3, 1954. Paper No. 54—A-53. 


Specimens were washed with acetone and abraded dry in one direction on No. 1 emery paper. 
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efficients of the metals used. It is rather during periods of 
momentary distress involving insufficient lubrication, or exces- 
sive speed, or overload, that the use of suitable metals becomes of 
great importance, and then the desideratum is metals that will 
not score or gall or otherwise suffer surface damage. 

Accordingly, the purpose of this paper is not merely to present 
another table of friction coefficients but to present also such in- 
formation on surface-damage characteristics as may be useful to 
engineers and designers. Specifically, the paper will attempt to 
answer the following questions: 

What is the character of the surface damage suffered by various 
elemental metals when they slide against iron? 

Does the friction coefficient between metals in sliding contact 
give any indication of the surface damage suffered by them? 

Is such surface damage associated with any more easily de- 
finable physical or chemical properties of metals? 


7 
| 
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Fic. 1 View or Friction Test 


APPARATUS 


Fig. 1 shows the general appearance of the apparatus used in 
the experiments. This apparatus, which is modeled after the 
well-known Bowden-Leben (6) apparatus, is simply a convenient 
means of holding, loading, and providing relative motion be- 
tween two test specimens. One specimen (called the plate 
specimen) is in the form of a flat plate; the other (called the 
rider) is in the form of a cylinder with a hemispherical end. 
The plate specimen is mounted on a carriage which moves at a 
uniform slow velocity along horizontal ways. The rider is at- 
tached to a cantilever beam in such a way that its hemispherical 
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end contacts the plate specimen. Fig. 2 shows the arrangement 
of the apparatus in greater detail. For further information con- 
cerning this type of apparatus consult references (6, 7). 


Test SpectmMENS AND THEIR PREPARATION 


Thirty-nine different elements were tested in sliding contact 
with iron. Table 2 is a list of these elements, their known im- 
purities, and pertinent physical properties. The hardness given 
in this table is the indentation hardness of the finished plate spec- 
imen, measured at room temperature, with a Tukon microhard- 
ness tester using a diamond pyramid indenter. The solubility is 
the weight per cent solubility of solid iron in molten plate- 
specimen metal at the melting-point temperature of the plate-speci- 
men metal. If the plate-specimen metal has a higher melting 
point than iron, the solubility is that of solid plate-specimen 
metal in molten iron at the melting-point temperature of iron. 
Solubility data are taken from the ‘‘Metals Handbook”’ and other 
standard sources. 

Plate specimens of various elemental metals measured ap- 
proximately X ®/, X in. 


PLATE SPECIMEN—, 


—RIDER SPECIMEN 


) CANTILEVER BEAM 
PLATE SPECIMEN 


HOLDER 


CARRIAGE 


Fie. 2 Scuematic DiaGRaM or Friction Test MacuIne 


TABLE 2 CHARACTERISTICS OF METALS TESTED 


Known impurities 
Less than 1% Fe, Si, Al, Cu 


99.99% pure 
99.99% pure 


99.9% pure 


Name 
Beryllium 
Carbon 
Magnesium 
Aluminum 
Silicon 
Calcium 
Titanium 


Atomic number 


trace O 
Chromium 
Manganese 


Germanium Less than 5 ppm of Si, Mg, Cu, Pb 
Selenium 
Zirconium 
Columbium 
Molybdenum 


Rhodium 
and Ag, Au, Cu, Ca 
Palladium Same 
ilver 


Cadmium 
Indium 
Tin 
Antimony 
Tellurium 


Barium 98% pure; N, Ca, Mg present 


99.5% pure; 0.1-0.3 Fe, 0.02-0.08 N, 0.1 C, 


2-3 Hf, Hf + Zr = 99.7%, 0.1 Fe, 0.1 Ti 


99.9% pure; traces of other Pt group metals 


Hardness Solubility Remarks 
314 >0.05 
wise 
38. 0.026 
37. 0.03 
(4-5)? 
Ineoluble 
6.5 


Delanium graphite 


Electroplated on steel 
Electroformed 


Electroplated on steel 


(Compound)? 


Csapeunt Clad to delanium graphite 


0.015 in. thick; brazed to silver- 
clad steel back 


me 

Clad on steel; high purity silver 
rolled with steel ingot 

Puddiea on lightly tinned sheet iron 
ame 


Same 
Electroplated on steel 


Insoluble 
Compound 
Compound 
Compound 
Insoluble 


Cerium 
Tantalum 
Tungsten 
Iridium 
Platinum 
Gold 
Thallium 
ead 


Bismuth 
Thorium 


Uranium 


98.05% pure; 0.8 Fe, balance rare earths 


00.509 pure; traces of Pt group metals and 

g, Au, Cu, Ca 

99.99% pure; traces of Pt group metals and 
Ag, Au, Cu, Ca 


98.5% pure; 0.04 Ca, 0.05 Fe, 0.5-1.5 thorium 
salts 


Insoluble 


7 
32.5 
37.8 


100 
34 


Insoluble 
Insoluble 


0.0002-0 .0004 


Sintered 

0.015 in. thick; brazed to silver- 
clad steel back 
me 


Puddled on sheet iron 
suemen on lightly tinned sheet iron 
ame 
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20 

22 

26 Iron 105.5 100 
Na 27 Cobalt 339 100 | 
28 Nickel 644 100 

\ 29 Copper 101.4 4 | 
30 Zine 35.4 0.0009-0. 0028 
ete 32 798 

34 39.2 
40 121 
41 73.5 12 
i 42 186 34 
ae 46 71.3 100 
47 31.2 0.0004-0 .0006 
48 22 0.0002-0 .0004 
= 49 1.6 
51 
56 
38 54.8 
4 
78 91.4 

: 

5. 
92 — 454 


GOODZEIT, HUNNICUTT, ROACH—FRICTION AND SURFACE DAMAGE 


Riders were made of Armco iron, machined in cylindrical form, 
1'/, in. long and '/, in. diam, with hemispherical end. 

Preparation of the specimens was as follows: 

Plate specimens were cleaned in acetone and abraded in one 
direction on No. 1 emery paper. The mounting of the plate 
specimens in the friction apparatus was such that the direction of 
travel was perpendicular to the scratches produced by abrasion. 

Riders were polished before each test by turning first against 
grade 1/0 emergy paper and then against grade 2/0 emery paper. 


PROCEDURE 


Each element was tested under two different normal loads. 
In the first test condition (referred to as Test I) the normal load 
was always 0.6 lb. In the second test condition (referred to as 
Test II) the normal load was proportional to the indentation 
hardness of the plate-specimen metals. For plate-specimen 
metals whose indentation hardness is equal to, or greater than, the 
hardness of Armco iron, the normal load was 1.0 lb. Thus 
the normal load varied over a range of from 0.1 lb for indium (the 
softest element tested) to 1.0 lb for all elements as hard as or 
harder than Armco iron. The purpose of varying the normal 
load in Test II was to equalize the ploughing effect of the rider 
through the soft plate-specimen elements. 

In both Test I and Test IT the velocity of sliding was 0.002 
ips, and the duration of the run was two minutes. The track 
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made by the rider on the surface of the plate specimen was there- 
fore about '/, in. long. 

Surface damage was evaluated in two ways. The first was by 
comparing photomicrographs of the surfaces of the riders and 
plate specimens before and after testing. The second was by 
analyzing the surface of the plate specimens for the presence of 
iron along the track made by the rider. The technique employed 
in these analyses was electrographic spot testing (8) performed as 
follows: 

A piece of gelatin-coated paper is moistened with a reagent 
solution containing potassium ferricyanide and placed in contact 
with the surface of the plate specimen to be tested. A piece of 
aluminum foil is placed over the paper. The resulting sandwich 
is then clamped together under light pressure and an electric cur- 
rent passed through it, the plate specimen being made anodic. 
The presence of even a very small trace of iron on the surface of 
the plate specimen is then indicated by a Prussian blue reaction 
on the gelatin-coated paper. 


REsULTs 


Table 3 summarizes the principal results of the paper. 

At least one run was made with each element under Test I and 
Test II conditions. Where more than one run was made, the 
friction coefficient is recorded separately for each run. The 
difference between the values of the frictional coefficients between 


TABLE 3 PRINCIPAL RESULTS OF TESTS 


Normal load 
0.60 


60 
60 


T 
Element Coefficient 
Beryllium....... 
Carbon 


Magnesium.... 


00 
eco 


Aluminuin.... 


Calcium 
Titanium... . 


= 


Chromium. . . 
Manganese. 


on 
t 


Germanium. . 
Selenium 
Zirconium... . 
Columbium. . . 


Molybdenum... 
Rhodium 
ie 


Tellurium... 
Barium..... 
Cerium ak 
Tantalum.......... 


oo woo 
& 

SSN SNS 


Tungsten... 
Tridium 
Platinum. . 


ss 
o 


8 
K 
8 
K 


Uranium 


Nores: 


S38 S88 S8SSSSSSSSSS SSSSSSSS SSS 


0. 
0 
0.5: 
0. 
0. 
0 
0.5 
0 
0 
0 
0. 
0. 
0. 
0. 
0. 
0.6 
0.3 
0.6 
» 1.3 
0.2: 
,0.% 
0. 
0 
0 
0. 
0. 
0. 
0. 
0. 
0. 
0. 
0. 
0. 
0. 
0. 
0. 


50 
58 
47 
51 
60 
54 
68 
62 
50 
67 
40 
82 
50 


Coefficient 


Evidence of metal transfer———— 
Photomicrograph Spot test 
1.00 Fe on plate Fe on plate 
(Note 1) None Inconclusive (Note 2) 
.46 Mg on rider None 


t IT 
Normal load 


None 

Fe on plate 
(Note 3) 
Fe on plate 


Al on rider 
Fe on plate 
Ca on rider 
Fe on plate 
Ti on rider 
Fe on plate 
Fe on plate 
Fe on plate 
Fe on rider 
Fe on plate Note 4) 
Fe on plate e on plate 
Cu on rider None 

Zn on rider None 

Fe on plate Fe on plate 
None None 

Zr on rider Fe on plate 
Nb on rider Fe on plate 
Fe on plate 
Fe on plate 


Fe on plate 


Fe on plate 

Fe on plate Fe on plate 

Pd on rider Fe on plate 

None None 

Cd on rider None 

(Note 5) None 

None None 

None Trace Fe on plate 
None 

Ba on rider 
Ce on rider 
Ta on rider 
Fe on plate 
Fe on plate 
Fe on plate 
Pt on rider 
Fe on plate 
Au on rider 
Tl on rider 
(Note 7) 


Fe on plate 


Fe on plate 
Fe on plate 
Fe on plate 


BSsseess Ses Sess 


None 
None 
None 
Bi on rider None 
Th on rider 
(Note 8) 


None 
Fe on plate 


Indentation hardness could not be evaluated satisfactorily for determination of normal load in Test II. 
Electrographic spot test obscured by black carbon film transferred to surface of test paper. 


Material too reactive for electrographic spot testing. 


Electrographic spot test obscured by reaction between plate specimen and spot-test reagent. 
Large blob of indium poomeeee on tip of rider under Test I conditions; little, if any, indium transferred to rider under Test IIT conditions. 


6 Material too reactive for electrographic spot testing. 


Little, if any, lead transferred to rider under Test I conditions; little, if any, lead transferred to rider under Test II conditions except in run giving 


7 
0.46 friction coefficient in which there was visual evidence of lead on tip of rider 


Iron transferred from rider to plate under Test I conditions; both iron Seonaiessed from rider to plate and uranium transferred from plate to rider under 


Test II conditions. 


| 
0 48 
te 1) 
168 0 468 
0 32 K 0 35 K 
84,0.81 0 72, 0.63 
Silicon 0 58 
34 
0.57 54 | 
Iron 0.47 0 58 
Cobalt. .... 0.45 43 
Zine ) 0 55 J 
65 
3 52 
55 
4 0 51 : 
‘ 49 
66 
30 
a 75 
Ind 1 75 
4 0 19 
0 28 
43 
88 
53 
57 
52 
Thallium.......... 56 11 
43K 
50 00 
1 
2 
3 
4 
5 
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Test I and Test II conditions was significant only in the cases of 
indium and thallium, the two softest materials tested. The lower 
coefficients for Test II conditions are attributed to the reduced 
ploughing effect. of the rider through these soft metals. 

All elements exhibited smooth frictional bebavior except mag- 
nesium, lead, and bismuth, which exhibited stick-slip behavior. 
For these three elements, therefore, both the static (S) and kinetic 
(K) coefficients are reported. For all other elements, the re- 
ported friction coefficients are the kinetic coefficients. 


Surrace DaMaGE From Stiipine Contact 


In examining the plate specimens of the thirty-nine different 
metals, we found that the surface damage in the rider track was 
of four distinctly different types. Fig. 3 shows these four types 
of plate-specimen surface damage which may be described as 
follows: 

Type 1P. The track is well defined but discontinuous, The 
ridges of the asperities are leveled off and displaced in the direc- 
tion of rider travel. There is no evidence of rider metal welded 
to the plate specimen. 


Fie. Priate-Spectmen DaMaGe CLASSIFICATION 


Type 2P. The track is well defined and continuous. There 
is no evidence of rider metal welded to the plate specimen. 

Type 3P. The track is poorly defined. In some areas the 
original asperities are still distinguishable; in others they are 
smeared away. Pieces of rider metal are welded to the plate 
specimen, and these are often displaced in the direction of rider 
travel. 

Type 4P. The track is poorly defined. 


The original as- 


TABLE 4 SURFACE-DAMAGE CHARACTERISTICS OF PLATE 
SPECIMENS 


Type 1P Type 2P Type 3P Type 4P 
Magnesium Carbon Titanium Beryllium 
Selenium Aluminum Tron Silicon 
Silver Calcium Columbium Chromium 
Tin Copper Manganese 
Antimony Zine Tantalum Cobalt 
Tellurium Zirconium Uranium Nickel 
Gold Palladium Germanium 
Lead Cadmium Molybdenum 
Bismuth Indium Rhodium 

Barium Tungsten 
Cerium Iridium 
Platinum 

Thallium 


Thorium 
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TYPE 2R 


Riper-DaMaGe CLASSIFICATION 


Fic. 4 


Pieces of rider metal are welded to 


perities are still intact. 
them. 

Table 4 classifies the various plate-specimen metals according 
to the type of surface damage that they suffer when in sliding con- 
tact with an iron rider. 

In like manner, four distinctly different types of surface damage 
may be distinguished in the contact areas of the iron riders. 
These are illustrated in Fig. 4 and are as follows: 

Type 1R. The contact area is poorly defined. The original 
asperities are still visible. There is no evidence of plate-spec- 
imen metal welded to the rider. 

Type 2R. The contact area is well defined. There is evi- 
dence of plate-specimen metal, frequently in the form of a 
definite blob, transferred to the rider. 

Type 3R. The contact area is well defined. Pieces of plate- 
specimen metal may be distinguished in some portions of the 
contact area. In other portions of the contact area there is 
evidence of removal of rider metal. 

Type 4R. The contact area is well defined. The original 
asperities are leveled off and displaced toward the trailing edge 
of contact. There appears to be no plate-specimen metal 
welded to the rider. 

Table 5 classifies the iron riders according to the type of surface 
damage which they suffer when in sliding contact with various 
plate-specimen metals. 

By comparing Tables 4 and 5 it may be seen that rider damage 
Type 1R is found only with plate-specimen damage Types 1P 
TABLE 5 SURFACE-DAMAGE CHARACTERISTICS OF IRON 


RIDERS IN SLIDING CONTACT WITH INDICATED PLATE SPECI- 
MEN METALS 


Type 1R Type 2R Type 3R Type 4R 
Carbon Magnesium Titanium Beryllium 
Selenium Aluminum Iron Silicon 
Silver Calcium Columbium Chromium 
Tin Copper Manganese 
Antimony Zine Tantalum Cobalt 
Tellurium Zirconium Uranium Nickel 
Lead Palladium Germanium 

Cadmium Molybdenum 
Indium Rhodium 
Barium Tungsten 
Cerium Iridium 
Platinum 

Gold 

Thallium 

Bismuth 

Thorium 


TYPE 1 — | 
| 
TYPE 1P TYPE 2P 
TYPE TYPE 4P 
3 
fe 


or 2P. These combinations of damage types indicate little, if 
any, plate-specimen material transferred to the rider and no 
rider material transferred to the plate specimen. 

Rider damage Type 2R is also found only with plate-specimen 
damage Types 1P and 2P. With these combinations of damage 
types, material is transferred from the plate specimen to the 
rider, but there is no transference of material from the rider to the 
plate specimen. 

Rider damage Type 3R is found only with plate-specimen 
damage Type 3P. Material is transferred both from the rider to 
the plate specimen and from the plate specimen to the rider. 

Rider damage Type 4R is found only with plate-specimen 
damage Type 4P. Material is transferred from the rider to the 
plate specimen but not from the plate specimen to the rider. 


CoRRELATION OF FricTIoN CoEFFICIENTsS WITH 
SurFaceE-DaMAGE CHARACTERISTICS 


Table 3 shows that there is no simple direct correlation be- 
tween the surface damage suffered by the various metallic ele- 
ments in sliding contact with iron and their friction coefficients. 
Thus, while the metals (silver, tin, antimony, and tellurium) 
which have the lowest friction coefficients with iron invariably 
suffer little or no damage (Type 1P or 2P) and cause little or no 
rider damage (Type 1R), certain other metals (indium and lead) 
with the same damage characteristics have the highest friction 
coefficients. 

Metals giving Type 2R rider damage with Type 1P or 2P 
plate-specimen damage tend to exhibit erratic frictional charac- 
teristics. Magnesium and bismuth, for example, give stick-slip 
motion, while aluminum, indium, barium, and thorium have the 
highest friction coefficients of any of the metallic elements tested 
against iron. 

Metals giving Type 3R rider damage with Type 3P plate-speci- 
men damage or Type 4R rider damage with Type 4P plate- 
specimen damage have relatively uniform friction coefficients. 
With the exception of germanium all these metals have co- 
efficients close to '/>. 


CoRRELATION OF SuRFACE DamaGe 
PuysicaL Properties or METALS 


Bowden (7), Holm (9), and others have shown that the true 
area of contact between contacting solids is extremely small, and 
therefore the contact pressures are large, approaching the yield 
point of the weaker material as a limit. As a consequence of 
these high pressures, very high local temperatures are generated 
between sliding solids; in the case of metals, these temperatures 
may approach the melting point of the lower-melting metal. 
Such conditions of high pressure and high temperature favor the 
formation of local welds between sliding metals. The making 
and breaking of these local welds are thought by many workers in 
this field to be a major part of metallic friction. 

Examination of the plate specimens of the various metals 
tested by the present authors shows that a number of them 
(specifically those with Type 3P and 4P damage) have particles of 
iron adhering to their surfaces. The fact that these particles 
are iron is established by the electrographic spot tests. The 
experiments, therefore, tend. to substantiate, for metals showing 
Type 3P and 4P damage, the mechanism of metallic friction 
outlined in the foregoing. 

The surface damage suffered by metals in sliding contact is 
likewise a consequence of the formation and shearing of welded 
junctions. In particular, surface damage is greatly affected by 


the location of the piane of shearing with respect to the interface 
of the metal pairs. 

Metal pairs giving Type 1R rider damage with Type 1P or 2P 
plate-specimen damage are those for which the shearing process 
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occurs at the interface of the iron rider and metal-plate spec- 
imen. With these metal pairs there is little if amy evidence of 
plate-specimen metal transferred to the rider and no evidence 
of rider iron transferred to the plate specimen. 

Metal pairs giving Type 2R rider damage with Type 1P or 2P 
plate-specimen damage are those for which the shearing process 
occurs only within the plate-specimen metal. Consequently, 
there is plate-specimen metal visible on the tip of the rider. 

Metal pairs giving Type 3R rider damage with Type 3P plate- 
specimen damage are those for which the shearing process occurs 
indiscriminatively in the rider metal and the plate-specimen 
metal. 

Finally, metal pairs giving Type 4R rider damage with Type 
4P plate-specimen damage are those for which the shearing 
process occurs only within the rider metal. Plate-specimen metals 
in this class give a positive electrographic spot test for iron. 

In a study of the “score resistance’’ of elemental metals in 
high-speed sliding contact with steel it was found by the au- 
thors (10, 11) that the ability of metallic elements to resist scoring 
and seizing against steel is related to (a) their position in the 
periodic grouping of the elements and (6) their solubility for 
iron or their ability to form intermetallic compounds with iron. 
Specifically, it was found that metals having the greatest resist- 
ance to scoring are those that are immiscible with iron or that 
form stable intermetallic compounds with iron. The same gen- 
eral correlation was found in the present friction and surface- 
damage tests. Thus there were no soluble metal pairs that 
gave shearing at the interface. With all soluble metal pairs 
shearing occurred in the plate-specimen metal and/or in the 
rider metal. This may be seen by comparing the solubility and 
hardness data of Table 2 with the surface damage ratings of 
Tables 4 and 5. 

Furthermore, the location of the plane of shearing with respect 
to the interface for soluble metal pairs is determined by the rela- 
tive hardnesses of the metals. Metals giving Type 1P or 2P 
plate specimen damage with Type 2R rider damage (metal trans- 
ferred from the plate specimen to the rider but little, if any, metal 
transferred from the rider to the plate specimen) all have indenta- 
tion hardnesses less than that of iron at room temperature. 

Metals giving Type 3P plate-specimen damage with Type 3R 
damage to the iron rider are all soluble with iron and all harder 
than iron at room temperature. With such metals the shearing 
process occurs both in the rider metal and in the plate specimen 
metal. 

Metals giving Type 4P plate-specimen damage with Type 4R 
damage to the iron rider are all very much harder than iron. 
All such metals (excepting possibly germanium) are also soluble 
with iron. When such metals slide against iron, the shearing 
process occurs in the iron. These observations suggest that the 
shear strength of the metallic junctions between two soluble 
metals in sliding contact is greater that that of either of 
the metals themselves. 

With metal pairs giving Type 1R rider damage with Type 1P 
or 2P plate-specimen damage (little, if any, metal transferred from 
the plate specimen to the rider, and no metal transferred 
from the rider to the plate specimen) shearing occurs at the inter- 
face of metallic contact. Such metals are either immiscible 
with iron or else form well-defined intermetallic compounds with 
iron. Thus silver and lead at their respective melting points 
each dissolve less than 0.001 per cent of solid iron. Tin, anti- 
mony, selenium, and tellurium form well-defined stable com- 
pounds with iron. 

These observations suggest that with insoluble metal pairs the 
number of atomic bonds in the junction is limited and hence the 
junction is weak, while with metal pairs forming intermetallic 
compounds the junction is composed of such compounds and 
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hence is brittle. In either case, the junction tends to shear more 
easily than either of the uncombined metals. The shearing 
process therefore occurs in the interface, and damage in depth 
is minimized. 


CoRRELATION OF ExPERIMENTs WITH 
ENGINEERING EXPERIENCE 


Only a few engineering applications involve elemental metals 
in sliding contact with iron or steel. Experience with these ap- 
plications, although limited, is in good agreement with the results 
of the experiments. 

It would be expected that metals giving Type 1P or 2P plate- 
specimen damage with Type 1R rider damage (no metal transfer ) 
should perform extremely well in service. This is confirmed by 
experience. Silver, for example, is successfully used as a coating 
to reduce surface damage on such parts as separators for high- 
speed rolling-contact bearings. Lead and tin are used on such 
parts as pistons for internal-combustion engines; with such soft 
metals it is essential that the coating be very thin to prevent 
smearing. There is little or no experience with elemental anti- 
mony, selenium, and tellurium. 

Metals giving Type 1P or 2P plate-specimen damage with 
Type 2R rider damage (plate-specimen metal adhered to top of 
rider but no rider metal adhered to plate specimen) include those 
with both good and bad service histories. Cadmium, indium, 
thallium, and bismuth are known to provide protection against 
surface damage when applied in very thin films. When used in 
thick coatings, they tend to smear. This is doubtless what hap- 
pens in the friction apparatus—the rider pushes a blob of plate- 
specimen metal ahead of it, and this blob of metal is found plas- 
tered to the rider tip at the end of the run. In marked contrast, 
magnesium, aluminum, copper, and zinc have a generally un- 
satisfactory record as regards surface damage; these metals tend 
to pluck and tear when rubbed against iron or steel at high speed. 
Practically no engineering experience is available concerning cal- 
cium, zirconium, palladium, barium, cerium, platinum, or tho- 
rium. 

Of the metals giving Type 3P plate-specimen damage with 
Type 3R rider damage (transfer of metal from both specimens) 
only iron and titanium are engineering metals. Both are sensi- 
tive to surface damage when rubbed against iron or steel. 

Several of the metals giving Type 4P plate-specimen damage 
with Type 4R rider damage (transfer of rider metal to plate spec- 
imen but no transfer of plate-specimen metal to rider) are used 
as hard coatings to prevent surface damage. These are notably 
chromium, tungsten, cobalt, and nickel. These metals tend to 
‘file’ away the part against which they slide; hence they should 
be made as smooth as possible to minimize surface damage. 
Likewise, they should mate with parts of equal hardness. An 
example of the use of such materials is a hardened alloy-steel 
gear running in mesh with another hardened alloy-steel gear. 
Here surface finish and hardness are crucial in minimizing surface 
damage at high speeds. 
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Discussion 


F. P. Bowpen® anp D. Taspor The authors have made a 
valuable attempt to correlate the friction and wear behavior of 
metals with their relative physical properties. All workers in the 
field will recognize the value of the systematic and extensive 
experimental work carried out. They may perhaps not agree 
with some of the details quoted. For example, in our experience 
it is difficult to prevent the transfer of indium to harder metals 
under any conditions of clean sliding. 

The authors show that the coefficient of friction between metals 
provides little indication of the amount of wear and surface 
damage. This is a conclusion well supported by work in our 
laboratory and arises from the fact that the friction is determined 
by the over-all strength of the interfacial junctions; i.e., the 
specific shear strength multiplied by the area of real contact. 
This does not vary greatly from one metal to another so that for 
most metallic combinations yu, the coefficient of friction, is be- 
tween uw = 0.5 to uw = 1.5. On the other hand, the surface 
damage depends on whether shearing occurs exactly at the inter- 
face (negligible wear) or a short distance away from it. Thus 
in an investigation using radioactive tracers it was shown that for 
clean sliding between various metal combinations the surface 
transfer could vary by a factor of a hundred or more without 
any corresponding systematic variation in yu. 

The authors suggest that the primary factor determining the 
extent of the surface damage is the mutual solubility of one metal 
in the other. We agree that at high speeds of sliding, where 
frictional heating may be sufficient to produce surface melting, 
mutual solubility of the sliding materials will influence the fric- 
tion and surface damage. However, at the extremely low speeds 
of sliding used in the authors’ work the temperature rise produced 
by frictional heating can only be of the order of a few degrees C. 
It is difficult, therefore, to see how melting can take place or 
why mutual solubility in the ordinary sense of the phrase can 
be of importance at these very low speeds. It is true that 
the final classification of the wear damage appears to support 
the authors’ hypothesis but many other physical and chemical 
properties provide similar classifications. In our experience 
the sliding process between unlubricated metals depends in a 
critical and complex way on a number of physical properties 
such as the hardness of the metal, its ductility, and on the thickness 
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and nature of the oxide film present on the metal surface. The 
behavior also depends on the conditions under which sliding 
occurs, such as the load, the speed, the type of deformation of the 
surface asperities, and the temperatures generated at the sliding 
interface. For these reasons it seems to us somewhat unreal to 
attempt to pin down the frictional and wear characteristics of 
metals to any one single parameter. 


L. Grunsperc.’ The correlation of the type of damage oc- 
curring in frictional contact and the physical characteristics of 
metals proposed by the authors is very ingenious, It is, however, 
doubtful whether a time-dependent process such as the formation 
of intermetallic junctions can properly be assessed in terms of a 
time-independent physical constant such as equilibrium solubility. 
Although the apparent contact between rider and plate at the 
velocity employed in the experiment may have been of the order 
of 10 sec, the actual contact at individual junctions and the time 
for which the junctions were at the melting temperature could at 
best have been of the order of 10-* see. Even if it were assumed 
that sufficient metal diffused at the point of contact, then the 
basis of the correlation should be diffusivity and not solubility. 
It would be interesting to know whether the authors have at- 
tempted a correlation of the friction results with diffusion con- 
stants, for which some data are available. 

Also, while it is agreed that oxide films may disintegrate in 
frictional contact, the residual material must remain in the 
contact zone and may become intermingled with the metal. 
The mechanical properties of the mixture of metal and oxide 
which result from this process may be of greater importance 
than the small amount of metal diffusing across the junction in 
the brief periods of contact and high temperature. 

While the paper quite rightly directs attention to the physical 
processes which are involved in frictional contact, the conclusion 
that solubility is the main factor involved cannot easily be ac- 
cepted. 


E. Rasinowicz.’? The authors have collected a large number 
of data obtained with a Bowden-Leben type apparatus. Having 
worked with such an apparatus and some of the same metals, 
the writer can confirm both the general accuracy of the observa- 
tions and the value in assembling them. There is, however, 
one point in the paper which can be clarified. 


Fie. 5 


The authors obtained a great difference in friction coefficients 
with the metal indium at the two loads 0.6 and 0.1 lb, and at- 
tribute the difference to ploughing. Now, from the work of 
Bowden and Tabor* we can readily calculate the importance of 
the ploughing term and find that the friction coefficient f, 
produced by ploughing as shown in Fig. 5 of this discussion, may 
be written as 


4 p’ L" 


* Department of Scientific and Industrial Research, Mechanical 
Engineering Research Laboratory, Lubrication and Wear Division, 
Thorntonhall, Glasgow, Scotland. 

7 Massachusetts Institute of Technology, Cambridge, Mass. 
* See authors’ Bibliography (7). 
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where p’/p is a geometrical ratio and signifies the different 
resistances of the metal to penetration in the horizontal and ver- 
tieal directions. Bowden and Tabor found an experimental 
value of 1.5 and hence 


0.36L)/2 
p'?D 


. [2] 

Substituting values given in the paper, D = 6.2 mm, p = 1.6 
kg/mm?, L = 0.27, and 0.045 kg, we obtain f, values of 0.024 
and 0.010 at the two loads, their difference being 0.014. This 
is nearly two orders of magnitude smaller than the difference 
observed, 0.51 (1.32 — 0.81); hence the change in friction co- 
efficient with load must be due to some factor other than ploughing. 

Probably the different friction coefficients were produced by 
different degrees of metal transfer. A recent treatment’ dem- 
onstrates that changes in load can alter markedly the percentage 
of one metal covered during sliding by fragments of another, 
and it seems likely that at the higher load the sliding was largely 
indium on indium (f = 2.0), at the smaller load, steel on indium 
(f = 0.5). Note 5 to Table 3 in the paper confirms this supposi- 
tion. 

The practical importance of this metal-transfer phenomenon 
is that valid friction readings for metal pairs, one of which is 
soft, cannot be obtained in a sliding distance as great as '/, in., 
unless very small loads are used. At high loads we might ex- 
pect the friction coefficient to rise steadily during the run as 
metal transfer increased. Was this behavior observed by the 
authors? 


AvurHors’ CLosuRE 


The authors wish to express their gratitude to Messrs. Bowden 
and Tabor, Grunberg, and Rabinowicz for their kindness in 
preparing discussions for this paper. 

Friction and surface damage, as Messrs. Bowden and Tabor 
point out, is such a complex process that it cannot be interpreted 
in terms of a single parameter. The authors did not wish to 
convey the idea that mutual solubility and compound formation 
between sliding metals explains friction and surface damage, but 
merely wished to emphasize these factors which have received 
so little attention in the literature. 

The authors also wish to clarify the point concerning mutual 
solubility mentioned by Messrs. Bowden and Tabor: 

Basically, friction and surface damage is related to two funda- 
mental factors, the true area of metal-to-metal contact between 
a pair of sliding metals and also the relative strength of the junc- 
tions at areas of metal-to-metal contact to the strength of the 
base metals. Oxide films, boundary lubricants, surface geometry, 
and relative hardness affect the area of metal-to-metal contact. 
Mutual solubility, on the other hand, appears to affect the 
strength of the junctions. The experiments reported in this 
paper were carried out in order to try and determine what prop- 
erties of metals affect the strength of the welded junctions rather 
than the amount of the area of metal-to-metal contact. In the 
true sense, this is a question of alloying ability or diffusivity 
rather than mutual solubility, and, in addition, the type of binding 
forces that hold the atoms of the metals in their crystal lattices. 
Therefore the best way to interpret the experiments would be 
in terms of diffusion data or data on the alloying tendency of 
different pairs of metals. However, such data were not available 
for many of the pairs of metals tested. Solubility data were then 
used as a guide to the alloying ability of the various metal 
pairs. Thus the authors have used the term, “mutual solubility’’ 


**The Importance of Wear Fragments During Sliding," by E. 
Rabinowicz, Fundamentals of Friction and Lubrication in Engineer- 
ing, The American Society of Lubrication Engineers, Chicago, IIl., 
1954. 
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rather than alloying ability of diffusivity only as a matter of 
convenience. Therefore, in very slow sliding where frictional 
heating is of such a low order that localized melting does not take 
place, the friction and surface damage should really be looked at 
in terms of alloying ability or the ability of the two metals to 
diffuse at areas of metal-to-metal contact even though they are 
not in the liquid state. The authors feel that the low-speed ex- 
periments reported in the paper show the effects of strong and 
weak junction formation at the areas of metal-to-metal contact. 
Metals, with pronounced alloying tendencies, tend to form strong 
junctions and the only metals that formed relatively weak junc- 
tions were those pairs with low alloying tendency or those 
that tend to form brittle and friable intermetallic compounds 
with iron. 

The comments of Mr. Grunberg are pertinent to the foregoing 


TRANSACTIONS OF THE ASME 


NOVEMBER, 1956 


discussion and the authors are in agreement that diffusivity is a 
more realistic approach to the interpretation of the test results. 
Sufficient diffusivity data were not found at the time of the writinge 
to interpret the experiments. However, solubility data give a 
good qualitative idea of the alloying tendency of metal pairs. 

Dr. Rabinowicz’s observations on the effect of ploughing and 
metal transfer on the friction coefficient is evidenced by the re- 
sults of the tests reported in the paper. The rider specimens 
for the soft metals such as indium, lead, and thallium showed 
blobs of metal transferred to the contact areas when tested at 
high load. An examination of the corresponding friction traces 
shows that the friction increased as the rider moved across the 
plate specimen and received the transferred metal. The high 
friction values for these soft metals therefore appear to be caused 
by the metal sliding against itself. 
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D1aGRAM OF THE CLOSED FoR TestinG CENTRIFUGAL COMPRESSORS 


Closed Systems for Testing Compressors 


By R. M. JOHNSON,' PHILLIPSBURG, N. J. 


The closed system is discussed in its broad applications 
to the shop testing of centrifugal and displacement com- 
pressors. The essential requirements for the design and 
operation of test systems to use various gases are reviewed. 
Instrumentation and procedures necessary to meet the 
ASME Power Test Code standards of accuracy are con- 
sidered in detail. Suggestions are made for code revisions 
needed to bring closed-system testing more fully within 
the scope of the test codes. 


INTRODUCTION 


‘ ‘ YITHIN the past ten years there has been a phenomenal 
increase in the applications of centrifugal compressors 
serving the chemical, petroleum, and natural-gas 
industries. The extremes of operating conditions seem to 
have no fixed bounds. Machines have been built for inlet pres- 
sures ranging from a high vacuum to 1000 psi, and with discharge 
pressures as high as 2000 psi. The gases pumped have widely 
diversified physical properties. The k-values range from 1.1 
to 1.64, and the mole weights vary from 4to 140. From the view- 
point of factory testing, these machines cannot be treated as 
simple air compressors. Many of them cannot be operated 
safely with open intakes. Of necessity, the closed system has 
become commonplace for development and performance testing. 
It is the object of this paper to describe the closed system and 
the associated apparatus as applied to the performance testing of 
centrifugal compressors. An attempt will be made to summarize 


1 Engineer in Charge, Engineering Test Department, Ingersoll- 
Rand Company. Mem, ASME. 

Contributed by the Hydraulic Division and presented at a joint 
session of the Hydraulic and Gas Turbine Power Divisions at the 
Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Toe American Soctrety or MecaanicaLt ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 29, 1955. Paper No. 55—A-157. 


practical experience with closed-system testing using air, natural 
gas, helium, steam, and Freon, in which the working pressures 
have varied from a vacuum to more than 2000 psi. Particular 
attention will be given to the merits and limitations of the 
system, as related to ASME Power Test Code procedures. 


Tue CLosep-System Test Loop 


Fig. 1 shows the schematic arrangement of apparatus for 
testing a multistage centrifugal compressor. The pipe forms 
a closed loop, connecting the discharge to the inlet. The essen- 
tial elements are the cooler, the throttle valve, the flow nozzle, 
and the measuring stations for pressures and temperatures. 
External facilities, not shown, include compressors and receivers 
for handling the gas with which the system is charged. 

Fig. 2 shows a similar arrangement as applied to displacement 
compressors. It differs from Fig. 1 primarily in the use of re- 
ceivers and pipe arrangements for the control of pulsation. The 
merits of this system will be discussed later. 

Use of the closed system for testing rotating machines is proba- 
bly as old as the flow nozzle. After the development of tight 
shaft seals, it was a simple step to build setups for testing with 
any dry gas. Owing to high cost, closed-loop tests have been 
generally restricted to research work. It is the relatively recent 
increase in applications of centrifugal compressors for gases other 
than air, that has forced the use of closed systems for commercial 
factory testing. 

Unlike the open system, the closed loop provides great flexi- 
bility in the manipulation of inlet pressure and inlet temperature. 
This, in turn, controls the inlet density and the power require- 
ment of a given machine. The control of these variables is pre- 
cise, equilibrium of pressures and temperatures is more quickly 
established, and there is less fluctuation to contend with. Such 
features improve the accuracy of measurements and extend the 
scope of useful testing far beyond that of the open system which 
can be used only with atmospheric air. 

The volume of a closed system is surprisingly small in relation 
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to the rated capacity of the compressor. For example, the total 
loop volume of a setup used t6 test a 5000-hp unit discharging 
at 2000 psi was less than 100 cu ft. This fact is of great commer- 
cial significance in view of the wide variety of gases which can 
be transported in steel cylinders at reasonable cost. 

The heat exchanger 


There are other important advantages. 
provides another method of measuring the power input to the 


compressor. Unlike the heat-balance’ method (described in 
PTC 10),? it is completely independent of the gas properties. 

Closed systems have become a useful adjunct to manufacturing 
operations. With these systems it is possible to operate the com- 
pressor at design loads, pressures, and temperatures, to check 
shaft seals, eliminate leaks, and to prove the over-all mechanical 
condition of the unit. If the machines have labyrinth-type shaft 
seals, the leakage can be measured accurately. As the gas is not 
necessarily wasted, it becomes economically feasible to measure 
over-all performance with a gas of physical properties for which 
the machine was designed. 


Test-Loop Design ror CENTRIFUGAL COMPRESSORS 


The essential dimensions of a test loop are governed by the 
sizes of the compressor connections and the pipe lengths neces- 
sary to accommodate the flow nozzle and heat exchanger. The 
pipe diameters must match at the compressor flanges. At the 
flow nozzle, they must not be less than two times the nozzle 
throat diameter to meet code requirements. The wall thickness 
of the pipe also must be sufficient to withstand the operating 
pressures. 

The design of the heat exchanger and the flow nozzle requires a 
careful estimate of the compressor characteristics, such as the 
volume rate, the power input, the inlet temperature, the inlet 
pressure, and the discharge pressure. The range of these varia- 
bles to be covered for a complete test is likely to develop critical 
situations (design problems). 

The pressure loss of the circuit cannot exceed the available 
pressure rise of the compressor at any volume rate, The cooler 
capacity must handle the maximum heat load when the tempera- 

2 ASME Power Test Code 10, Centrifugal, Mixed Flow, and Axial 
Flow Compressors and Exhausters, 1949. 


ture difference between the gas and the cooling water is minimum. 
For the centrifugal compressor, it is important to note that maxi- 
mum volume and maximum power coincide approximately with 
minimum pressure rise and minimum temperature rise. Control 
of friction loss of the cooler is often the key to a successful loop 
design. 

A test loop to meet pressure-drop limitations is likely to be 
more difficult to design and more expensive to build for machines 
of low pressure rises, and especially so when the inlet-gas den- 
sities are also low. The pipe sizes will be large relative to the 
power input, and cooler designs must be chosen for minimum 
pressure loss. For this purpose, solid-core, extended-surface 
elements, similar to the familiar automobile radiator, have been 
used. Less expensive, and slightly higher in pressure loss, are 
the finned-tube arrangements. Smooth tubes with baffles and 
crossflow design, as conventionally used for compressor inter- 
coolers and aftercoolers, are suitable and most economical where 
5 to 10-psi pressure loss is tolerable. Shell stresses limit the use 
of these coolers for high gas pressures. 

Where large pressure drops are available, it is good economy 
to use “gas-through-the-tube”’ cooler designs. For these coolers 
the tubes can be long and of small bore. The shell is not sub- 
jected to the stress of gas pressure. Fig. 3 illustrates the cooler 
design used for a 5000-hp compressor working at 1000 psi inlet 
pressure and 2000 psi discharge pressure. The tube sheets are 
welded to a heavy-wall pipe section; the water shell is welded out- 
side. The tube bundle contains 200 tubes, 4/z in. OD, 18 BWG, 
20 ft long. 

The throttle valve should be as small as possible within the 
limits of available pressure rise. Plug-type valves are best 
suited to high pressure. Too large a valve is unnecessarily more 
expensive and makes flow regulation more difficult. On the 
other hand, too small a valve may limit the range of the test. 
Valve-loss data at high velocities are not usually available, and 
selections must be tempered with judgment. 

For gas pressures above 125 psig, all-welded joints are preferred 
for reasons of low cost, and for the prevention of leaks. Flanged 
joints are necessary only at the compressor nozzles, at the flow 
nozzle, and at the throttle valve. 
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Facilities for draining off liquids which inadvertently get into 
the system must be provided in the basic design. Where pos- 
sible, the pipe should be pitched to a single low point and a drip 
connection of generous size installed. The upstream side of the 
flow nozzle forms a natural separator when the pipe is horizontal 
and is an effective location for a drain connection to remove 
liquids while the system is in operation. If the gas cannot be 
wasted, this drain must be piped into a collecting tank. To 
function properly the drain connection must be located in regions 
of relatively low velocity. 

In addition, the pipe system must contain numerous small 
tapped connections for charging the gas, for purging, and for 
iustruments to indicate pressures and temperatures. These 
will be discussed in detail. 


INSTRUMENTATION 


The measurements usually required for determining over-all 
performance are the pressures and temperatures of the gas, the 
flow rate, the speed, the power input, and the physical properties 
of the gas. Instrumentation for these measurements will be 
discussed from the viewpoint of ASME Power Test Code pro- 
cedures. Specific reference is made to PTC 10, the Code for 
Centrifugal and Axial Flow Compressors, 1949, to indicate which 
of its provisions applies and to point out wherein they might be 
improved for closed-system testing. 

The location of measuring stations for pressure and tempera- 
tures, prescribed for the inlet and the discharge in PTC 10, are 
believed to be adequate and practical for the closed circuit where 
the gas-velocity pressure does not exceed 5 per cent of the total 
pressure. It should be noted that traverses with delicate pitot- 
tubes are not practical at high pressures and can be avoided by 
selecting pipe sizes to hold the gas velocity below 125 fps. 

The code specifies thermocouples or thermometers in wells for 
temperature measurements. Here a word of caution is in order. 
The wells must be designed to withstand the prevailing pressure 
and velocity without vibration. A broken well can be particu- 
larly hazardous in the closed system. 

Pressures may be measured with calibrated Bourdon-tube 
gages, dead-weight gages, or U-tube manometers. The range of 
these instruments must be suitable for the prevailing pressure. 
The selection of manometers for the differential pressure across 
the flow nozzle becomes a problem at high pressures. The prac- 
tical safe limits for */s-in-bore manometer tubing is around 500 
psig. For higher pressures, the differential must be measured 
with dead-weight gages. These should have not less than '/; psi 
sensitivity. 

Where the working pressure is above the safe range of glass 
manometers, the inconvenience of dead-weight gages prolongs 


unduly the task of setting test points. This situation can be 
corrected by the syphon-type differential gage. These gages 
are available for very high static pressures and a wide selection 
of differential-pressure ranges. They are particularly useful for 
indicating changes in flow. These gages are recommended only 
to supplement, not to replace, the dead-weight gage. 

The ASME long-radius flow nozzle is recommended as the pre- 
ferred device for measuring flow rates in the closed system. It 
is adaptable to systems for high pressure and the pipe diameter 
need not be larger than two times the nozzle throat. The code 
specifies a minimum pipe length of 10 D upstream, and 5 D down- 
stream where D is the internal diameter of the pipe. Pressure 
taps are located 1 D upstream and '/, D downstream. The 
temperature station is3 D upstream. Straightener vanes are re- 
quired. The code rules for manufacture and installation of the 
flow nozzle have been proved by experience, and strict adherence 
will insure the most reliable measurements. 

Where high heads are available, it is good economy to select 
the flow-nozzle diameter for the maximum pressure differential 
consistent with the instrument to be used for its measurement. 
Contrary to some current opinions, there is no improvement in 
accuracy due to a low differential pressure. Discharge coeffi- 
cients are likely to be more reliable at critical flow and are particu- 
larly unreliable at low values of Reynolds number. 

For the measurement of shaft| power, several methods are 
described in the current Code, PTC 10. These include the cali- 
brated electric motor, the cradled dynamometer, the Amsler 
type torsion dynamometer, and the heat-balance method. In 
view of high speeds now common to centrifugal compressors, 
only the heat-balance method is of much use. Another method, 
already mentioned, is available in the cooler circuit of the closed 
system. 

With few exceptions, the cooling-water circuit of a test loop 
can be arranged to measure the shaft power with high accuracy. 
After equilibrium is established, the power input to the cooler 
must equal the energy input to the gas. The shaft input is 
accounted for by the energy transfer from the gas to the cooling 
water, plus radiation and bearing losses. The radiation loss, 
normally less than 2 per cent, can be computed by the usual 
methods, or for practical purposes, eliminated with glass-wool 
insulation. The bearing losses, normally less than '/: per cent, 
can be computed from oil-cooler measurements. 

For accurate measurement of the heat input to the cooling 
water, special precautions are required for determination of the 
quantity and temperature rise. The venturi, or the flow nozzle, 
used for measurement of the flow rate, must be calibrated inte- 
grally with the pipe run with which it is used. The thermometers 
must be of laboratory grade, with scales selected to suit the 
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operating range, and graduations for reading to the nearest 
‘/i deg F. They should be set in wells for full immersion. 
Care must be taken in selecting the well locations to avoid 
stratified flow conditions. Duplicate instruments for each 
measuring station will provide a safeguard against instrument 
error. A high degree of accuracy should not be expected when 
the temperature rise of the cooling water is less than 20 deg F. 

Equilibrium of temperatures is extremely important when 
accurate power measurements are to be made by the cooler 
circuit. The cooling-water supply pressure must be steady. 
Sometimes a separate pumping system is required to remove the 
pressure fluctuation common to factory water systems. If the 
cooler is too large, a recirculating pump may be necessary, and in 
this case the heat added by the pump must be accounted for and 
subtracted. 

A third method for measuring the shaft power of high-speed 
compressors is the strain-gage torque meter. It has been used 
successfully for about 10 years in the range of 8000 to 10,000 
rpm. It is particularly applicable for factory testing where 
turbine drivers are used in permanent test stands. Its conven- 
ience, sensitivity, and readability are excellent. When used in 
circumstances where the power measurement can be checked 
simultaneously with another method, this torque meter is con- 
sidered reliable. It deserves a proper recognition in the test 
codes. 

Speed measurements have a eater significance when the 
compressor is operated on a closed system. Owing to the small 
volume, normal fluctuation in speed may produce unacceptable 
disturbance of pressures and temperatures. For control pur- 
poses, a tachometer capable of indicating 0.2 per cent changes in 
speed is essential. If the torque meter is used, average speed 
should be measured with counters accurate within 0.1 per cent. 
In these respects, the prevailing code tolerances appear inade- 
quate. 

In closed-circuit testing, instruments for frequent measure- 
ment of the gas gravity are necessary. When air is used, the 
dew-point apparatus may be employed to indicate accurately the 
amount of water vapor present. Dew-point apparatus is availa- 
ble in two types. In one type the dew point is measured directly 
by adjusting the refrigeration on a metal mirror; in the other 
type, a fog is produced by adjusting the pressure. Both are 
reliable. For other gases, the specific weight may be compared 
directly to dry air with the gravity balance. Test engineers are 
indebted to the natural-gas industry for the development of a 
portable, precise, and reliable instrument known as the Acme gas 
gravity balance. Its use is limited to dry gases and the technique 
for its proper use should be described in the codes. 

It is also necessary to know the k-value of a gas mixture for 
computing flow rates and the theoretical power. If the pres- 
sures are high, it is likewise necessary to take into account super- 
compressibility. Unfortunately, there are no instruments 
available for measuring these properties directly on the test 
floor. They must be computed from the laboratory analysis of 
a sample and they are therefore dependent upon the reliability 
of the sample. The lack of on-the-spot measurements for k 
and supercompressibility is probably the most pressing instru- 
mentation problem related to closed-circuit testing. Detailed 
procedures for the taking of samples, the analysis of the sample, 
and the computation of k and supercompressibility should be 
incorporated in the test codes. 


OPERATING PROCEDURE FOR CENTRIFUGAL COMPRESSORS 


The importance of scrupulous cleanliness during the assembly 
of a closed-system test lcop cannot be overemphasized. Pipe 
scale, welding beads, bits of gasket material, and other loose 
foreign materials inadvertently left in the pipe, can cause serious 
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damage to the compressor, expensive delays, and worthless test 
results. 

When tests are to be made with gases other than air, the 
elimination of leaks is imperative. After the usual hydrotest, 
small leaks may be located with soap bubbles. by pressurizing 
with air. The Halogen gas-leak detector may be used for further 
refinement. 

The shaft seal is an integral part in the process of leak elimina- 
tion. Wherever feasible, it is advantageous to make preliminary 
trial runs with the system pressurized on air. This procedure 
will usually show the tightness of the over-all system and at the 
same time afford opportunity to prove the mechanicai functions 
of the compressor assembly. The effectiveness of the drain con- 
nections for removing liquids should be tested at this time. 

The shop air supply is a valuable asset for getting the closed 
system into operation. Booster compressors will be needed 
where the system is above that of the shop supply. Suitable 
precautions must be taken to eliminate water and oil which are 
likely to be present in shop air lines. Good aftercoolers and 
separators are indispensable. If the air charge is to be used for 
performance, the presence of either water or oil may spoil the 
test. 

The removal of air before charging with the test gas is often 
necessary. Two common methods are used, evacuation and 
dilution, the choice depending upon the cost and the degree of 
air removal desired. If the supply of gas will permit, the resid- 
ual-air component can be reduced to any desired value by 
repeated charging and blowing down. Evacuation will require 
mechanical pumps. Vacuum pumps of the displacement type 
are available for exhausting down to the micron range (less than 
1 mm Hg abs.). Three or four-stage steam jets will do a better 
job and much faster. The use of the evacuation method may be 
limited by the type of shaft seals used on the compressor. With 
the oil types, there is the problem of removing a small internal 
oil flow. 

During a normal test operation, it is usual practice to hold 
speed and inlet pressure constant, and to vary the volume rate 
for a series of test points. To do this, the gas charge must be 
adjusted for each volume point. This procedure requires 
facilities for charging and removing gas during the test. If the 
gas is too expensive to waste, suitable storage tanks and a com- 
pressor will be needed. 

Not to be overlooked are some minimum precautions for 
safety. A relief valve should be provided to prevent accidental 
overpressure beyond the safe limits of the system. Depending 
upon the type of gases, there may be other safety precautions, 
for the prevention of fire, explosion, or a build-up of a toxic atmos- 
phere. For example, the accumulation of oil in a system charged 
with air may, under certain conditions, become a source of fire 
and overpressure. A temperature-actuated device for automatic 
shutdown in the event of cooling-water failure can be justified in 
many circumstances. The proper use of the rupture disk as a 
safety device should not be neglected. 


Gases For Factory Trestinc or CENTRIFUGAL CoMPRESSORS 


There is a considerable variety of gases which have been used 
successfully in closed systems for shop testing. These include 
air, steam, carbon dioxide, nitrogen, helium, natural gas, hydro- 
gen, and a number of the common refrigerants. There are many 
others that might be used, the choice usually being limited by 
cost, availability, and the prevailing safety requirements. Where 
it has been impractical to use the specified gas, substitutes have 
been employed with much success. 

The ideal substitute gas should have the same physical prop- 
erties as the specified gas. In practice, any combination of k 
and mole weight which will produce the design volume ratio with 
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specified speed is usually accepted as commercially satisfactory. 
In the closed circuit, it is the adjustment of inlet density that 
controls the power input, and permits some jeeway in the values 
of k and mole weight. 

The term “volume ratio’’ as used here, means the inlet-volume 
rate divided by the discharge-volume rate. Although there are 
other factors, such as vapor pressure and viscosity, which may 
affect performance in some degree, they are generally of minor 
importance. 

From the viewpoint of Power Test Code standards of accuracy, 
the permissible deviation of k and mole weight should be 
re-examined for closed-circuit testing. With open-inlet testing 
on air, the engineer is accustomed to dealing with a considerable 
variation of inlet density due to normal fluctuation of atmospheric 
pressure, temperature, and humidity. The present code, PTC 
10, permits a deviation of 10 per cent in inlet specific weight or 
mole weight and 5 per centink. Although these limits actually 
exclude a considerable portion of commercial testing, they tend 
to favor the use of substitute gases in closed systems. 

Air can be used in the closed system as a useful substitute for 
a considerable range of gases. Within present code limitations, 
the k-values can vary between 1.33 and 1.47, and mole weights 
between 26.0 and 31.8. This range of properties might even be 
extended where the pressure ratio is low, providing a correct speed 
and volume ratio are held. However, air fails conspicuously as 
a substitute for machines of high pressure ratios when the needed 
k-values are in the range of 1.6 and the mole weights are around 
10. 

In certain cases mixtures of gases will provide the needed 
substitute. By adjusting the proportions of air and helium, it 
was possible to produce the specified volume ratio with rated 
speed for a compressor designed to compress refinery gas where 
the mol weight was 6.0, and the k-value 1.40. The prevailing 
values of k and mole weight for the test mixture were computed 
from gravity-balance measurements. 

Mixtures of air and Freon, F115, have been used where gas of a 
high mole weight was needed to determine performance at Mach 
numbers above 1. In this instance a small portion of air was tol- 
erated to avoid elaborate purging, and the properties of the mix- 
ture were calculated from gravity-balance measurements. 

Steam also has served as a substitute gas for proving the 
mechanical operation at high pressures and temperatures. 
There is no basic reason, however, to prevent its use for perform- 
ance testing, provided precautions are taken to prevent con- 
densation. High temperatures would call for more elaborate 
insulation. The torque meter would solve the power-measuring 
problem if radiation loss became too high for reliable use of the 
heat-balance methods. 

Supercompressibility should be given consideration in the 
selecting of gases for loop testing. The deviation from Boyle’s 
law will vary with the kind of gas, the pressure ratio, and the 
inlet pressure. With natural gas, for example, the deviation is a 
matter of 8 to 9 per cent between 14.6 and 1000 psia. It is 
unwise to attempt performance testing with gases for which the 
compressibility factors are not well established. The Displace- 
ment Compressor Code, PTC 9,° 1954, gives a method for approxi- 
mating these factors from a chemical analysis. 


Crrcurts ror DispLACEMENT CoMPRESSORS 
There are several features of the closed circuit which rermit 
improved accuracy in the testing of displacement compressors. 
Essential arrangement of the apparatus has already been men- 
tioned in connection with Fig. 2. 
The power consumption of displacement compressors is par- 


* ASME Power Test Code 9, Displacement Compressors, Vacuum 
Pumps and Blowers, 1954. 
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ticularly sensitive to cooling-water fluctuations and the differ- 
ential between the inlet-air and the inlet cooling-water tempera- 
tures is of considerable importance. The control of this differen- 
tial has for a long time been considered subject to the prevailing 
weather, a matter quite beyond engineering effort. This is the 
viewpoint of the 1954 ASME code, PTC 9, for displacement com- 
pressors, and it is justified primarily by the limitations considered 
unavoidable in the field testing of air compressors. These 
limitations do not prevail in shop testing. 

The closed circuit provides complete control of the tempera- 
ture difference between inlet gas and inlet cooling water and 
thereby eliminates a troublesome situation. As specific weight 
has no effect on power, the inlet-gas temperature can be set at any 
convenient value to suit prevailing temperatures of the cooling 
water and a specified value of temperature difference maintained. 
In addition, the inlet pressure is easily controlled. By measuring 
the amount of charging gas, the total external leakage can be 
evaluated continuously throughout the test. 

The pulsating-flow characteristic, inherent with displacement 
compressors, calls for special precautions in the design and instru- 
mentation of the system. If resonance occurs at either the inlet 
or the discharge of the compressor, pressure waves of abnormal 
amplitude are likely to appear. These waves can upset normal 
performance and defeat the test effort. To avoid resonance, the 
receiver volumes and the pipe dimensions must be selected care- 
fully. The completed setup must be checked for wave ampli- 
tudes before the test is attempted. Small receivers are required 
in the gage lines used for pressure measurements. The procedure 
for dealing with these problems is covered adequately in the 1954 
Test Code, PTC 9. 

When the compression ratio is above 2.5 it is practical to use 
critical-flow nozzles to measure capacity. This permits much 
smaller nozzles which are more easily calibrated, and eliminates 
the need of the downstream pressure measurement. Flow 
coefficients are likely to be considerably more reliable with 
critical flow owing to the higher Reynolds number. 

The closed system has been used successfully for shop tests on 
air compressors. It is adaptable to other gases. It provides a 
precise contro] of the cooling problem and eliminates the need for 
intercooling corrections. The variable effects of water vapor in 
air can be either controlled or eliminated. Accuracy of the inlet- 
temperature measurement is appreciably improved. The poten- 
tial error from uncertain external leakage is automatically 
eliminated. Inlet pressure can be adjusted to any specified 
value, a feature useful for the testing of boosters as well as for 
eliminating the effects of barometric fluctuation. 


SuMMARY 

From the foregoing discussions it is evident that some knotty 
problems face the Power Test Code Committee in their attempt 
to revise the Centrifugal Compressor Code for testing with gases 
other than air. There is a need of general formulas for expressing 
performance of the centrifugal machine. These must be suitable 
for evaluating changes in head and efficiency when the gas proper- 
ties deviate from those specified. 

In this effort, it appears desirable to set up parameters for each 
of the essential variables likely to be dealt with in the course of 
practical testing. These will include such items as speed, volume, 
inlet specific weight, mole.weight, k, volume ratio, supercompressi- 
bility, ete. The effect of each of these variables on performance 
requires careful analysis from the viewpoint of closed-loop testing. 
In the final code, acceptable commercial limits for each of the 
variables must be agreed upon. 

The use of substitute gases for commercial testing calls for a 
rigorous study of the physical properties. When mixtures of 
gases are used it appears necessary to measure mole weight and k 
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value during the test. For many gas mixtures these measure- 


ments may not be possible with available instruments, 


Discussion 


C. F. Kornta, 3rp.4 This seems to be an excellent paper and 
we have little to offer except compliments. It is certainly true 
that PTC 10 is inadequate for testing of this nature, and prompt 
revision thereof will be of tremendous value to the industry. It 
also will tend to clear up some misconceptions which appear to 
exist in certain quarters, mostly because of incomplete evaluation 
of the gas dynamics involved. 

The author makes the point that gas properties must be 
selected for the test which will result in the design volume ratio 
through the machine. We believe that a further consideration 
is important—that of Mach number or the ratio of gas velocity 
to the local sonic velocity at various points within the compressor. 
The performance of a compressor varies considerably with the 
Mach number, particularly when tip speeds and/or Mach num- 
bers are high at the design point. 

We try to select a gas such that both the design density ratio 
(= volume ratio) through the machine and the design Mach 
numbers are simulated as closely as possible. The test speed is 
usually not the design speed, unless the test gas is similar to the 
design gas. 

It is usually found that, for gases lighter than air, tests can be 
run on air at reduced speed and the proper volume ratio and 
Mach number can be simulated closely. For gases heavier than 
air, it is almost always necessary to use a special test gas, e.g., 
Freon. 

Where the test speed as calculated from the foregoing considera- 
tions is different from the design speed, we would run mechanical 
tests at full speed to check seals, thrust bearings, case deflections, 
and soon. In extreme cases, it may be necessary to use different 
gases in the loop for performance tests and mechanical tests. On 
‘platforming’ compressors, for example, where the molecular 
weight is about 6.0 and the k-value about 1.39, performance tests 
are run on air at about 50 per cent of rated speed. The pressure 
level is not vital for performance tests, except that efficiency 
usually improves 1 or 2 points at the high pressures. For 
mechanical tests at rated pressure, air would require far too much 
horsepower, so a mixture of helium and air—mostly helium—is 
used. Note that the helium-air mixture would not be suitable 
for performance tests because of the high k-value of helium. 

This paper should do much toward encouraging the industry to 
look with favor on testing of this nature. For a relatively small 
cost per machine it furnishes valuable data on the machine being 
tested. It also provides valuable information for future develop- 
ment which otherwise would probably not be obtained for a long 
time and which will pay off in better compressors for the future. 


T. O. Kurvinen.’ The writer was very ably aided by Messrs. 
B. C. Thiel and John Fullemann in reviewing the author’s paper 
on “closed systems,’’ and the following is a consolidated discus- 
sion: 

4 Assistant Chief Engineer, Compressor Department, De Laval 


Steam Turbine Company, Trenton, N. J. Mem. ASME. 
&’ The Cooper-Bessemer Corporation, Mt. Vernon, Ohio. 
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We feel that this is an excellent paper revealing a wealth of 
experience obtained by the author. He is to be congratulated 
on this presentation. We fully agree with him on the wisdom 
of using closed loops, not only for research, but for production 
tests too. 

One of the merits of closed systems (implied by the author but 
not spelled out in detail) is the evaluation of Reynolds-number 
effect (i.e., seale effect) on performance, which can be done easily 
by changing pressure levels. The author also mentions the need 
to consider supercompressibility and the fact that testing should 
not be attempted on gases where the compressibility effects are 
not well established. It is our belief that equipment is now 
available from instrument manufacturers whereby a simple 
method, originated by Dr. Burnnett of the Bureau of Mines, may 
be used to determine compressibility factors for the gas under 
consideration. 

The present test code requires long straight runs after turns 
to insure accuracy. For large pipe sizes this becomes bulky 
and expensive. Does the author know if there is any activity 
considering relaxing the code toward shorter straight runs if 
turning-vane cascades are used instead of standard tube turns? 
Cascades provide better flow-energy distribution downstream 
than plain turns in the piping. 


AvuTHorR’s CLOSURE 


The remarks by Mr. Koenig are well taken. They summarize 
the variables involved and emphasize the complexity of the 
problem. 

Among these variables he mentions Mach number, which the 
author failed to include in the paper. When testing with sub- 
stitute gases it is easy to get into serious trouble if velocities with- 
in the impellers approach the speed of sound. To avoid this pit- 
fall it is necessary to examine the impeller design before a substi- 
tute gas is chosen. 

A reference was made to the use of test speeds as low as 50 per 
cent of the rated speed. Although this is consistent with current 
theories of fluid dynamics, there is strong hesitancy on the part of 
some designers to accept tests where the speeds vary widely from 
the design value. For this reason the code limitations on the 
speed deviation must remain conservative. 

Mr. Kuivinen, quite correctly, calls attention to the possibility 
of investigating the Reynolds-number effect by the simple expedi- 
ent of changing the pressure level. It is to be expected that the 
experience with closed-system testing will produce some good 
papers on this subject in the near future. 

Regarding the economic limitations of long pipe lengths speci- 
fied in the present code, it will be observed that the code rules are 
of necessity conservative. The author has successfully used 
short pipe lengths by fitting elbows with turning vanes. It 
should be remembered, however, that short pipes cannot be 
safely used without investigating the prevailing velocity distribu- 
tions with a pitot-tube traverse. These investigations are in 
themselves time-consuming and expensive and it may be cheaper 
to use longer pipe. 

The comments by Mr. Koenig and Mr. Kuivinen are all con- 
structive and contribute substantially to the development of the 
subject. 
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The Slotted-Blade Axial-Flow Blower 


By H. E. SHEETS,’ GROTON, CONN. 


The slotted blade applies boundary-layer control to the 
blades of axial-flow blowers. This offers a means to design 
axial-flow blowers for higher efficiencies, or higher pressure 
coefficient, or possibly a combination of both. Test data 
of an experimental blower are presented, indicating blower 
efficiencies to 94 per cent and stage efficiencies to 96 per 
cent with high-pressure coefficients corresponding to a 
maximum flow deflection of about 52 deg. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


ce = blade chord 

= impeller tip diameter, ft 
impeller hub diameter, ft 
total head, ft 
revolutions per sec 
specific speed 

volume of flow, cfs 

blade pitch 

absolute velocity, fps 
circumferential velocity of impeller tip, fps 
relative velocity, fps 
flow coefficient 

pressure coefficient 

total efficiency 

density of air 

hub ratio 


Other symbols will be defined in the text. 


D 
Duy 
H 
n 
n, 
Q 
t 
v 
u 
w 
p 
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INTRODUCTION 


The slotted blade applies boundary-layer control to the blades 
of an axial-flow blower. The subject of boundary-layer control 
has attracted considerable attention in respect to the isolated air- 
foil (1),* but few data exist for its application to the blades of tur- 
bomachinery. The object of boundary-layer control is to delay 
the transition from a laminar to a turbulent boundary layer, 
théreby reducing skin friction, or to prevent boundary- 
layer separation, thus increasing permissible blade loading. 

Boundary-layer control has been accomplished by the applica- 
tion of either suction or pressure te the boundary layer. One 
system uses an independent source of suction, or pressure, to re- 
move or add fluid to the boundary layer; whereas another system 
uses slots or auxiliary airfoils, and accomplishes the same effect 
by using the pressure difference between the upper and lower sur- 
faces of the airfoil for boundary-layer control. In the form of 
slotted flaps, boundary-layer systems are used on standard air- 
plane wings, and a number of experimental airplanes have been 


1 Chief Research and Development Engineer, Electric Boat Divi- 
sion, General Dynamics Corporation. Mem. ASME. 

* Numbers in parentheses refer to Bibliography at end of paper. 

Contributed by the Compressor Committee of the Hydraulic 
Division and presented at a joint session of the Hydraulic and Gas 
Turbine Power Divisions at the Diamond Jubilee Annual Meeting, 
Chicago, Ill., November 13-18, 1955, of Taz American Society or 
MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, Sep- 
tember 7, 1955. Paper No. 55—A-156. 


flown with various types of suction and ejection systems operated 
from an independent pressure source. 

The advantages of boundary-layer control systems for blades of 
compressors have been recognized (2), but experimental data 
have been disappointing. Tests using suction slots energized by 
an independent pressure source, as well as tests with slotted blades 
energizing the boundary layer by flow from the lower to the upper 
blade surface indicate about 75 per cent efficiency, a lower ef- 
ficiency than for standard blades (3). The low efficiencies are 
ascribed to the increased profile drag caused by the slots and to the 
blade arrangement which produces large secondary flows, causing, 
in turn, high losses. A higher pressure coefficient and higher turn- 
ing angles have been achieved. 

The application of boundary-layer control to the blades of 
turbomachinery is considerably more complex than its application 
to the isolated airfoil because of the added problems of secondary 
flow (2), of three-dimensional effects due to the twisted blades, of 
radial distribution of flow, and of the effects of centrifugal force 
and pressure distribution on the boundary layer. 

An analysis of boundary-layer control applied to the blades of a 
blower is presented herein. The slotted-blade construction is 
used, producing boundary-layer control by means of the flow from 
the lower to the upper surface in cascades of airfoils. Variables 
for the geometry of the slot are analyzed, and test data are sub- 
mitted for one blower, resulting in both high efficiency and pres- 
sure coefficient. 


ANALYsIS 


Boundary Layer. The boundary layer is the film of fluid im- 
mediately adjacent to the blades moving the fluid through the 
impeller. In this boundary layer, viscous forces predominate, 
whereas, outside the boundary layer, viscosity is unimportant be- 
cause the velocity gradient is small. There are two types of 
boundary layer, namely laminar and turbulent. In the lam nar 
layer, the flow is smooth and without eddies. In the tarbulent 
layer a large number of relatively small eddies exist. These 
eddies in the turbulent boundary layer induce transfer of momen- 
tum from the outer parts of the fluid, moving with high velocity, 
to the fluid film close to the surface, resulting in a velocity dis- 
tribution having a higher velocity near the surface. Because of 
this mechanism of fluid flow, skin friction of the turbulent 
boundary layer is higher than for the laminar flow. 

For ideal fluid flow, the flow analysis on airfoils is represented 
by pressure and velocity distribution as a function of airfoil 
chord. The boundary-layer flow at its outer limit equals the ideal 
flow, but, due to the viscous forces, the flow within the boundary- 
layer is more complex. In the areas of flow deceleration, the 
loss of speed is greater for the particles of fluid in the boundary 
layer than for those in the outer flow because of the reduced 
kinetic energy in the boundary layer, thus limiting boundary- 
layer flow against adverse pressure gradients. The particles of 
the fluid within the boundary layer actually may reverse their 
motion if the rise in pressure exceeds a critical value, and then 
the flow is separated from the airfoil. 

Turbulent boundary layers are less inclined to separation than 
laminar layers because of the increased interchange in momen- 
tum. If laminar-flow separation occurs, the flow may leave the 
surface permanently or reattach itself in the turbulent boundary 
layer. If turbulent-flow separation occurs, it can affect the flow 
through the guide vanes or the next row of blades. 
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Flow through airfoils displays a region of laminar flow be- 
ginning at the leading edge. Further downstream, at approxi- 
mately the location of the minimum pressure, there is a transi- 
tional region in which the distribution of the mean boundary- 
layer velocity changes, and finally, there is a region of fully 
developed turbulent motion. As the fluid moves over the airfoil, 
the boundary layer is initially thin in the laminar-flow section, 
and thickens as the flow prog;resses along the surface and changes 
to a transitional and turbvient boundary layer. The extent of 
the laminar, transitional, 2ad turbulent boundary layer along the 
airfoil is a function of the blade geometry, blade loading, Reynolds 
number, and turbulence. in the general flow stream. In addition, 
irregularities on the surface may cause an earlier transition to 
turbulent flow. Thickness, sud increase in thickness, of the 
boundary layer are a function of the local pressure gradients, 
Reynolds number, and surface conditions. If no separation oc- 
curs, the airfoil drag is primarily caused by skin friction and the 
value of the drag depends mainly on the relative amounts of 
laminar and turbulent boundary-layer flow. For further analysis 
of the drag, the relationship between pressure distribution and 
frictional intensity is of particular interest. 


10.0 


1000 To 


Fic. 1 Frictionat INTENSITY AND PRESSURE ON THE UPPER 
Surracr Versus Arrrort CHorp 


The total drag of the airfoils in cascade consists of form drag 
which is a function of the normal pressure and skin-friction 
drag which is associated with the tangential stress acting on the 
surface of the airfoil or frictional intensity (4). Frictional intensity 
is also defined by multiplying the velocity gradient in the bound- 
ary layer at the airfoil surface with the viscosity of the air (5). 
Thus frictional intensity can be determined experimentally. Fig. 
1 shows data of pressure distribution and frictional intensity both 
in dimensionless form by dividing their corresponding values by 
the value of free-stream energy '/.pv* for the upper surface of an 
airfoil. On the upper surface, frictional intensity has one maxi- 
mum value near the forward section, and a second and larger 
maximum value a certain distance downstream on the airfoil 
chord. The transition from laminar to turbulent flow in the 
boundary layer takes place in the region between these two 
maximums. Usually the transitional region moves toward the 
forward section as the blade loading increases. Distribution of 
normal pressures indicates that the transitional region is situated 
just downstream of the point of lowest absolute pressure. The 
distribution of frictional intensity on the lower surface resembles 
that on the upper surface, but the maximum values are smaller. 
It appears that the frictional intensity reduces toward the trail- 
ing edge, provided that no separation of flow occurs on either the 
upper or lower surface. It must be remembered that the values 
for frictional intensity will vary just like the values for pressure 
distribution with airfoil parameters like camber, thickness, cas- 
cade solidity, and stagger angle, and for the same airfoil it will 
vary with blade loading or angle of attack. Attempts to prevent 
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the boundary layer from becoming turbulent, or separating from 
the body, by means of suction or biowing systems, are termed 
“boundary-layer control,” 

The National Advisory Committee of Aeronautics, NACA (6), 
has developed laminar-flow airfoils by designing airfoils of such a 
configuration as to give a slowly decreasing pressure distribution 
over a predetermined extension of the chord of the airfoil. The 
theory has been developed (7, 8) so that it can supply the shape 
of an airfoil to give a calculated velocity and pressure distribu- 
tion, including consideration of the boundary layer in cascades (9). 
The laminar-flow airfoils have a laminar boundary layer over a 
certain extension of the chord, with sudden change in pressure 
gradient and transition to turbulent boundary layer. Airfoils 
have been designed with laminar flow to about 60 per cent of the 
blade-chord length. There are distinctive advantages of low 
drag when these airfoils are used within the range of optimum con- 
ditions for which they are designed. However, these airfoils are 
sensitive to proper blade loading. Fig. 2 shows the lift and drag 
coefficients for one conventional and two laminar-flow airfoils. 
Outside the normal range of blade loading, the laminar-flow air- 
foil can have a higher drag coefficient than conventional airfoils. 

In cascades of airfoils for blowers, there is a pressure gradient 
between the inlet and the exit of the blade row resulting in higher 
local values of deceleration and pressure increase on the airfoil, 
as shown in Fig. 3. In this figure it is apparent that the pressure 
rise along the low-pressure side of the airfoil in cascade is con- 
siderably steeper than the equivalent rise in the case of the iso- 
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lated airfoil. Cascades of blowers become considerably more 
sensitive in their transition from laminar to turbulent boundary 
layer and to separation as the pressure increase per row of blades 
is increased. 

The Slotted Blade. The slotted blade establishes a flow from 
the lower to the upper side of the airfoil for the purpose of 
boundary-layer control. This results in a sink and boundary- 
layer removal on the lower side of the airfoil, and a source with 
ejection of fluid on the upper side of the airfoil. In order to 
achieve a minimum drag, a dropping pressure is desirable over the 
initial part of the airfoil surface upstream of the slot location, 
using the principle of the NACA laminar-fiow airfoils. On the 
upper blade surface, a laminar boundary layer is maintained to a 
predetermined point along the blade chord where ejection of 
fluid occurs, resulting in addition of energy to the boundary layer 
and simultaneously in a pressure change. This establishes quick 
transition to a turbulent boundary layer. 

The formation of a turbulent boundary layer at this point on 
the upper airfoil surface is really advantageous, because the air is 
thereby given more momentum to follow the rest of the airfoil 
surface. If the transition to a turbulent boundary layer is de- 
layed so much that the laminar boundary layer separates, and 
stays separated, then the result is an increased drag coefficient. 
The location and amount of fluid ejection producing energy addi- 
tion can be controlled, thus permitting flow without separation 
against the necessary steep pressure gradient. 

The slotted blade permits the design of airfoils with favorable 
pressure distribution and laminar flow over great portions of the 
chord even for highly cambered airfoils. The lower blade sur- 
face has a flow sink and removal of the boundary iayer, thereby 
extending the range of laminar flow to approximately the trailing 
edge under design conditions. This reduces frictional drag by 
reducing frictional intensity. A pronounced reduction in drag is 
obtained by the reduction of the skin friction through increasing 
the relative extent of the laminar boundary layer on the lower 
airfoil surface. The slotted blade is designed to have a greater 
extent of laminar flow over the lower airfoil surface than over the 
upper surface and the relative extent of total laminar flow is in- 
creased. 

The theory of stability of the laminar bovndary layer indicates 
that transition to turbulence may be induced by the presence of 
disturbances and by surface roughness. Therefore the flow in 
the vicinity of the siot must be analyzed carefully and the slot 
be designed accordingly. 

It should be noted that the characteristics of a slotted laminar- 
flow airfoil may show the typical narrow range of low drag fol- 
lowed by a higher drag outside the design range. This, in turn, 
requires for maximum efficiency careful analysis of the blades 
from hub to tip, so that at the point of maximum efficiency all 
airfoil sections operate within the optimum range. The entire flow 
problem is three-dimensional and considerable attention has to 
be given to secondary flows and movement of the boundary layer, 
requiring analysis of flow and pressure at the slot location, as well 
as at the trailing edge, between hub and tip. The importance of 
proper radial distribution of pressures has led to a change in the 
respective slot location and configuration. The pressure dif- 
ference between the upper and lower side of the airfoil determines 
the amount of fluid flow through the slot and this quantity of 
flow and the relative pressure change at the slot are varied be- 
tween hub and tip. The same type of airfoils are used, having a 
higher cambered profile at the hub, a lower cambered profile at 
the tip, and a variable degree of laminar flow due to the change 
in slot location. 

Much greater increase in blade loading and stage-pressure ratio 
should be possible through the use of boundary-layer control on 
the rotor and stater blades. There should be no difficulty in 
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doubling the loading obtainable without boundary-layer control. 
It is less easy to evaluate the effect of boundary-layer control on 
the efficiency of the stage in the entire blower. The profile lift- 
drag ratio should be increased because larger lift coefficients and 
corresponding flow deflections are possible. In addition, there is a 
decrease of profile drag and the stage efficiency should, there- 
fore, be higher than for conventional blades, provided the 
secondary blade losses are not increased. The principle should be 
particularly beneficial for small Reynolds numbers. Boundary- 
layer control offers a means to design blowers for either higher 
efficiencies or higher pressure ratios, or possibly, a combination of 
both. 


Design oF BLOWER 


The following dimensionless coefficients (10, 11) are used for the 
design and presentation of the performance data: 
Flow coefficient 


Dm — 


Pressure coefficient 


Specific speed 


Hub ratio 


An experimental blower was designed to meet the following 
specifications: 


Q = 40 cfs 
p = 2.80 in. water 
n = 1750 rpm 


= 0.580 vy = 0.744 
v = 0.900 


n, = 0.262 


This blower has a pressure coefficient which is beyond the range 
of ordinary blading requiring a deflection of the air of 52 deg at 
the hub of the rotor and stator. Therefore a design with slotted 
blades was undertaken. A casing diameter of 15.5 in. and a hub 
diameter of 11.5 in. were selected. The Reynolds number is R, = 
252,000 based on the impeller-blade chord and R, = 142,000 
based on the inlet area of the flow passage. 

It was desirable to extend the range of capacity and pressure 
for this blower and still maintain the same physical configuration. 
Therefore the blower was designed to permit adjustment of the 
angle of incidence of the impeller blades, and to increase the 
speed to 3500 rpm by exchanging motors. The motor is sup- 
ported within a cylindrical housing of the same diameter as the 
hub of the blower, as shown in Fig. 4. Therefore the selection of 
the hub diameter was limited by the physical size of the motors 
which drive the blower. A provision was made for an axial diffuser 
although for the standard unit no diffuser will be used owing to 
the limitation in axial length. 

The blower was designed according to the free-vortex type of 
flow, which requires a larger amount of twist of the blading be- 
tween hub and tip, and therefore is probably more critical with 
regard to disturbance by secondary flow. Fig. 5 shows the vector 
diagrams for the experimental unit, revealing a requirement of a 
deflection of 22.1 deg at the tip and 52 deg at the hub for the im- 
peller. For the stator, the deflection varies from 43.6 deg at the 
tip to 52 deg at the hub. It should be noted that the vector dia- 
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gram at the hub is a symmetrical diagram. The 
design of the blade is shown in Fig. 6. The com- 
bined blade consists of two individual airfoil-type 
blades, so positioned relative to each other that the 
larger front blade and the smaller rear blade are ar- 
ranged in such a configuration that a slot is formed 
between the trailing edge of the front blade and 
the leading part of the rear blade. The combined 
airfoil is designed to give a nearly constant pres- 
eres _—s Sure distribution over about half of the blade chord 

on the upper surface at the design point. 
The design of the blower permits variation of the 
DIFFUSER TEST DUCT STRAIGHTENER TR VERSE blade angle of incidence to four positions. In addi- 
sae tion to the design angle of incidence, designated as 
Fic.4 Test ARRANGEMENT 0 deg, the combined blade can be turned to inci- 
dences of —10, +10, and +20 deg from the de- 
sign condition. In addition, the blades were de- 
signed to permit the angle of deflection between the 
chord of front and rear blades to be varied +5 deg 
from its mean value. This type of variation results 
in a considerable modification of the slot geometry; 
and, correspondingly, the amount of flow through 
the slot is changed. It should be noted that the 
free-vortex type of flow can be expected only for 
the design condition designated at 0 deg. For all 
other conditions, the blower will operate under 
slightly different flow conditions. Pressure and sec- 
ondary flow have been analyzed for the stated blade 
modifications. The experimental unit was designed 
for easy exchange of blades and a separate set of blades was 
manufactured for each of the previously mentioned blade mod- 

ifications. 

The guide vanes for this blower were designed both as solid 
vanes and slotted vanes. In the case of the slotted guide vanes, a 
configuration equivalent to the blade at the root of the impeller 
was selected. This was possible because the blower was designed 
to have a symmetrical vector diagram at the root. The design 
of the blower permits for the slotted blade the use of the same 
airfoil in the stator by selecting the stator solidity and its varia- 
tion from root to tip to give the required deflection from hub to 
tip. A higher value of solidity was used for the solid guide vanes 
in order to get the required flow deflection in the stator. 

The geometry and the configuration of the slot presented a 
complex problem, introducing many new variables into the blade 
design. Table 1 and Fig. 6 show the detailed data relating to the 
slot configuration. The cascade of airfoils is defined by the blade 

Fic. 6 Storrep Biape solidity c/t and the impeller blade stagger angle 8. Solidity 


| 


TABLE 1 


1% 


% | Ym | Tm 


0.615 | 0.641 |0.0255/0.0269)| 0.639 | | | 4.5 

0.617 | 0.641 |0.0196 |0.0250| 0.628 | 6.6 
| 

0.621 0.641 |0.0137/0.0197| 0.578 | 9.) 


4. 


4 
0.604 0.634 |0.0258 |0.0298 0 632 | 
0.606 0.634 |0.0200 0.0280} 0.606 | 
0.610 | 0.634 |0.013! 0.560 


| 0.592 0618 |0.0284 |0.0266 | 0.616 
0.595 | 0.625 |0.0200|0.0300| 0.555 


0.601 | 0.627 0.0112 0.0264 | 0.454 
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-5°| 1.034 | 44.08| 16.09 | 49 0.100 | | 

TIP 1.030 | 45.50/ 21.50 | 53.25 0.575 | O.114 

+5°| 1.025 | 46.75 | 24.75 | 57.50 | 0.587 | 0.129 

-5°| 1.186 | 58.83 23.42 | 66.25 | 0.556 | 0.136 | | 3.75 | | 

MEAN 0°/1.178 | 55.00| 30.02 | 71.00 0.568 | 0.15! | | 7.8 3.3 | 

+5°/ 1.168 |56.83| 34.83 | 75.75 | 0.581 | 0.168 18.9 12.2 | 6.6 | 

1.405 | 68.00/33.25 | 83.75 | 0.556 | 0.176 22.4 58 | | 
ROOT 0°/ 1.385 | 69 75 | 37.83 | 00 | 0.564 | 0.193 | 22.4 925| 15.9 | 
+5°| 1.367 | 71.75 /42.25 | 92.50/ 0.576 | | | 22.4 i32 | 17.8 | 


varies from about 1.0 at the tip to 1.38 at the hub, The com- 
bined blade is characterized by the magnitude of the camber 
angle 0, and the physical location of the maximum of the mean 
camber line along the chord designated by the dimensionless 
values for the abscissa h,/c and the ordinate h,/c. For the se- 
lected configuration, the maximum camber is located near the 
rear part of the mean camber line of the forward airfoil. The 
slotted blade is further defined by the deflection angle 6 between 
the chords of forward and rear airfoil. This deflection angle 6 
varies from 21.5 deg at the tip to 37.8 deg at the hub for the 
standard conditions. The location of the slot on the lower airfoil 
- surface, representing the flow sink, is defined by the distance m,. 
Term m represents the width of the slot inlet, and s represents the 
width at the slot exit. Term o represents the distance of the slot 
overlap between the forward and rear airfoils On the upper side 
of the blade, fluid is ejected at the location s, for the purpose of 
energizing the boundary layer to avoid separation. In this analy- 
sis, the slot locations s, and m,, as well as the slot dimensions s and 
o, are all divided by the combined chord length c, and the values 
are presented in Table 1, together with the ratio of slot exit to 
inlet s/m for the design condition as well as for the modification 
in deflection of the rear airfoil chord. It should be pointed out 
that the location of the flow sink m,/c on the lower side of the air- 
foil varies and moves farther forward for the higher-cambered air- 
foil. The same is true for the location of flow ejection s,/c on the 
upper side of the combined airfoil. In addition, the amount of 
overlap is increased with the higher camber for the airfoil re- 
quired at the root of the blades. In this particular application, the 
slot opening remains about constant. The larger pressure differ- 
ence for the higher-cambered airfoil will result in a larger amount 
of flow through the slot if both the slot opening and overlap re- 
main the same. The angle 7; of the lower-surface trailing edge of 
the forward airfoil and the angle 7; of the forward part of the 
upper surface of the rear airfoil at the slot exit have to be carefully 
selected to permit the flow moving through the slot to properly 
energize the boundary layer of the combined profile without caus- 
ing undue drag. The angles 7; and 73, together with the angle r,, 
of the mean direction of flow at the slot exit, are presented in 
Table 1. All angles r are measured with regard to the direction 
of the chord line of the forward airfoil. 

There are many variables in this blade configuration which can 
be modified without substantially changing the concept of the 
slotted blade. Time did not permit analysis of all the possible 
modifications, and thus the selected configuration may not rep- 
resent the optimum solution of the problem. 


Test Data 


The tests with the experimental blower were made over a wide 
range of pressures and capacities and according to the ASME, 
Navy, and ASHVE test codes. The test setup is shown in Fig. 
4. The standard blower extends from the intake A to the blower 
exit C, and is tested by measuring total pressure, static pressure, 
and dynamic pressure at the specified location Z. Owing to the 
large hub-tip ratio, there is a sudden change in flow area and a 
loss in energy between the end of the blower at location C and the 
instrumentation. Therefore additional tests were made with a 
diffuser attached to the blower, to analyze pressure recovery. 
For the tests with diffuser, the blower extends from the inlet A to 
the diffuser exit at G. The tests with the diffuser meet all code 
requirements except that the pitot-tube location is not 7'/, di- 
ameters downstream of the end of the blower, now located at G, 
and this is taken into consideration by allowing duct friction only 
from the location of the pitot tube at E to the diffuser exit at G. 
In addition, a flow survey was made near the guide-vane exit, 
location C, to determine the stage efficiency of the blower. For 
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this purpose a small pitot tube and a special yaw tube, shown in 
Fig. 7, were used. The energy input of the blower was determined 
by two wattmeters, while operating the motor with controlled 
voltage. The efficiency of the electric motors was determined by 
two independent brake tests which agreed with each other to 
within less than 1 per cent of accuracy. 
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Fig. 8 shows the performance of the blower without diffuser, 
with both slotted impeller and slotted guide vanes. The per- 
formance of the blower is presented in terms of dimensionless co- 
efficients y over @ with the efficiency 7 as independent variable 
over a range of impeller-blade incidence from —10 to +20 deg. 
The test data indicate that the blower meets the required per- 
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formance and excellent efficiencies are demonstrated, particu- 
larly for the 0 and —10 deg blade incidence. Fig. 9 shows the ef- 
ficiency of the blower without diffuser as function of the flow co- 
efficient @. Fig. 10 shows the performance of the blower with the 
diffuser. A significant increase in both pressure coefficient and 
efficiency is shown, particularly for the blade incidences +10 and 
+20 deg covering the range of large flow. Fig. 11 shows the 
efficiency of the blower with diffuser as a function of the flow co- 
efficient @. It will be noted that the blower has a maximum 
efficiency of 91 and 94 per cent for the impeller-blade incidences 
of 0 and —10 deg, respectively. It is to be expected that the 
efficiency of this blower will be lower when the incidence of the 
impeller blades is turned to the +20-deg position and no ad- 
justment of the guide vanes is made. Fig. 12 shows the per- 
formance for solid versus slotted guide vanes and diffuser effect 
of the blower in terms of pressure coefficient y and efficiency 7 
over the flow coefficient ¢ for the 0-deg blade incidence. As ex- 
pected, the pressure coefficient and efficiency improve by adding 
the diffuser and replacing solid with slotted guide vanes. 

The stage efficiency of the blower near the point of maximum 
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efficiency was measured at location C for slotted guide 
vanes with a small pitot and yaw tube. This survey of 
total pressure, static pressure, velocity pressure, and flow 
angle was made in both the radial and circumferential 
direction, and the values were integrated in both direc- 
tions. An efficiency of about 96 per cent is shown in 
Fig. 12 at A. The stage efficiency also was determined 
from the test without diffuser by calculating the energy 
losses resulting from the sudden expansion of flow, and is 
indicated at B with a maximum efficiency of about 96 per 
cent. Fig. 13 shows near the design point the axial- 
velocity distribution from hub to tip downstream of the 
guide vanes, indicating a slightly larger velocity at the 
hub and good agreement with the calculated data. Fig. 
14 shows the integrated values of velocity in the circum- 
ferential direction, The measured values of flow deflection 
with the yaw tube as shown in Fig. 15 indicate nearly axial 
flow in the vicinity of the design point. Fig. 16 shows 
the blower performance as it is affected by changing the 
chord of the rear airfoil +5 deg with respect to the forward 
airfoil chord, resulting in a change of slot geometry, total 
blade camber, and type of flow. It is noted that the 
—45-deg position results in a maximum blower efficiency of 
94 per cent. 

Fig. 17 shows the conventional performance of the 
blower, according to the ASME Test Code, without dif- 
fuser for the 0-deg blade setting. Horsepower, static and 
total pressure in inches of water, as well as total and static 
efficiency, are plotted as ordinates over volume in cfm as 
abscissa. It should be noted that the values of both 
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static and total pressure are considerably reduced in the region 
of flow below maximum pressure. The power curve is character- 
ized by low values in the region of low flow and highest values just 
beyond the point of maximum blower efficiency. 


CONCLUSIONS 


An enalysis has been made for the application of boundary- 
layer control to the blades of axial-flow blowers. The design of 
the slotted blade extends laminar flow over a larger portion of the 
blade chord and simultaneously permits large flow deflections. 
Thus blowers with slotted blades offer the possibility to design 
for higher efficiency or higher pressure ratio, or possibly a com- 
bination of both. The slotted blade permits a considerable in- 
crease in pressure coefficient or corresponding operation at lower 
tip speed for a given pressure increase. Design data for the slot 
geometry are discussed. Test data of an experimental blower are 
presented demonstrating efficiencies to 94 per cent with flow de- 
flection of about 52 deg at the hub. The effect of solid or slotted 
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(1) Rear Blade —5°, Slotted Vanes, Diffuser, Spherical Cap. 
(2) Rear Blade 0°, Slotted Vanes, Diffuser, Spherical Cap. 
(3) Rear Blade +5°, Slotted Vanes, Diffuser, Spherical Cap. 


Fic. 16 NonprmensionaL Perrormance—Rear VARta- 
TIONS 


guide vanes and the diffuser on blower performance is shown. A 
variation in slot geometry is tested. The blower has a maximum 
stage efficiency of about 96 per cent. 
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Discussion 


J. R. Erwin.* The design and investigation of the slotted- 
blade axial-flow blower is a promising development. It is gratify- 
ing to see that a very satisfactory performance of the test unit 
was obtained, particularly so in comparison with earlier attempts 
which were not successful. The question always arices as to 
whether the inner and outer case boundary layers will be able to 
undergo the static-pressure rise produced since they do not ex- 
perience the boundary-layer control which is applied to the 
blades. This question seems to have been answered in the 
affirmative by the present investigation. 

It would be of interest for the author to explain why the siotted- 
blade arrangement is better than two essentially separate blade 
rows so spaced that there would be little interference between the 
blade rows. Arrangements like this have been used previously, 
although the only applications which come to mind at present 
are the stator which was used with our first supersonic compressor 


3 Aeronautical Research Scientist, National Advisory Committee 
for Aeronautics, Langley Aeronautical Laboratory, Langley Field, Va. 


and the double or triple-blade rows which are common at the 
exit from compressors used with axial-flow jet engines. In these 
applications, flow is usually turned from an inlet angle of from 
50 to 60 deg to the axial direction at discharge. 

The slotted-blade blower naturally invites comparison with 
the impulse axial-flow compressor.‘ The rotor of this compressor 
was designed for total pressure-rise coefficient of 2.5 with the 
static pressure-rise coefficient averaging 0.2. This rotor was 
tested alone and with a stator which did not remove all the tan- 
gential velocity imparted to the air by the rotor. The total 
pressure-rise coefficient measured at design-flow coefficient was 
2.3 downstream of the rotor and 2.0 downstream of the stator. 
The static pressure-rise coefficient measured downstream of the 
stator was slightly over 1.2 at design flow. The efficiency of the 
rotor was unbelievably high, about 98 per cent. The efficiency 
of the stage was about 90 per cent when the measurements were 
taken within a chord length downstream of the stator, and about 
83 per cent when measured five chord lengths downstream of the 
stator. Much of this difference was attributed to the inefficiency 
of a conical diffuser when a significant swirl exists in the flow. 
This same rotor was tested at several blade-setting angles to de- 
termine the relation between rotor static pressure-rise coefficient 
and rotor efficiency.’ These results indicated that a rotor effi- 
ciency of about 94 per cent could be obtained with static pressure- 
rise coefficients of 0.4. However, subsequent tests of a sym- 
metrical stage of this type showed rather poor stage performance. 

An interesting and practical axial-flow blower might result 
from a combination of an impulse rotor with its very rugged 
blades, high total pressure-rise coefficient, and high efficiency 
when operated with a low static pressure-rise coefficient, and a 
slotted-blade stator with its ability to recover static pressure 
efficiently. 


D. G. Wiison.* Blades of high camber or low stagger even 
working at a much lower pressure coefficient than those of the 
paper often show undue sensitivity to rotating stall. In addition, 
the stall induced by reducing the flow coefficient may persist in a 
hysteresis loop after the flow is increased to the value at which 
the blades usually operate stably. Did the author’s blades show 
an equally dramatic improvement in these respects? 


Avutuor’s CLosuRE 


The author greatly appreciates the well presented comments 
of Mr. Erwin and Mr. Wilson. It must be remembered that the 
slotted blade is a relatively new development, whereas a great 
deal of time for research and analysis has been expended in the 
development of solid blade axial-flow blowers. Because of the 
discrepancy in the amount of data available, a comparison be- 
tween the slotted blade and two, essentially separate, blade rows 
is difficult. Preliminary analysis has indicated that the slotted 
blades do have the potential of lower drag due to the extension of 
the laminar flow region. In addition, the slotted blade offers the 
possibility of space and weight saving when compared with 
separate blade rows. 

The author is in complete agreement with Mr. Erwin’s com- 
ment that the slotted blade would be ideally suited to a stator in 
combination with an impulse-type axial-flow rotor. 

Mr. Wilson proposes the interesting question of rotating stall 
and hysteresis. The slotted blades of high camber showed no 
hysteresis within the range of stagger tested. However, tests at 
low stagger angles have not yet been performed. It should be 
noted, as shown in Fig. 17, that the stalling characteristics of the 
slotted blade are quite different from those of the standard axial- 
flow blower. 


* NACA RM L9JO5a, 1949. 

5’ NACA RM LS50F27a, 1950. 

® Visiting Fellow, Commonwealth Fund, Gas Turbine Department, 
Massachusetts Institute of Technology, Cambridge, Mass. 
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Thermodynamic Aspects of Cavitation 
in Centrifugal Pumps 


By H. A. STAHL! anv A. J. STEPANOFF,? PHILLIPSBURG, N. J. 


The effect of liquid properties on centrifugal-pump be- 
havior under cavitation conditions is examined on the basis 
of a given pump handling various liquids. A criterion in 
terms of physical properties of the liquid is established 
which can be used to indicate cavitation effects on pump 
performance for various liquids. Test results and numeri- 
cal illustrations are presented. 


INTRODUCTION 


HE boiling of liquid in the process of cavitation is a thermal 

j process and is dependent on the liquid properties: pressure, 

temperature, latent heat of vaporization, and specific heat. 
During cavitation conditions damage to the pump performance 
(head-capacity and efficiency) is caused by the appearance and 
disappearance of vapor cavities in the low-pressure zone which 
disrupt the dynamic conditions existing during normal pump 
operation when the flow is all solid liquid. To make the boiling 
possible the latent heat of vaporization must be derived from the 
liquid flow. This necessary flow of heat from the liquid can only 
take place when the liquid temperature is above that correspond- 
ing to the saturation temperature at the prevailing pressure in 
the low-pressure cavitation zone. This is the same as to say that 
the pressure in the cavitation region must fall below the satura- 
tion pressure corresponding to the liquid temperature. 

Theextent of damage to the head-capacity characteristics of a 
pump depends upon the amount of liquid vaporized and the vapor 
specific volume at the existing pressure in the cavitation zone. 
The effect of the liquid properties on cavitation will be observed 
by comparing the performance of a given pump, at a given speed, 
handling water at various temperatures. In this way identical 
dynamic conditions are assured inside the impeller passages. The 
performance of a centrifugal pump when it is not affected by cavi- 
tation is independent of the fluid properties, be it liquid, vapor, or 
gas. 

THERMAL CAVITATION CRITERION 


The effect of properties of liquids on the behavior of a centrifu- 
gal pump under cavitation conditions can be studied analytically 
as follows: 

In Fig. 1, curve A-B-C-D is the normal H-Q characteristic 
established under ample NPSH so that no cavitation occurs. 
Curve A-B-C’-E is a typical H-Q curve under limited NPSH. 
The NPSH curve shown represents minimum values for incipient 
cavitation as determined by such points as B on the curve 
A-B-C’'-E. Suppose now that the NPSH value for capacity Qc is 
reduced by Ah and sufficient to produce a measurable effect on 
the performance (point C’). The saturation temperature cor- 


1 Engineer, Cameron Engineering Department, Ingersoll-Rand 
Company. 

2 Development Engineer, 
Ingersoll-Rand Company. 

Contributed by the Hydraulic Division and presented at the 
Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Tae American Socrety oF MECHANICAL ENGINEERS. 

Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, Sep- 
tember 6, 1955. Paper No. 55—A-136. 
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responding to the new reduced pressure in the low-pressure zone 
of the impeller will be lower than the original temperature by 
AT. Ifa sufficient time is allowed, Ah, Btu per |b of liquid pass- 
ing through the low-pressure zone will be available for vaporiza- 
tion of liquid. The value of Ah, is the difference between the 


Qc a 
Fic. 1 Derinrrion or THE Depression Sh 
enthalpy of the liquid at original conditions of thermal equi- 
librium and the new conditions at a pressure Ah less than original. 
This increment of enthalpy can be expressed as 


where C, is the specific heat of the liquid. 

If it is assumed that thermal equilibrium is restored, the follow- 
ing heat-balance equation can be written for each pound of liquid 
passing through the low-pressure zone. The liquid not passing 
through the low-pressure zone need not be considered as it takes 
no part in the cavitation process 


where r, < 1 is a fraction of 1 lb of liquid boiled per each pound 
of liquid and L is the latent heat at vaporization. Introducing 
specific volumes of liquid and vapor instead of their weights, 
Equation [2] becomes after arrangement 


& 

Vi UL 
Here V represents velumes, v represents specific volumes, and 
subscript L is for liquid, subscript v for vapor, and 


Vi = 1 Xvz; 


For a given pump operated at the same speed and capacity 
when pumping two different liquids, the same value of V,/Vz 
would mean the same extent of cavitation and the same damage to 
the performance, Thus this ratio may serve as a criterion of the 
pump behavior under cavitation conditions when handling dif- 
ferent liquids. It will be given a symbol B. The value of the 
liquid thermal criterion B can be calculated from Equation [3] re- 
peated as follows 


UL L 


in terms of properties of the liquid for an assumed velue of the 
depression Ah. When a comparison is made of the behavior of a 
pump under cavitation conditions pumping two different liquids 
the value of the thermal criterion B should be calculated for the 
same assumed value of the depression Ah. 
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Fie. 2 1'/:-In. Sinecte-Stace Pump Coip-Warter Test—3470 Rem 
For practical use of the thermal criterion B complete cavita- 
tion performance, such as Fig. 2, of a given pump (or similar 
pump) should be available for different liquids or for water at 
various temperatures. Water has an advantage in that its proper- 
ties are known for a wide range of temperatures and pressures. 
To estimate the performance of the given pump or similar pump 
when pumping a different liquid under limited NPSH the value of 
B is first calculated for an assumed value of Ah. Then the availa- 
ble test of the pump which gives the same or approximately the 
same value of B for the same Ah will apply to the new liquid. 

When the criterion B is applied in this manner its absolute value 
is not important. The value of B depends upon the value of Ah 
used for its calculation. The value of the depression Ah does not 
have to conform to the definition used for the development of the 
expression for B. The absolute value of B = V,/Vz, or the frac- 
tion of vapor volume to liquid volume passing through the low- 
pressure cavitation zone, is probably of the order of 1-2 per 
cent based on tests on water with suspended air. However, the 
absolute value at B does not enter into consideration when B is 
used as proposed here. 

Remarks. (a) The heat-balance Equation [2] is based on the 
assumption that the thermal equilibrium under the reduced pres- 
sure (Ah) is restored. This theoretically would require infinite 
time. However, when comparing the performance of the same 
or similar pump handling two different liquids at the same value 
of the criterion B, the effect of time will be the same in both cases. 
Equation [3] really means that for the same value of B the rate 
of increase of the volume of flow through the low-pressure zone 
(or the impeller channe!) is the same for two liquids and hence 
the damage to the head-capacity characteristics is the same. 

(b) A similar method of attack on the same problem was pre- 
sented by R. C. Fisher* and also by E. E. Breault of Ingersoll- 
Rand Company in private correspondence with the authors in 
1947. 


Test Resutts AND NUMERICAL ILLUSTRATIONS 


Fig. 3 shows the performance of a 1'/:-in. pump at 3470 rpm 
pumping deaerated water of different temperatures under the 
same net positive suction head (NPSH) of 4 ft. These curves 
were compiled from a series of tests with water at stated tem- 
peratures and different NPSH values. Fig. 2 is one of such tests 
with water at 70 F. For a given pump operated at the same speed 
with an ample suction head (no cavitation) the dynamic condi- 
tions within the impeller are identical at the same rate of flow. 
With a limited NPSH identical dynamic conditions will prevail at 


? Discussion by R. C. Fisher, pp. 305-306, of “A Survey of 
Modern Centrifugal Pump Practice for Oilfield and Oil Refining 
Services,” by N. Tetlow, Proceedings of The Institution of Mechanical 
Engineers, London, England, vol. 152, 1945. 
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the point of incipient cavitation for all liquids (point B in Fig. 3). 
A given dynamic depression below the pressure prevailing at the 
low-pressure zone for point B will produce different amounts of 
vapor for different liquids. The difference in the form of the 
head-capacity and efficiency curves at capacities higher than that 
corresponding to the point B depends on the physical properties of 
liquids. 


Ye" 3410 rpm 7 DIA 
4 °T 
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The properties of water and its vapor are tabulated in Table 1 
for several temperatures. The following observations can be 
made from an inspection of this table: 


TABLE 1 PHYSICAL PROPERTIES OF WATER AND VAPOR 
Latent heat, 
Btu/lb 
1057.1 
1054.3 
990.2 
970.3 
945.5 
910.1 


Press, 


specific 
psia vo 


rol, eu ft/lb 
1021.4 


Enthalpy of 
liquid., Btu/ib 


6.466 269.59 


1 The specific volume of vapor decreases rapidly as pressures 
and temperatures are increased. At the critical pressure and 
temperature the specific volume of liquid and saturated vapor are 
the same; thus it would appear that no cavitation can occur under 
these conditions. 

2 A depression of only 0.0575 psia at 70 F (equivalent to a 
head of 1.6 in.) results in a temperature differential AT of 5 deg F; 
but for 300 F water the same depression corresponds to a tempera- 
ture difference of only 0.0533 deg F. The difference in enthalpy of 
water per degree F is essentially the same at 70 F and at 300 F. 
Thus for the same depression of 1.6 in. of water more heat is availa- 
ble for vaporization at 70 F than at 300 F. At the same time 
the specific volume of vapor at 70 F is 134 times greater than that 
of vapor at 300 F; thus the difference in behavior under cavitation 
conditions for water at 70 F and at 300 F is easy to visualize. 

Table 2 shows calculations of the thermal cavitation criterion B 
for water at five different temperatures. The last column gives 
the same variables for butane at 70 F. The value of the criterion 
B for butane is essentially the same as that for water at 300 F 
(slightly lower), thus it is expected that the pump performance on 
water at 300 F will apply to butane. 

Since the criterion B by definition, Equation [3], represents 
the ratio of volume of vapor to the volume of liquid per pound of 
the liquid (V,/Vz), for the same depression Ah lower values of B 
mean less pronounced effects of cavitation. High values of B 
shown in Table 2 at low temperatures (B = 253 at 70 F) merely 
mean that the assumed value of Ah = 1.6 in. was too high for this 
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TABLE 2 CALCULATION of THERMAL B FOR SEVERAL 
LIQUIDS FOR 4A = 1.61N 


Water, Water, Waser, Water, Water, Butane 
Liquid properties 70F 180 F 212 F 250 F 300 F 70 F 
1 Temp. difference, AT, deg F.... 5.0 0.34 0.194 0.1058 0.0533 0.0645 
2 Spee. vol. of vapor, rv, cult/lb. . 867.9 50.53 26.80 13.82 6.466 2. 
3 Spec. vol. of —* vL, cu feb. 0.01606 0.01651 0.01672 0.01700 0.01745 0.02773 
4 = 000 050 1603 812 369 103.5 
5 = (3)/( 0.0000185 0.000328 0.000625 0.00123 0.00272 0.00967 
6 Enthalp 4.99 0.3 0.196 0. 106 0.055 0.0322 
7 Latent heat, 1054.1 990.2 970.3 945.5 910.1 157.5 
8 Ahy/L = - = (6)/(7). odase 0.004 0.000344 0.000204 0.000115 0.000060 0.000198 
9 B= (4) a ee a 253 1.048 0.324 0.0915 0.0223 0.0202 
i i i t 80 
liquid, and the value of the temperature differential (5 deg . a —_ tea} 
70 F) is not realistic under actual operating conditions. Con- me We Se ee 3 
sidering the very short time it takes for the liquid to traverse the Fy } | | laa 1 TA Z 
. 
impeller channel (0.025 sec in the test pump) only a small fraction 
of the available heat is utilized for vaporization, the liquid passing 20 60.08) 
the low-pre ssure zone in a superheated state. The fraction of a pee | | ae: 
liquid in a vapor state given by Equation [2] r, = Ah;/Lis never [n° if eal 


realized in actual pumps for that reason. 

When pumping petroleum products which are mixtures of 
various hydrocarbons, under limited NPSH, it is expected that 
the lightest fraction will determine the cavitation behavior of the 
mixture. This follows from the fact that even in the case of water 
at 70 F under the exaggerated conditions assumed in Table 2, the 
amount of vapor is less than '/, per cent of the weight of the liquid. 
The actual amounts of the vapor produced in the low-pressure 
zone may be a fraction of those tabulated if the effect of time is 
allowed. The values of r, as small as they appear in the Table 2 
are not unreasonable as can be seen from dynamic considerations. 
The head-capacity characteristic of a pump at a given speed does 
not depend upon the nature of the fluid, and is the same for 
liquids and vapors or gases. Assume that the pump will handle 
vapor only without any liquid. Then the weight of the vapor 
handled will be only a small fraction of the weight of the solid 
liquid. The ratio of the two is equal to the ratio of specific 
volumes (v,/v,) and is given in Table 2, item 5. It is interesting 
to note that the figures are of the same order as those in item 8 of 
the same table. 

The effect of time on the extent of cavitation can be seen from 
Figs. 4 and 5, obtained by Krisam.‘ The values of NPSH for the 
best efficiency points at higher speeds (solid lines) are considerably 
lower than those given by the dynamic considerations ¢ = const 
(dash-and-dot lines). To state it differently, the values of the 
cavitation constant sigma are lower for the same pump at higher 


speeds. 
SuMMARY 


1 Cavitation effects when pumping various liquids are similar 
for dynamically similar conditions if the thermal cavitation cri- 
teria, calculated for the same depression, are equal. 


4**Neue Erkenntnisse im Kreiselpumpenbau,” by F. Krisam, Zeit. 
VDI, vol. 95, 1953, p. 320. 
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2 Owing to thermal and dynamic limitations only a small frac- 
tion of 1 per cent by weight of the liquid is vaporized under cavita- 
tion conditions. For liquid mixtures, such as some petroleum 
products, the lightest fraction of the mixture will determine the 
behavior of the mixture as to cavita(ion. 

3 Under incipient cavitation conditions extension of test data 
to other conditions or to other sizes of units by the dynamic simi- 
larity requirements sigma = const is approximate only. Thus a 
given pump operated at various speeds will require less NPSH 
(sigma lower) at higher speeds than indicated by extension of data 
from tests at the lower speeds as the amount of boiling liquid is 
limited, among other factors, by the time. 

4 The absolute value of the cavitation thermal criterion B is 
not important as long as it is used for a comparison of pump be- 
havior under cavitation conditions when handling liquids of 
different physical properties. 
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Turbulence and Boundary-Layer Effects on 
Cavitation Inception From Gas Nuclei 


By J. W. DAILY' anv V. E. JOHNSON, JR.? 


The inception of cavitation in a liquid medium is de- 
pendent on a variety of hydrodynamic and nonhydrody- 
namic effects which complicate the problem of scaling. 
Cavitation occurs in zones of low pressure hydrodynami- 
cally produced by flow relative tothe boundaries. It is well 
known that changes in flow rate and size will modify the 
local hydrodynamic conditions, although the exact role of 
boundary-layer growth and associated turbulence on local 
pressures is not understood completely. In addition, it 
has been observed that cavitation inception is not always 
reproduced at the same hydrodynamic conditions, but 
seems to depend in some way on the physical properties 
and states of the liquid, the solid boundaries, and the en- 
trained solid and gaseous matter. The investigation in 
progress at the M.I.T. Hydrodynamics Laboratory is di- 
rected at the general problem of scale effects in cavitation 
inception. The initial experiments have been concerned 
with the influence of boundary layers and turbulence on 
the pressure of cavitation inception and the location of in- 
ception relative to the solid boundary. The study neces- 
sarily has involved the role of gas bubbles as nuclei for 
cavitation and the interrelation of the stability of small 
gas bubbles, their size and space distribution, and the 
velocity and pressure variations in the turbulent boundary 
layer. This paper is a discussion of this combination of 
factors. 


EXPERIMENTAL VARIABLES AND TEsT EQUIPMENT 


OR potential flow of a pure liquid the minimum pressure 
F will occur on the boundary, can be predicted for any 

boundary configuration, and will be described for all 
scales and velocities by a constant value of the ratio 


Pan 
where po and U, are the reference pressure and velocity and pmin 
is the minimum boundary pressure. If the ability of a liquid to 
support a tension is ignored, cavitation will be incipient when the 


minimum pressure equals the vapor pressure and this ratio can 
be defined as the cavitation number for the body, or 


where p, is the vapor pressure. It has been found for real liquids 
in states usually encountered that this parameter is inadequate as 
a scaling law and that effects exist that depend on size and veloc- 


1 Professor of Hydraulics, Hydrodynamics Laboratory, Massachu- 
setts Institute of Technology, Cambridge, Mass. Mem. ASME. 

? Aeronautical Research Scientist, Hydrodynamics Division, 
National Advisory Committee for Aeronautics, Langley Field, Va. 

Contributed by the Hydraulic Division and presented at the 
Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Tae American Society or MecuanitcaL ENGINEERS. 

Norse. Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
25, 1955. Paper No. 55—A-142. 


ity, but are not correlated entirely with Reynolds number (1, 2, 

One possibility suggested by these observations is that the 
local minimum pressure is associated with the characteristics of 
the boundary layer and boundary-layer turbulence. It is known 
that the minimum boundary-pressure coefficient of an immersed 
body is some function of Reynolds number, and a possible effect 
of local pressure fluctuations due to turbulence has been con- 
sidered (4). Another suggestion discussed by several authors 
(5, 6, 7) is that inception depends on the presence of undissolved 
gas nuclei trapped on foreign particles in the liquid. The so- 
called scale effects are explained as the result of the relation be- 
tween size of entrained nuclei and the time available for growth 
of these nuclei to macroscopic bubbles as they pass through low- 
pressure regions. The last statement reflects the growing prac- 
tice of making cavitation experiments in systems where resorbers 
(8) cause solution of free gas, leaving only microscopic nuclei pre- 
sumably attached to entrained particles. In most practical situa- 
tions the liquid is air-saturated or nearly so, so that conditions 
are favorable for the existence of entrained air dispersed in the 
liquid in the form of small but macroscopic bubbles. In these 
cases, the behavior of these bubbles as nuclei should influence the 
onset of cavitation. 

An interest in the boundary-layer and turbulence effects leads 
to an experimental setup in which the only significant dynamic 
pressure gradients would be due to these factors. Using a small 
water tunnel, essentially two-dimensional flow was established 
along the flat boundary wall of a horizontal transparent test 
section. With this arrangement the test-section pressure at in- 
ception conditions was always less than the gas-saturation pres- 
sure and favorable to formation of gas bubbles as nuclei for cavita- 
tion. In addition, the tunnel had no resorber so that water enter- 
ing the test section contained a dispersion of such nuclei. The 
experiments consequently involved the relation between gas- 
nuclei size and stability and the hydrodynamic pressure field. 

The test section has the nominal dimensions of 6 in. width X 
1'/, in. depth. The roof was employed as the test surface be- 
cause the hydrostatic pressure is minimum there. The bottom 
surface was contoured to cause the minimum pressure to occur 
within the transparent working range. The test section follows a 
flow-nozzle reduction from a 6 in. X 6 in. square section. The 
sides of the nozzle are plane and the top and bottom surfaces con- 
toured to give a monotonically increasing velocity along the wall. 
The test section and pressure-drop coefficient along the test-sec- 
tion roof are shown in Fig. 1. The pressure-coefficient data were 
obtained from piezometers in the roof, all of which were plugged 
except for a reference tap during cavitation tests. It will be 
noted that the pressure gradient in the flow direction is small 
giving a pressure near the minimum along the entire test length. 

A percentage of the tunnel water is continuously by-passed 
and filtered through a diatomaceous-earth-type filter which re- 
moves particles down to less than 1 micron. The air content can 
be reduced to approximately 15 per cent of the saturation content 
at atmospheric pressure. This is equivalent to a deaeration pres- 


* Numbers in parentheses refer to the Bibliography at the end of the 
paper. 
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sure of 5 ft of water absolute. To reduce the free-stream turbu- 
lence caused by the circulating pump, bends, and the’ like, to a 
minimum, a series of screens is located upstream of the test sec- 
tion. 

During the cavitation process, high-speed motion pictures were 
taken at various longitudinal positions along the test section. In 
order to confine the observations to the essentially two-dimen- 
sional flow in the center portion of the test section, the lens sys- 
tem of the 35-mm movie camera was chosen so as to have a depth 
of field less than '/s in., and focused at a point near the center line. 
The light source was a high-speed stroboscope with a light-flash 
duration time of about 1 microsec and capable of producing about 
6000 such flashes per sec. 


EXPERIMENTAL OBSERVATIONS 


The free-stream velocity for all the experimental observations 
reported here was 27.5 fps. The extent and character of the re- 
sulting boundary layer are shown by the velocity distributions in 
Fig. 2 for station z = 15.5 in. just ahead of the minimum pres- 
sure point, and for the upstream station x = 5.95 in. These dis- 
tributions were obtained using a hypodermic needle of 0.021 in. 
OD as a stagnation tube. The boundary-layer thickness 6 is 
0.24 in. at z = 15.5in. The Reynolds number based on 4 is 60,000 
at the average test temperature. Note that the velocity distribu- 
tion is not described by a semilog equation but is more nearly 
given by a power law. Note also that the boundary layer grows 
stably without separation. 

Approximately 30,000 high-speed motion-picture frames were 
taken of cavitation near the minimum pressure region (x = 15.5 
in. in Fig. 1) and at stations upstream of this zone. These pictures 
were obtained at rates ranging from 2000 to 3000 frames per sec. 
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In most cases the magnification ranged from 3 to 10 for which the 
camera and optical system permitted detection with certainty of 
bubbles smaller than 0.001 in. diam. In order to widen the field 
of view some pictures were taken with a reduction of 2 (magnifica- 
tion of '/2) for which the definition became poor for bubbles smaller 
than about 0.006 in. 

Observations were made for conditions ranging from total ab- 
sence of audible or visible cavitation to severe well-developed 
cavitation. At boundary pressures below about 3 ft of water, but 
above the onset of cavitation, small and apparently spherical gas 
bubbles appeared in the boundary layer ranging in size from 0.002 
to 0.02 in. diam. As the boundary pressure was reduced, the larger 
individual bubbles became unstable, and expanded rapidly, and 
collapsed with the noise and appearance typical of cavitation. 
Simultaneously, however, bubbles of smaller diameter passed 
through the minimum-pressure region without detectable change 
in size. At successively lower pressures smaller and smaller 
bubbles became unstable and exploded. In Fig. 3(a@) is an ex- 
ample (denoted by the arrows) showing a bubble of nearly con- 
stant diameter suddenly growing as it reaches a critical condi- 
tion. 

Of all the cavities observed, the majority were located in the 
central portion of the boundary layer with only 1'/: per cent 
located in the 10 per cent of the boundary layer nearest the wall, 
Fig. 4. Similarly, the distribution of the expanding cavities 
peaked in the central portion of the boundary layer, although 
none of the expanding cavities was observed in the 10 per cent of 
the boundary layer nearest the wall, Fig. 5. It was anticipated 
that cavitation inception would occur at a slight distance from 
the roof, but the apparent inception so far from the boundary was 
entirely unexpected. 
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As already mentioned, the boundary-layer development was 
stable so that the observed bubble distribution is not attributed 
to flow separation or other boundary-layer abnormalities. 

The displacement of an individual bubble from frame to frame 
was not uniform, indicating some velocity fluctuation. Assuming 
the bubbles observed moved with the fluid, the “instantaneous’’ 


Fig. Hicu-Speep Motion Pictures or Inception or Cavira- 
TION From a Gas Nucievs 


velocity components u and v were calculated from the frame-to- 
frame displacements. For the longitudinal direction the turbu- 
lent component u’ = u — @ was determined by obtaining d@ from 
the mean velocity traverse of Fig. 2. For the normal direction 
v’ =v. As shown in Fig. 6, these data indicate a nearly constant 
value of y u’*/U> over the inner 0.6 of the boundary layer 
(y/6 = 0.6) with decreasing intensity in the outer portion. The 
magnitude of y v’?/U> appears to have a maximum in the central 
portion of the boundary layer. Only approximate values were 
expected from this method because of inherent inaccuracies in 
evaluating u and v and because the sample of bubbles at each y 
was relatively small. Laufer’s measurements in air (9), shown for 


comparison, give comparable values of ¥ u’?/U> near the wall 
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with decreasing intensity away from the wall. The agreement of 
v’?/U values is good. 

The boundary pressure was found to be greater than the vapor 
pressure even when relatively severe cavitation was occurring in 
the zone of observation. The threshold at which the larger gas 
nuclei (0.02 in. diam) became unstable was about 0.5 ft of water 
above the vapor pressure. The critical diameter at which succes- 
sively smaller bubbles became unstable was estimated for each of 
several boundary pressures and, as shown by the line marked 1 in 
Fig. 7, was found to decrease with decrease of pressure but not be- 
low the vapor pressure. As generally encountered with turbulent 
flow in hydraulic systems, some fluctuations in the boundary pres- 
sure were present during the experiments. It is estimated that an 
outside limit of the possible error from this effect would be about 
0.15 ft of water, and would not account for the wall pressure ex- 
ceeding the vapor pressure. 


Discussion 


Since the observations made in these experiments involve 
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macroscopic gas nuclei, it is of value at this point to review the 
relation between mechanical stability and bubble size (6). The 
equation of static mechanical equilibrium for spherical bubbles is 


= gas partial pressure 
liquid vapor pressure 
surrounding local liquid pressure 
surface tension 
bubble radius 


T 


20.24 inches 
R= 60,000 
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Fic. 8 Pressure Versus Size 


For a constant weight of a perfect gas at constant temperature 
Pp, = K/r* so that 


From Equation [3] is found the minimum of p — p, = p* where 
r=r* = (3K/2c)'’*, or 


In this relation the negative sign indicates that the critical fluid 
pressure is actually below the vapor pressure. If now from the 
condition r = r* at p — p, = p*, pis decreased slightly, the bubble 
is unstable and tends to grow without bound. At pressures 
greater than the critical pressure, the bubble is stable and as- 
sumes an equilibrium radius satisfying Equation [2]. The rela- 
tions between p — p, and diameter for different values of K and 
assuming a surface-tension value of 0,005 lb per ft for 68 F water 
are shown in Fig. 8. The corresponding relation between pressure 
and critical diameter is shown in Fig. 9. 

Fig. 8 does show that very rapid expansions of bubbles contain- 
ing large masses of gas (K large) are possible before the critical 
size is reached. However, for gas masses yielding bubbles of 0.02 
in. critical diameter or smaller, the rate of change of size with 
pressure drop is small until d = d*. The former might be termed 
pseudo-cavitation as distinct from true cavitation, the rapid ex- 
pansion expected on reaching critical diameter. The example 
shown in Fig. 3(a) is cavitation by this definition. As can be seen 
in Fig. 3(b), the bubble traversed about one third of the field of 
view at a constant diameter of approximately 0.01 in. and then 
suddenly expanded, reaching 13 times its initial size for an addi- 
tional head drop of only 0.02 ft. It can be seen from Fig. 8 that 
such an expansion could not have taken place for a bubble of its 
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initial size unless the local pressure had reached the critical value. 

It is important to observe from Fig. 9 that, to initiate cavitation, 
tensions much higher than encountered in most practical cases are 
necessary unless macroscopic bubbles are present. In fact, this 
relation has been used to estimate critical nuclei of the order of 
10-* cm for acoustically determined cavitation thresholds in de- 
gassed water (6). 

Of course, the preceding arguments in addition to assuming 
that temperature and gas mass are constant do not consider dy- 
namic effects on an expanding bubble. In these experiments the 
longitudinal pressure gradient in the test section is relatively flat, 
only about 1.5 ft of water per ft. Therefore, the dynamic effects 
on the bubble prior to reaching instability should be small, and 
the critical size as predicted from Equation [4] should be a first- 
order approximation of the critical size to be expected. 

From these simple equilibrium arguments, the observed de- 
crease in critical bubble size with boundary pressure would be 
expected. However, the observed growth would be expected only 
if the local fluid pressure acting on the bubble dropped below the 
vapor pressure. The difference observed at critical conditions be- 
tween the measured boundary pressure and the critical pres- 
sure given by Equation [4] can only be attributed to local pressure 
reduction due to turbulence. This difference for the test condi- 
tions appeared to be about 0.57 ft of water as shown by line 3 in 
Fig. 7, although it is recognized that the actual difference may be 
as low as 0.4 ft due to the possible error in wall pressure already 
mentioned. 

Referring again to Fig. 3(a), the circled bubble illustrates the 
combined effect of turbulence and nuclei size. This bubble, al- 
though larger than the nucleus which becomes unstable and 
grows, does not expand. However, the circled cavity is well out- 
side the boundary layer and thus not subject to the intense turbu- 
lence of the boundary layer. 

Taylor (10) found for a theoretical model of turbulence that the 
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rms values of the pressure fluctuations could be expressed by 


Vp? = 1< K< V2..... [5] 


= (u’2) for isotropic turbulence 


Batchelor (11) finds for isotropic turbulence 
= 0.583 p (u’2) 


For an appreciable percentage of time, fluctuations twice the 
rms value can be expected. Assuming this and using the turbu- 
lence values from Fig. 6, these expressions give less than the 
apparent reduction of 0.4 to 0.57 ft, although Equation [5] ap- 
proaches 0.4. 

Evidently the maximum negative peaks of the turbulent pres- 
sure fluctuations causing cavitation inception may be considera- 
bly more than twice the rms value. In particular, if Batchelor’s 
equation is assumed applicable, the rms value of the pressure 
fluctuations associated with the observed velocity fluctuations is 
0.072 ft of water. The ratio of the observed turbulence pressure 
drop p, to this rms value is then 


wed 0.40 to 0.57 
p” 


0.072 
It is interesting to compare these findings with the results from 
Rouse’s study (12) of the inception of cavitation in the mixing 
zone of a submerged jet. He found the pressure drop due to the 
vorticity in this zone to be 10 to 13 times the rms of the pressure 
fluctuations, depending on the definition of inception, i.e. 


= 10 to 13 


This value was obtained by measuring the pressure fluctuations 
with a specially designed instrument in air, and comparing with 
the ambient pressure necessary to cause cavitation inception in 
water. 

Assume that Equation [5] is applicable for the determination 
of the turbulent pressure fluctuations in the boundary layer. If it 
is also assumed that v’ = w’ (as found by Laufer, reference 9) 
and the bubble-turbulence distribution of Fig. 6 is used, Equation 
[5] shows that ¥ p’” is maximum in the center portion of 
the boundary layer. This may be sufficient explanation of the 
similar expanding cavity distribution found in Fig. 5. However, 
the fact remains that turbulence measurements by more reliable 
methods indicate maximum turbulence intensity (and from Equa- 
tion [5] maximum pressure fluctuations) very near the wall where 
absolutely no expanding cavities were found. 

Turn now to the entrained bubble nuclei and their distribution 
in the boundary layer. As will be discussed further, it seems 
probable that the gas nuclei in this experiment originated initially 
at boundary cracks and crevices. Such bubbles emerging in the 
presence of the high-velocity gradient near the wall would ex- 
perience hydrodynamic lift until the drag'force accelerated them 
to the fluid velocity. This point was verified by admitting air 
bubbles ranging in size up to 0.04 in. diam through a small hole in 
the roof at station x = 7.0 in. These bubbles were immediately 
lifted out into the boundary layer and assumed a distribution 
peaking at about 35 per cent of the boundary-layer thickness 
from the wall at station z = 14.4in. The almost total absence of 
bubbles near the boundary, as shown in Fig. 4, might be at- 
tributed to this lift. But these bubbles are not resorbed after 
passing through the test section and must continually circulate 
and grow until they reach some equilibrium size depending on the 
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amount of gas absorbed by the water in the high-pressure portion 
of the tunnel and the amount of gas diffused into the bubble in the 
low-pressure section. Such bubbles, once entrained in the water, 
would be expected to assume a distribution in the roof boundary 
layer similar to sediment suspension in a turbulent stream, i.e., 
maximum concentration at the boundary. A possible explana- 
tion of the distribution shown in Figs. 4 and 5 follows. 


Fie. 10 TurBuULENT FLow In AN OpeN CHANNEL 


(Speed of camera is about equal to speed of water near walls. Prandtl, ref- 


erence 13.) 


Photographs of the relative boundary-layer motion obtained 
using a camera moving with the boundary layer indicate the ex- 
istence of discrete vortical eddies. An example of the free-surface 
conditions in an open channel is reproduced from Prandt] (13) in 
Fig. 10. There are discrete vortical eddies in this photograph, 
elliptical in shape, with major axis in the direction of mean flow 
and minor dimension about equal to the boundary-layer thick- 
ness. Townsend (14) in an analysis of apparent eddy viscosity 
and local turbulence intensity found the length scales to be com- 
parable with distance from the wall and concluded from his and 
Laufer’s (9) experiments that the typical large eddy in the 
boundary layer is very elongated to about three times the 
boundary-layer thickness in the direction of fiow, and of the same 
order of magnitude as the boundary-layer thickness normal to the 
wall. Bakhmeteff (15) concluded from an _ energy-balance 
analysis that only a small percentage of the energy obtained from 
the main flow is dissipated in the central region of the boundary 
layer, the majority being transmitted with little loss through 
this region to be spent in viscous friction at the boundary. Thus a 
simplified model of the boundary layer consists of a series of large 
elliptical-shaped eddies obtaining energy from the free stream, 
converting only a small portion of this to creation of smaller vor- 
texes, and spending the majority in viscous shear at the boundary. 
The center of such eddies would be in the center portion of the 
boundary layer and moving at a velocity less than the main 
stream velocity. 

The majority of free-gas nuclei, in the presence of such a turbu- 
lent boundary layer, would be transported toward the center of 
the large vortical eddies, if the vortex pressure gradient is suf- 
ficient to overcome hydrostatic forces on the bubble. The nu- 
cleus after reaching the center of the eddy is then subjected not 
to rapidly fluctuating pressures, as might be obtained from an 
instantaneous pressure-measuring tube which records the passage 
of such eddies, but to a more nearly constant pressure less than 
the free-stream pressure by an amount depending on the vortex 
strength. Thus this qualitative picture of the boundary layer 
offers a possible explanation of why only a few of the smaller gas 
nuclei were observed close to the boundary. Also, while it should 
be expected that the distribution of cavitating bubbles might 
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follow the distribution of all the nuclei present, this picture of the 
boundary-layer structure is consistent with the possibility that 
the optimum local pressure environment for cavitation is away 
from the boundary even if the maximum turbulent fluctuations 
are at the boundary. 

As to the magnitude of the eddy strengths and vortex pressure 
gradients, note that a velcrity-measuring device located in a 
stream composed of various size discrete eddies would record the 
passage of these eddies as velocity fluctuations. The magnitude 
of the velocity recorded would depend on the location of the 
measuring probe relative to the center of the eddy, with maxi- 
mum fluctuations appearing when the periphery of an eddy reached 
the instrument. The maximum fluctuations in velocity recorded 


would be expected to be higher than the rms value, say, c yu". 
Assuming the eddies are forced vortexes of peripheral velocity 
c vu”, the data of Figs. 6 and 7 give c as approximately 3. If the 
actual pressure reduction is only 0.4, c is 2.5. About 3 per cent of 
the bubble velocity fluctuations recorded in the inner region of 
the boundary layer were as high as 2.4 ¥ u’*. Using Rouse’s (12) 
data, mentioned earlier, c is found to be about 3.5. Nothing is 
proved by these figures, yet the order of magnitudes involved does 
not appear impossible to realize. If the mean eddy size is about 
equal to the boundary-layer thickness, the foregoing strengths 
will produce vortex pressure gradients considerably higher than 
the hydrostatic gradient. 

It is generally accepted that microscopic gas volumes may be 
trapped in crevices of hydrophobic boundary or foreign particles. 
At sufficiently low pressures these microscopic gas nuclei can grow 
from the crevice either as a result of their becoming unstable or 
by the diffusion of gas from the supersaturated surrounding 
fluid. The forces tending to expand these nuclei then are greatest 
in the minimum pressure region of the flow. The fact that the 
gas nuclei in crevices of the boundary are subject to low pressure 
for infinitely greater time than those trapped on foreign particles 
leads to the selection of boundary crevices as the most probable 
source of macroscopic bubbles. It is interesting to speculate on 
the role this source of nuclei plays in the cavitation process. As 
bubbles grow from the boundary, they become subject to the lift 
and drag of the high-velocity flow past the boundary and are 
swept off. Some gas remains in the crevice to repeat the process. 
The maximum size that these gas bubbles can reach before the 
lift and drag overcome the surface-tension force holding the 
bubble on the boundary must depend on the velocity, surface 
tension, and the characteristics of the boundary layer. 

It was observed during deaeration as the water was slowly circu- 
lated that air bubbles formed at fine scratches in the plexiglas 
test-section walls and from select points on the machined surface 
of the bronze entrance nozzle. As the bubbles emerged into the 
boundary-layer flow, they were swept away after reaching diame- 
ters between 0.01 and 0.02 in. The size at detachment decreased 
with increased velocities. Although their formation was not 
actually observed, the smallest bubbles found in the boundary 
layer were about 0.002 in. diam, which suggests this may be the 
limiting size at the test velocity. Those bubbles created farthest 
upstream of the minimum-pressure zone are most apt to cause in- 
ception of cavitation because they may increase in size before 
reaching the minimum-pressure region. It is believed that gas 
nuclei from entrained foreign particles are not necessary to ex- 
plain most cases of the observed phenomena. 

In the case of immersed bodies, nuclei from the body surface 
will influence inception. Kermeen, et al. (2) cite observations of 
small cavities growing on the boundary upstream of the intermit- 
tent macroscopic cavitation associated with inception. These 
cavities, called microscale cavitation by the authors, grew on the 
boundary until they reached a size about equal to the displace- 
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ment thickness (about 0.001 in.) and were then lifted up and car- 
ried with the flow apparently to ‘‘feed’’ the macroscopic cavita- 
tion downstream. They were in all probability gas nuclei in the 
process of formation at a crevice, It is interesting that the 
boundary pressure measured at the time of inception was 3 ft of 
water less than the vapor pressure. This compares favorably 
with 2.56 ft of water obtained for a 0.001-in. nucleus from Fig. 9. 

The implications of the previous observations as to scale effects 
are of interest. Consider the dimensionless parameter 


Po Pmin 
'/epl 

where pmin = lowest local pressure in the flow system. If Pumin 
is the lowest pressure along the boundary of an immersed body, 
Pmin Will equal py,,;, minus the pressure difference p, due to turbu- 
lence, or 

Pmin = Pwmin — Pr------ [7] 

On the other hand, the onset of cavitation will occur when 


Pmin = Pp, — |p*| [8] 


where | | denotes the absolute value. Equating [7] and [8] and 
substituting in the foregoing parameter gives 


Ty? 


Po — Pr 


Po — Pwmin Pr 


Po Pain 


where 


K, = incipient cavitation index 
C,, = boundary pressure-drop coefficient 
K, = pressure-drop coefficient due to turbulence 


C, is a function of the boundary layer-surface friction relation. 
For cavitation occurring on the walls of a conduit, the build-up of 
the displacement thickness constricts the flow and results in an in- 
crease in C, with decreasing velocity. On the other hand, for 
immersed bodies, where the pressure drop is primarily due to 
boundary curvature, the displacement thickness decreases the 
curvature of the body and therefore C, is less than predicted from 
potential-flow theory. At high velocities, where the displacement 
thickness becomes negligible, C,, is known to become nearly con- 
stant, approaching the potential value as the velocity increases. 

Both Laufer and Lawrence (16) have found that the dimen- 
sionless absolute turbulence intensity y u’?/Uo, in a fully de- 
ve’ ved boundary layer, decreases with increase in the Reynolds 
number. Since it has been shown that cavitation inception is de- 
pendent, on the boundary-layer turbulence level, some change in 
the index K, with the Reynolds number is to be expected. On 
curved streamlined surfaces, where the pressure gradients normal 
to the boundary may exceed the pressure reduction due to turbu- 
lence, the influence of boundary-layer turbulence on cavitation 
inception is probably reduced. 

The value of the parameter 

p* 
depends on surface tension and the size of nuclei present. The 
size of a nucleus originating at a model boundary would depend 
primarily on surface tension, fluid density, velocity, model size, 


|\p*| 
= C, + K,=K, +77) 
or 
\p*| 
K,; P + K, 1/spUo? ] 
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and characteristics of the boundary layer. In terms of dimen- 
sionless parameters, then, the value p* is dependent on 


VD VvD 
v(o/p) 


the Reynolds and Weber numbers. It is interesting that Parkin 
and Holl (3) report reasonably good correlation of the data ob- 
tained on the various size bodies of revolution with the parameter 
VvD. 

The dependency of the size of nuclei created at the boundary 
surface on some characteristic of the boundary layer is confirmed 
in reference (2) where these bubbles apparently grew to a size 
about equal to the displacement thickness before being swept off. 
The boundary-layer thickness, in general, is inversely propor- 
tional to Uy" where n is less than 1. Correspondingly, p* can be 
written proportional to U,” or 

p* AU." 
(m > 1) 


Therefore, at high velocities, the effect of the parameter 


Us 


(10) 


* 


P 


becomes less important. In tests of small-scale models, the 
elimination or reduction of the factor 


should greatly reduce the scale effects on the parameter K;. As 
long as the source of nuclei is the boundary itself, the value of 


1/spU 2 


can be reduced only by operating at very high velocities. Ref- 
erences (2) and (3) indicate velocities greater than 100 fps may be 
required. The most obvious means of reducing the effect of 
boundary nuclei size is to introduce nuclei large enough to make 
p*/y very small (say, 0.1 ft of water), and to operate ata high 
velocity (say, greater than 30 fps). The problem here is to avoid 
entraining bubbles of such a large size that pseudo-cavitation 
occurs. While a resorber eliminates the troublesome recirculation 
of large masses of undissolved gas bubbles and allows a standardi- 
zation of test conditions, the use of a resorber can actually in- 
crease the effect of 


* 


1 2pU? 
This is due to the very fact that relatively large nuclei from the 
main stream are nearly eliminated, leaving the boundary crevices 
as the main source of nuclei. 

If the inception of cavitation depends on the supply of nuclei 
from boundary crevices, some speculation on the effect of gas con- 
tent is also possible. Assuming that the growth of bubbles 
from boundary crevices is at least partly a process of diffusion from 
the supersaturated liquid, the pressure and location of the forma- 
tion of macroscopic nuclei will depend on the air content of the 
test liquid. As previously mentioned, those bubbles which form 
and are swept off farthest upstream will be the largest in size upon 
reaching the minimum pressure region since they contain more 
weight of gas and have a longer time to grow. Decreasing the dis- 
solved gas content of the liquid will move the upstream boundary 
of the macroscopic nuclei nearer to the minimum pressure loca- 
tion. Therefore decreasing the gas content should result in de- 


TRANSACTIONS OF THE ASME 


NOVEMBER, 1956 


creasing the size of nuclei at the minimum pressure region and 
thus a decrease in the incipient cavitation index. Based on this 
reasoning, the effect of variation in gas content on the inception 
of cavitation should be most pronounced on tests of large shapes, 
having flat pressure gradients and tested at low velocities. Con- 
versely, on small bodies with steep gradients, tested at high 
velocities, little or no variation in K; with dissolved gas content 
should be expected. 

The latter case was confirmed experimentally by determining 
K; for a 0.04-in. blunt-ended cylinder. This cylinder protruded 
1/,in. into the flow through the floor piezometer hole at z = 
4°/s in. in Fig. 1. The air content was varied from the minimum 
value attainable (0.3 per cent by volume at STP) to complete 
saturation at atmospheric pressure (2.1 per cent by volume at 
STP). For a test velocity of 45 fps the ambient pressure upstream 
of the body at the time of inception was greater than atmospheric. 
Therefore the gas in the water should remain in solution. At this 
test velocity, only a very slight increase in K; with increase in gas 
content was observed. 


SumMaARY or CONCLUSIONS AND OBSERVATIONS 


For the experiments considered here, the following conclusions 
may be stated: 


1 Cavitation starts from gas bubbles in the fluid. Neglecting 
dynamic and heat-transfer effects, these gas bubbles will become 
unstable if their radius exceeds the critical radius 


Thus the pressure required to cause instability of these gas 
nuclei must be less than the vapor pressure by an amount depend- 
ing on the nuclei size. 

2 If incipient cavitation occurs at or near the vapor pressure, 
as is usually the case in mechanical equipment and engineering 
structures, there must be relatively large gas nuclei present in the 
fluid. 

3 The boundary pressure at inception exceeds the critical pres- 
sure required to cause instability given in item 1. This is at- 
tributed to the pressure drop associated with the vortical eddies 
composing the turbulent boundary layer. 

4 Cavitation is incipient in the turbulent boundary layer (de- 

veloped on a flat surface) near the center of the boundary layer. 
It is suggested that this phenomenon is also caused by the large 
vortical eddies of the turbulent boundary layer which pull gas 
nuclei to their centers and there subject them to sustained pres- 
sures less than the boundary pressure. 
5 It is believed that the main source of macroscopic gas nuclei 
is the crevices of the hydrophobic boundary material. Undis- 
solved gas volumes trapped in boundary crevices will grow from 
the boundary at sufficiently low pressures to be swept away as 
small gas bubbles by the passing flow. Upon reaching critical 
pressure downstream, these bubbles will become unstable and 
grow rapidly. Foreign particles entrained in the water also may 
contain such undissolved gas volumes. However, these particles 
are in the low-pressure region for much less time than gas trapped 
in boundary crevices. This leads to the selection of the boundary 
crevices as the most probable source of macroscopic bubbles. 

6 The incipient-cavitation index is dependent on three factors 
expressed as follows 

p* 


K; = C, + K, — */spU¢? 


where 


C, = minimum pressure-drop coefficient 
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K, = pressure-drop coefficient due to turbulence 


VapU* = pressure coefficient containing effect of gas-nuclei size 

C, is a function of Reynolds number and may increase or de- 
crease depending on boundary-flow conditions, For immersed 
bodies, C, is known to become nearly constant at sufficiently high 
Reynolds numbers. 

Turbulence measurements show that K, decreases with 
Reynolds number, becoming negligible at sufficiently high Reyn- 
olds numbers. 

p*/(/2pU*) is a function of the Reynolds and Weber numbers. 
The influence of this ratio can be reduced by increasing velocity 
and/or by increasing the size of nuclei in the flow. The latter may 
be a way of controlling this effect experimentally to reduce varia- 
tions in the observed K,; between model and prototype. 

7 If the main source of nuclei is the boundary crevices, dis- 
solved-gas content should have little or no effect on K; for small 
bodies, with steep pressure gradients tested at high velocities. 
However, for large bodies with flat pressure gradients tested at 
low velocities, it is believed that variations in the dissolved gas 
content may noticeably affect K;,. 


ACKNOWLEDGMENT 


These investigations are being conducted in the M.I.T. Hydro- 
dynamics Laboratory under the sponsorship of the Office of 
Naval Research, U. 8. Department of the Navy, Contract Num- 
ber N5ori-07873. This paper is based on one of the same title 
presented as part of the National Physical Laboratory Sym- 
posium on Cavitation in Hydrodynamics in Teddington, Eng- 
land, September, 1955. 


BIBLIOGRAPHY 


1 “Cavitation Mechanics and Its Relation to the Design of Hy- 
draulic Equipment,”’ by R. T. Knapp, James Clayton Lecture, Pro- 
ceedings of The Institution of Mechanical Engineers, London, 
England, series A, vol. 166, 1952, pp. 150-163. 

2 ‘‘Mechanism of Cavitation Inception and the Related Scale- 
Effects Problem,"’ by R. W. Kermeen, J. T. McGraw, and B. R. 
Parkin, Trans. ASME, vol. 77, 1955, pp. 533-541. 

3 “Incipient Cavitation Scaling Experiments for Hemispherical 
and 1.5 Caliber Ogive Nosed Bodies,” by B. R. Parkin and J. W. Holl, 
a joint study by the Hydrodynamics Laboratory, California Institute 
of Technology and Ordnance Research Laboratory, The Pennsylvania 
State College, May 15, 1953. 

4 “A Brief Survey of Progress on the Mechanics of Cavitation,” 
by Phillip Eisenberg, David Taylor Model Basin Report No. 842, 
June, 1953. 

5 “On Cavity Formation in Water,’’ by E. N. Harvey, Wm. D. 
McElroy, and A. H. Whitely, Journal of Applied Physics, vol. 18, 
1947, pp. 162-172. 

6 “The Onset of Cavitation in Liquids,’’ by F. G. Blake, Jr., 
Acoustics Research Laboratory, Harvard University, Technical Re- 
port No. 12, September, 1949. 

7 “Properties of Liquids at High Sound Pressures,” by H. B. 
Briggs, J. B. Johnson, and W. P. Mason, Journal of the Acoustical 
Society of America, vol. 19, July, 1947, pp. 664-667. 

8 ‘Air Resorption in Water Tunnels,” by F. B. Brown, Hydro- 
dynamics Laboratory, California Institute of Technology, Report No. 
N-62, March, 1949. 

9 “Investigation of Turbulent Flow in a Two-Dimensional 
Channel,”’ by John Laufer, NACA TN 2123, July, 1950. 

10 ‘“‘The Mean Value of the Fluctuations in Pressure and Pres- 
sure Gradient in a Turbulent Fluid,” by G. I. Taylor, Proceedings 
of the Cambridge Philosophical Society, 1936, pp. 380-384. 

11 ‘“‘The Theory of Homogeneous Turbulence,” by F. K. Batche- 
lor, The University Press, Cambridge, England, 1953. 

12 “Cavitation in the Mixing Zone of a Submerged Jet,’ by Hun- 
ter Rouse, La Houille Blanche, January-February, 1953. 

13 ‘Applied Hydro and Aeromechanics,”’ by L. Prandtl] and O. G. 
Tietjens, Engineering Societies Monographs, McGraw-Hill Book 
Company, Ine., New York, N. Y., 1934, p. 295. 

14 ‘The Structure of the Turbulent Boundary Layer,"’ by A. A. 


1703 


Townsend, Proceedings of the Cambridge Philosophical Society, vol. 
47, part 2, 1951, pp. 375-395. 
15 ‘‘The Mechanism of Energy Loss in Fluid Friction,” by B. A. 
Bakhmeteff and William Allan, Trens. ASCE, 1946, pp. 1043-1102. 
16 ‘Reduction of Turbulence Data With an Electrodynamome- 
ter,”” by J. P. Lawrence, MS thesis, Massachusetts Institute of Tech- 
nology, Cambridge, Mass., Course I, 1953. 


Discussion 


B. R. Parkin‘ anp R. W. Kermeen.* The results which the 
authors summarize in the present paper represent an important 
contribution toward the understanding of the mechanics of cavi- 
tation inception in situations of technical interest. Since in many 
practical situations we are concerned with the inception of cavita- 
tion in liquids flowing past solid bodies, the emphasis in the 
present paper upon the relationships between cavitation nuclei 
and the real fluid effects observed in a flow makes this paper one 
of broad interest. 

In this discussion we would like to compare some of the present 
findings with those of reference (2) of the paper, where cavitation 
inception in the boundary layer was studied without appreciable 
amounts of entrained air being present in the flow. As the authors 
have already pointed out, the flows in the present study and those 
past circular cylinders with hemispherical noses (reference 2) 
differed in the relative dimensions of the solid boundaries and in 
streamline curvatures produced by these boundaries. Perhaps a 
more striking way to compare these differences is in terms of the 
streamwise pressure gradients in the neighborhoods of the 
boundary points where cavitation inception was observed in the 
two cases. 

For example, from Figs. 3(a) and 3(b) of the paper we see that 
a favorable pressure gracient of about '/, ft of water per ft of 
streamwise travel might characterize the present experiments. 
From Fig. 5 of reference (2) the adverse pressure gradient which 
appeared to obtain at the points of microscopic bubble growth on 
the 2-in-diam hemisphere may be estimated to be about 400 ft of 
water per ft of streamwise travel. Thus we see that in the two 
cases the magnitudes of the pressure gradients differ by a factor 
of about 1600 and the direction of decreasing pressure points 
downstream in the present case while it points upstream in the 
experiments of reference (2). Of course, in this latter case, the 
flow curvature would also imply that even in the boundary layer 
we might expect the pressure to decrease toward the wall. These 
significant differences in the pressure fields enable us to under- 
stand, at least qualitatively, why during part of the growth phase 
of the microscopic bubbles reported in reference (2) the bubbles 
remained fixed with respect to the boundary, while the bub- 
bles observed in the present investigation moved with the flow at 
all times. 

As shown in our Report E-35.2,* the growth of these small 
bubbles at fixed points on the body appeared to be due entirely 
to uir diffusion from the water. These fixed bubbles were ob- 
served to grow in regions where the static pressure was from 2 to 
4 times the vapor pressure of the water and their observed growth 
rates from air diffusion could only be accounted for if the effect of 
the liquid transport velocity past the bubble was considered. 
These bubbles were lifted up to move with the boundary layer 
flow when they reached a size about equal to the displacement 
thickness. During this transport phase the microscopic bubbles 
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grew slowly until they reached the neighborhood of the fuzzy 
band of macroscopic cavitation (Fig. 4, reference 2) ordinarily 
associated with inception. At this point over the body they were 
observed to explode and definitely to merge with the fuzzy band 
of macroscopic cavitation. 

In certain respects the two pictures of the cavitation-inception 
process appear to be in agreement. Thus, in our experiments and 
those described by the authors, we find a bubble growth on the 
body caused by air diffusion, followed by a brief period of transla- 
tion with the boundary-layer flow. Finally, in both cases a re- 
gime of very rapid bubble growth was observed. It is certainly 
satisfying to be able to draw such close parallels between physical 
phenomena which were observed under such widely varying ex- 
perimental environments. On the other hand, it is important 
also to note the salient features which were different in the two 
sets of experiments. The great differences in the static-pressure 
fields caused by the radical differences in flow curvatures have 
been noted already. 

There also appears to be some sort of difference in the origin 
of the nuclei which grew into observable bubbles in the two 
cases. For example, we found that as the free-stream static 
pressure was lowered from the condition of inception described, 
the fuzzy macroscopic cavitation became a series of small clear 
cavities with their leading edges attached to the body. The 
establishment of this flow regime was accompanied by the dis- 
appearance of the microscopic bubbles (Fig. 6, reference 2). 
Evidently these small clear cavities are sustained by evaporation 
from and by the diffusion of air through the cavity walls, as is 
the case for full cavity flows such as those studied by Reichardt.’ 
Direct measurements indicated that this change in flow regimes 
was accompanied by an increase in the static pressure at the 
minimum pressure point from a tensile stress of about 6 em of 
mercury to a positive pressure which was about the vapor pres- 
sure of water, 2.3 cm of mercury. This pressure change was 
sufficient to drop the local supersaturation in the region of cavita- 
tion inception from about 20 times saturation to about 18 times 
saturation. This latter value is still extremely high, so that this 
high degree of supersaturation together with the continuous 
transport of such air-rich water into the region where the diffusion 
was observed to take place at inception should still permit very 
high diffusion rates to exist upstream from the small clear cavities 
after they are established. 

It does not seem possible to explain the suppression of the 
microscopic cavitation solely on the basis of changes in an air- 
diffusion process. Instead it seems to us much more likely that 
the microscopic cavitation originates in regions of the boundary 
layer where the static pressure is less than the vapor pressure. 
Thus we could expect the cavitation nuclei to grow initially as 
vapor bubbles and, after these growing bubbles had been trans- 
ported to the higher-pressure zone where the observations of 
reference (2) were made, the process of air diffusion produced ad- 
ditional growth. When the cavitation number is lowered to the 
point where the fuzzy macroscopic cavitation band becomes a 
series of clear cavities attached to the body, the microscopic 
cavitation disappears, not because air diffusion is suppressed, but 
because the pressure increase accompanying the formation of the 
clear macroscopic cavitation prevents the initial phase of dy- 
namic bubble growth. 

Thus we see that the sequence of events associated with the 
inception process studied in reference (2) differs from and seems 
somewhat more complex than that described by the present 
authors. Therefore it is not surprising that there are still other 
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differences between our experiments and the Daily-Johnson ob- 
servations. 

One of the most striking differences, which is shown by a com- 
parison of the data is that the smallest bubbles which were ob- 
served to expand rapidly by the authors, appear from Fig. 7 to be 
about 0.008 in. diam while the bubbles investigated by us were 
from 0.001 to 0.003 in. diam at the end of their growth to their 
maximum size by air diffusion. Moreover the authors have 
indicated that with their apparatus they could not generate 
cavitation in their test section from air nuclei smaller than those 
shown in Fig. 7 because the pressures were never low enough to 
permit the growth of the smaller nuclei. It would appear that the 
presence of the larger bubbles in the flow made it impossible for 
the static pressure to be less than vapor pressure in much the 
same way that the clear attached cavities on the hemispheres were 
found to relieve the liquid tensions which were found to exist at 
inception in our experiments. It seems safe to say that the 
growth of the very small nuclei can be promoted only in flows 
which produce very low pressures over a small region and that 
we cannot expect to maintain tensions over large volumes of 
nuclei-filled liquid. Investigations into the zone separating these 
two extremes would be of interest. 

It is important to note that the present experiments clearly 
relate the findings of Knapp and Hollander* to more recent cavita- 
tion experiments. In their experiments, Knapp and Hollander ob- 
served the growth and collapse of cavitation bubbles which 
originated from large air nuclei in the flow. However, they used 
2-in-diam axially symmetric bodies to generate the low pressures 
required to promote bubble growth. The cavitation bubbles 
which originated from the large air nuclei were very large com- 
pared to the boundary-layer thickness so that we may regard their 
histories as being typical of bubbles which grow in an essentially 
irrotational flow. 

Aside from bubble asymmetries caused by the proximity of the 
boundary and the presence of large pressure gradients® in the 
flow, such bubbles grow and collapse without being greatly dis- 
torted by the flow. However, when the flow is intensely rotational 
as is the case when the bubbles are in a turbulent boundary layer, 
it is evident from Fig. 3(a) of the paper that the bubbles assume 
highly distorted shapes as their size increases. These facts are in 
agreement with the results reported in reference (2) where the 
fuzzy intermittent macroscopic cavitation with characterized 
inception resulted from extreme bubble distortions. This tearing 
apart of the exploding microscopic bubbles to form the macro- 
scopic cavitation is due primarily to the turbulence of the 
boundary layer. The fact that there are large pressure gradients 
in the region and that the boundary layer is quite thin permits 
this zone of macroscopic cavitation to become stabilized at a 
single location on the body while the absence of these factors in 
the present experiments would seem to preclude the formation of 
a similar structure. Thus we see that the authors’ observations, 
when compared with previously known results, lead to a better 
understanding of the relationships between a broad class of phe- 
nomena which are common to the inception of cavitation under 
widely varying circumstances. 

We agree with the authors that the presence of a resorber in a 
water-tunnel circuit does effectively remove the large masses of 
entrained air from the flow and this does have a decided effect on 
cavitation inception from relatively large gas nuclei. For example, 
it is possible to observe the cavitation of the type studied by 
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R. T. Knapp and A. Hollander, Trans. ASME, vol. 70, 1948, p. 419. 
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Knapp and Hollander in the present high-speed water tunnel”® 
only if the dissolved air concentration is extremely high. Simi- 
larly, experiments of the type reported by the authors could only 
be performed inthe high-speed water tunnel under the same ex- 
treme conditions. On the other hand, the presence or the lack of 
a resorber in no way compromises the validity of the results of 
cavitation studies once this fundamental difference is recognized. 

In particular, the scale-effect studies reported in reference (3) 
of the paper were made in the Garfield Thomas water tunnel 
which has no resorber and in the high-speed water tunnel which 
has a resorber. In both facilities, only the cavitation which oc- 
curred in the boundary layer was studied. 

At the Ordnance Research Laboratory, the absence of a re- 
sorber permitted the recirculation of entrained air so that the 
type of cavitation observed by Knapp and Hollander also was 
observed. It was found that the growth and collapse of these 
large bubbles outside the boundary layer did not interfere with 
the inception of cavitation inside the boundary layer on models 
as large as 8in. diam. The two effects appeared to be superposable 
and the agreement between the California Institute of Technology 
and the Ordnance Research Laboratory results was excellent. 
Of course, there are probably many flows of practical interest in 
which there will be large amounts of entrained air and there are 
undoubtedly just as many technically important situations in 
which there will be no appreciable entrained air present. It is cer- 
tainly important to recognize the possibility that the cavitation 
phenomenon will be different in the two cases. 

In conclusion, we wish to thank the authors for presenting a 
paper which all workers in the field of cavitation undoubtedly 
will find very stimulating. 


M. Srrassera.'! This paper is of particular interest because it 
indicates the complete turnabout in the opinions on cavitation 
inception which has occurred among hydraulic engineers in the 
last decade. Ten years ago it was the general belief that cavita- 
tion occurred at vapor pressure, and any available data indicating 
that pressures below vapor pressure were required were viewed 
with skepticism and disbelief. The present paper illustrates the 
opposite point of view; although the measurements seem to indi- 
cate that the pressure at cavitation was above vapor pressure, the 
authors insist, and rightly so, that this cannot be, and that some 
unmeasured negative pressure increment must have existed which 
caused the net pressure to be below vapor pressure. 

Nowadays it is generally accepted that vaporous cavitation re- 
quires a pressure below vapor pressure, in accordance with the 
theory discussed by the authors and sho#rn in their Fig. 9. For 
those who remain skeptical, it may be of interest to point out that 
although the pressure measurements themselves may indicate 
pressure above vapor pressure, certain of the data presented by 
the authors do indicate that the pressure is below vapor pressure. 

In Fig. 3(b) of the paper, the size of a bubble is plotted as a 
function of its position. It is possible to estimate the pressure 
required for this observed rate of growth. The growth of a 
bubble follows the differential equation 


3 
ol + + (20/r) = p, — Pp... 
where the notation is that of the paper under discussion; i.e., r is 
the instantaneous radius of the bubble, p is the pressure in the 


water around the bubble, (20/r) is the surface-tension pressure, 
and the dots indicate first and second derivatives with respect to 


‘The Hydrodynamics Laboratory at the California Institute of 
Technology,”” by R. T. Knapp, Joseph Levy, F. B. Brown, and J. P. 
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time. When the bubble has grown to 5 or 10 times its original 
size, the * and (20/r) terms become negligible, and the radius 
then increases at a constant rate given by 


3 

Fig. 3(b) shows that the bubble does indeed grow at a constant 
rate of * = 25 ips (assuming the flow velocity U = 27.5 fps). 
Substituting this value of * into Equation [12] the calculated 
value of (p, — p) is 0.2 ft of water; i.e., the pressure in the water 
is 0.2 ft below the vapor pressure. 

The pressure required for the growth of this bubble also can be 
estimated in an alternative way, by means of the authors’ Fig. 9. 
The initial size of the bubble indicated in Fig. 3(b) is about 0.012 
in.; this is the critical diameter d* of the bubble just before it be- 
comes unstable and grows. From Fig. 9, this critical diameter 
corresponds to a pressure of 0.2 ft of water below vapor pressure. 

Accordingly, both the rate-of-growth calculation and the in- 
stability calculation give a pressure of about 0.2 ft of water below 
vapor pressure. Since the two calculations involve different 
theories and different experimental data, the agreement between 
them indicates that the calculated pressure is correct. 

The difference between this calculated value and the pressure 
measured at the roof for this bubble is about 0.6 ft of water. If 
this difference is indeed associated with the pressure fluctuations 
in the turbulent boundary layer, then, as pointed out by the 
authors, the instantaneous pressure fluctuations must exceed the 
rms fluctuations by a factor of from 5 to 10. It would be most 
interesting to determine experimentally whether the pressure 
fluctuations are so “‘peaky.’’ This could be done by inserting a 
pressure-sensitive electrical pickup into the turbulent region and 
observing the wave form of the output on an oscilloscope. 


Autuors’ CLosuRE 


The authors appreciate the thoughtful remarks of the dis- 
cussers and are gratified at the degree of agreement with this 
attempt to clarify the cavitation-inception process and the source 
and role of nuclei. 

Messrs. Parkin and Kermeen compare the results of the pres- 
ent experiments with their own experiments described in ref- 
erence (2). They note certain similarities but state that there 
appears to be a difference in the origin of nuclei in the two cases. 
The authors believe that there is essentially no difference. Both 
experiments involve cavitation from nuclei containing gas and 
vapor and it is suggested again that it is equally plausible for the 
microscopic cavitation bubbles described in reference (2) to have 
originated from trapped gas volumes in hydrophobic boundary 
crevices. 

The reasons are as follows: 

(a) It is interesting to note that the bubbles observed and 
reported in Fig. 6 of reference (2) originated at selected spots, 
each spot giving birth to a series of bubbles. 

(b) These bubbles must have been attached to the boundary 
during the period of growth prior to being swept downstream into 
the macroscopic cavitation zone. A calculation of the forces 
acting on a small free spherical bubble in the boundary layer 
will show that the drag force is many times the combination of 
pressure-gradient forces tending to keep the observed bubbles 
fixed. 

(c) Trapped gas nuclei will grow by diffusion provided the 
partial pressure of the trapped gas is less than the saturation 
pressure for the surrounding liquid-gas solution. In such a gas 
volume trapped in a boundary crevice, the actual gas partial 
pressure will exceed the surrounding fluid pressure by an amount 
equal to the surface-tension pressure minus the vapor pressure. 
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The magnitude of the surface-tension pressure will depend on the 
characteristics of the crevice and thus the type of boundary 
material. It is quite possible that this pressure is sufficiently 
high to require the observed supersaturation before gas can be 
released. In this particular case the surface-tension pressure 
may be represented by a spherical gas volume with a radius of 
about 5 X 10-*in. Furthermore, there is some critical condition 
at which even the small changes in the degree of supersaturation 
noted by the writers will cause or prevent release of gas. 

Argument (c) makes another point clear; namely, that the 
formation and growth of nuclei and the actual occurrence of 
cavitation can be independent. In particular it is not necessary 
for the local pressure to fall below the vapor pressure to cause 
growth and release of nuclei from hydrophobic boundaries. 
Cavitation, which the authors define as the explosive expansion 
taking place when the nucleus reaches its limit of stability, will 
occur when the bubble grows to its critical size for its given 
environment. 

Messrs. Parkin and Kermeen note that the smallest critical 
diameter appearing in the authors’ Fig. 7 is about 0.008 in. and 
suggest the presence of larger bubbles in the flow made it impossi- 
ble for the static pressure to be less than the vapor pressure. In 
the present experiments, the limit was imposed because on re- 
ducing the pressure to values less than that required to cause 
instability of 0.008-in. bubbles, so many of the larger sized 
cavities exploded that the stream became too cloudy for observa- 
tions. 

On the other hand, the authors agree that the existence of 
many large nuclei in a low-pressure region may prohibit the 
growth of smaller nuclei. There must be a point reached in 
a system such as the M.I.T. water tunnel where severe cavitation 
will choke the flow and only nuclei larger than a certain critical 
size will expand. 

Referring to the scale-effects studies mentioned by Messrs. 


Parkin and Kermeen, the agreement between CIT and ORL 
experiments is not necessarily evidence that the scale effects 
observed in references (2) and (3) are not peculiar to a system 


which eliminates all undissolved gas (such as a resorber). Ref- 
erence (3) points out that in the ORL study, tests were made 
“raising the pressure to 40 psia for 10 min to drive the entrained 
air back into solution. Then the pressure was lowered and 
readings were taken before air came out of solution.” Such 
a test procedure simulates the use of a resorber. The authors 
suspect that the scale effects observed would not exist or at 
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least would be less pronounced if water containing relatively 
large entrained gas nuclei were used. 

Mr. Strasberg’s interesting calculations of the pressure for 
bubble instability showed an agreement between two different 
methods of determination which does not hold generally for the 
bubbles observed in this experiment. (a) He assumes in effect 
that (p, — p) remains constant during the life of the expanding 
bubble. This can only be approximately true at best. Actually 
p which is the local liquid ambient pressure is a function of time 
and space. It follows then that (p, — p) calculated for a later 
phase ef the bubble-expansion process should not be expected to 
agree exactly with the critical value at which the bubble became 
unstable and began its rapid expansion. (b) The procedure 
neglects the effect of surface-tension pressure and of gas partial 
pressure within the bubble. The latter appears to be small 
which justifies its omission from the right-hand side of Equation 
[11] of the paper. However, surface-tension pressure is not 
negligible for the range of bubble sizes and expansion rates en- 
countered. 

Including a surface-tension effect in Equation [11] will give a 
decreasing value of (p, — p) so long as # is constant. On the 
other hand, while most of the expanding bubbles analyzed did 
increase in size at nearly a constant time rate, it should be noted 
{as for the example in Fig. 3(a)} that bubbles often deformed be- 
coming nonspherical with growth. Thus, since Equation 
[11] is for a spherical bubble, the range over which it applies 
limited. 

In his calculations, Mr. Strasberg used the flow velocity for 
the bubble pictured in Fig. 3(6) as 27.5 fps. This is the main- 
stream velocity, however, while the bubble moved at a reduced 
velocity within the boundary layer of approximately 21 fps. 
Reducing the rate of bubble growth accordingly but including 
an effect of surface tension, Equation [11] gives a value of (p, — 
p) that agrees closely but not exactly with that predicted by the 
stability relation, Equation [4]. This was found true also for 
other bubbles having a linear-growth rate. 

The authors agree that knowledge of the instantaneous pres- 
sure fluctuations in the turbulent region would be very informa- 
tive, although this has not yet been accomplished in the rela- 
tively thin boundary layer of this liquid stream. Of course, 
such measurements give only the local pressure, while as noted 
in the paper, it is believed that the bubble which travels with 
the liquid is subjected to the less than average pressures for some 
sustained period. 
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Critical Considerations on Cavitation 
Limits of Centrifugal 
and Axial-Flow Pumps 


By G. F. WISLICENUS,’ UNIVERSITY PARK, PA. 


This is the presentation of a problem, not of its solution. 
A critical examination of the cavitation problem of centrifu- 
gal and axial-flow pumps indicates that such pumps are 
operated at higher speeds than reasonably can be expected 
to exclude cavitation or local pressures below the vapor 
pressure of the fluid pumped. This fact is revealed by 
relating the over-all cavitation characteristics of pumps 
for which empirically determined values are available 
to detail characteristics usually described as blade-pressure 
coefficients which are sufficiently backed by empirical 
and theoretical information to permit rational interpreta- 
tion and an estimate of future developments, including 
pump operation with fully developed cavitation. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


n = speed of rotation, rpm 
Q = rate of volume flow, ft*/sec 
S = suction specific speed, Equation [1] 
Hy = total inlet head, ft 
H = total pump head, ft 
p = static pressure of stream far away from blade, lb/ft? 
Pmin = minimum local static pressure at blade surface, lb/ft? 
V = absolute velc. ity of flow, fps 
W = relative velocity of flow, fps 
U = peripheral velocity of rurmer inlet, fps 
C = total pressure coefficient of absolute inlet flow 
C, = blade pressure-reduction coefficient, Equation [2] 
g = gravitational acceleration, 32.2 ft/sec* 
Ve = peripheral component of absolute flow, fps 
V,, = meridional component of flow, usually axial, fps 


radius (distance from axis of rotation), ft 


—© = ratio of peripheral to meridional velocity com- 
m0 


ponent 


Subscripts 
0 = outer periphery of inlet passage 
avg = average as determined by condition of continuity 


OUTLINE OF THE PROBLEM 


The object of this paper is to present a group of problems 
connected with flow conditions in centrifugal and axial-flow 
pumps when operating within and beyond conventional limits 

1 Professor of Aeronautical Engineering, Pennsylvania State Uni- 
versity. Mem. ASME. 

Contributed by the Hydraulic Division and presented at the Dia- 
mond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 1955, 
of Tue American Society or MecHanicat ENGINEERS. 

Norge: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 25, 1955. Paper No. 55—A-144. 


with respect to cavitation. It is not the intent of this paper to 
describe details of specific solutions of these problems. 

By the cavitation limits of centrifugal-pump operation we 
understand primarily the limits in speed of rotation for given 
operating conditions (such as inlet pressure and capacity) deter- 
mined by the onset of cavitation within the pump. The most 
convenient expression describing the inlet operating condition 
has been found to be the “‘suction specific speed’’ 


The suction specific speed* may be defined as that combination 
of inlet operating conditions which, if held constant, permits 
similar flow and cavitation conditions in geometrically similar 
passages of centrifugal and axial-flow pumps. Its value char- 
acterizes the hydrodynamic design of the inlet passages with 
respect to local pressure reductions that can lead to cavitation. 
An increase in the suction specific speed means an increase in the 
speed of rotation for a given rate of flow and given inlet head, 
and constitutes thereby an advancement in the art of designing 
better inlet-flow passages. 

It is well known that an increase in the speed of rotation for a 
given operating condition is the most effective available method 
for reducing size and weight of a pump as well as its driver. The 
before-mentioned advancement toward higher suction specific 
speeds is therefore a matter of obvious practical importance. 

The cavitation limits of centrifugal and axial-flow pumps are 
today mostly given in form of empirical limit values of the suc- 
tion specific speed (or another convenient cavitation parameter ) 
which have been found by an over-all test of the unit regarding 
cavitationwise satisfactory performance. It will be c ear, how- 
ever, that the effect of changes in the inlet pressure on the over-all 
performance of the machine, or the absence of such effects, is at 
best a very indirect way of judging the existence or extent of 
cavitation within the machine. 

Thisempirical background of the cavitation behavior of centrifu- 
gal and axial-flow pumps is insufficient for two reasons: 


1 Since we do not know whether a pump is really operating 
free from cavitation when operating within conventional cavita- 
tion limits, it is not certain whether such limits guarantee satis- 
factory behavior under as yet untried operating conditions. 
Such conditions may be higher velocities of flow than previously 
attempted, or the use of relatively unconventional materials of 
construction, or finally, the handling of unconventional liquids as, 
for example, liquid metals. 

2 The present empirical background gives no assurance as 
to the true nature of presently accepted cavitation limits of 


*In this paper the suction specific speed will be used with the 
capacity Q measured in cubic feet per second, somewhat in contrast 
to the more conventional but inconvenient gpm unit (gallons per 
minute). The numerical values of S used in this paper are therefore 
by a factor of approximately 21.2 lower than those conventionally 
quoted. 
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pumps, and therefore no information about the possible advance- 
ments of such limits by appropriate design measures. 


In this paper an attempt will be made to rationalize on this 
situation by interpreting the conventional cavitation limits in 
suction specific speed in terms of the “cavitation coefficients’’ 
or ‘pressure reduction coefficients’’ of the impeller blades, mean- 
ing the local pressure reduction at the blades divided by the 
velocity pressure of the mean flow past the blade. There ex- 
ists considerable information on such pressure-reduction coeffi- 
cients from the theoretical pressure distribution of airfoil pro- 
files as published, for example, in the well-known NACA Report 
No. 824. Cavitation data on the same hydrofoil shapes when 
tested in the cavitation tunnel essentially confirm the theoretical 
expectations, although this statement cannot be made without 
considerable reservations. Not always is cavitation observed 
when the local pressure has just reached the vapor pressure. 
This may be illustrated by the conventional practice of deter- 
mining incipient cavitation on hydrofoils in the cavitation tunnel 
by raising rather than lowering the tunnel pressure at constant 
velocity of flow. The disappearance of cavitation under the in- 
fluence of a slow pressure increase in the tunnel yields reasona- 
bly consistent data on the flow limits of incipient cavitation of 
the hydrofoil concerned, these data being usually in fair agree- 
ment with theoretical expectations. Far less consistent data 
are obtained when attempting to observe limits of incipient 
cavitation by lowering the tunnel pressure, either because the 
first beginnings of cavitation are harder to detect or because of 
deeper reasons of the nature of cavitation that have not yet been 
fully explored. Some cases of considerable tension in flowing 
water have repeatedly and reliably been observed, although 
mostly under somewhat artificial test conditions. Therefore 
the concurrence of cavitation with the vapor pressure cannot 
be assumed categorically in all cases, but the existence of the 
vapor pressure is the only criterion of cavitation that can be used 
for its theoretical prediction in a reasonably simple fashion, and 
hence must form the basis for the analysis of cavitation condi- 
tions in turbomachinery. 


ANALysis oF Pump INLET WitHoUT PREROTATION 


The preceding considerations have led to the following ques- 
tion: 
Which values of the blade pressure coefficient 


a P — Pmin 


are connected with the empirically known cavitation limits of 
pumps in terms of their suction specific speed? 

To express the necessary relation between S and C, one relates 
the flow conditions at the impeller inlet to the total inlet head 
as follows 


Ww? 


{3} 


y2 
29 


where C is a coefficient larger than unity, indicating that because 
of unavoidable irregularities of flow the static pressure in the 
stationary inlet passages of the pump is somewhat lower than 
indicated by the absolute fluid velocity in these passages as 
calculated under the assumption of a frictionless fluid. 

Throughout this paper C will be assumed to be 1.1 which is a 
rather low value. 


?“Summary of Airfoil Data,” by I. H. Abbott, A. F. von Doenhoff, 
and L. 8. Stivers, Jr., NACA Report No. 824. 
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It has been shown‘ that Equation [1] also may be written in 
the form 


U2 \*% Vn 
S = 384.5 | —— 1 
U 
which applies to zero hub diameter in the inlet passage of the im- 


peller. 

Considering first the case of no prerotation which is the 
presently predominant practice for single-suction centrifugal 
and axial-flow pumps, one obtains by substitution of Equation 
[3] into Equation [la] the following expression 


U2 
+ C, (: + 


The numerical results of Equation [4] are plotted in Fig. 1 as 
solid-line curves designated by A = 0, for C, = 0.3, C, = 0.2, 
and C, = 0.1. Of these three values of the blade-pressure co- 
efficient C,, only the highest, 0.3, can possibly be regarded as a 
practically obtainable value within present-day centrifugal-pump 
practice. The other two values are fictitiously small in so far 
as they would require an agreement between the direction of a 
very slender impeller blade and the direction of the relative flow 
within a fraction of adegree. It will be seen, however, that exist- 
ing centrifugal-pump-design practice does not justify the assump- 
tion that such close agreement exists under any circumstances. 


Discussion oF STANDARD CENTRIFUGAL~-PuMP PERFORMANCE 
REGARDING CAVITATION 


Before considering the more general case of inflow with pre- 
rotation it is well to discuss the implications of the foregoing re- 
sults, particularly since zero prerotation conforms best to pres- 
ent standard practice. 

In Fig. 1 the dash and dot line at S = 385 represents approxi- 
mately standard practice of commercial centrifugal pumps as 
expressed by the standards of the “Hydraulic Institute.’”’ It is 
seen that this line corresponds roughly to the best values ob- 
tainable with C, = 0.3 which may well be regarded as the lowest 
practical limit obtainable if the inlet-vane edges agree with the 
direction of the flow within not more than +2 deg. It will be 
seen later that such agreement is at least questionable. More 
significant is the fact that very accurate tests of over-all per- 
formance have given S-values as high as 550 so that the range 
in the neighborhood of the curve C, = 0.2 must be regarded as 
well covered by special, highly efficient pumps, with a capacity 
range of apparently cavitation-free operation well in excess of the 
range in angle of attack that can be expected to be permissible in 
connection with C, = 0.2. With condensate pumps and some 
pumps in the chemical and refinery field much higher S-values 
are regularly used but the operation of such pumps is known to 
be connected with considerable local cavitation. 

Before drawing conclusions from this situation it is well to 
say a few words about the design flow conditions with which the 
before-mentioned cavitation performances of centrifugal pumps 
have been obtained. Referring to Fig. 2, it would seem natural 
to approximate the meridional flow at the inlet by a potential 
flow distribution, possibly modified as shown there to account 
empirically for some frictional effects. Under these assumptions, 
the meridional velocity at the outer shroud of the inlet V»9 would 
be considerably larger than the average value of the meridional 
velocity Vi» avg. This would lead in Equations [3] and [4] to 


‘Fluid Mechanies of Turbomachinery,” by G. F. Wislicenus, 
McGraw-Hill Book Company, Inc., New York, N. Y., 1947, particu- 
larly Chapters 4, 11, and 13. 


. 

py 

f 

2 
| 


WISLICENUS—CAVITATION LIMITS OF CENTRIFUGAL AND AXIAL-FLOW PUMPS 1709 


VM 


fim, 


PREROTATION COEFF. Vg. / Vm, 


FOR A=0 Vm = Vm =V¥m,, 


C,*BLADE PRES. COEFF 
2g Hsy/Vm? av =! 

‘Hs 
2 
NEEL 
Z| = 
oO 
he 

Ko 

w 

= 


a2 03 0.4 05 
vm 


Fig.1 Retation Between Suction Speciric Speep (S) anp BLape Pressure Coerricient (C;) ror 
CENTRIFUGAL AND AxtaL-FLow Pumps 


far higher values of C than assumed and therefore to less favora- 
ble S-values than indicated by the solid curves in Fig. 1. This 
consideration therefore tends to widen the apparent gap between 
empirical pump-performance data and theoretical expectations. 
To make it worse, very satisfactory results in cavitation perform- 
ance as well as in efficiency have been obtained by designing the 
inlet edges of the impeller vanes for a constant value of V,, = 
Vm ave a8 determined by the condition of continuity. This stand- 
ard design practice indicates that the present status of the theory 
of impeller inflow design can hardly justify the assumption of 
close agreement between the flow and the direction of the vanes 
as implied by the low values of the vane pressure coefficients C, 
that correspond to the empirical data on centrifugal pump per- 
formance. 

A likely compensating action by the impeller vanes can be 
shown to result from the fact that the bound vortex lines of the 
Fic. 2 Sranparp CentriruGaL Pump-IMPEe INLET vanes have an inclination against radial planes in such a manner 
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as to give the meridional inflow a vorticity of significant magni- 
tude. With standard impeller-vane design the direction of this 
vorticity may be expected to produce a circulation in the merid- 
ional flow IT’,, such as to change the potential inflow velocity 
distribution in the direction of a more uniform inflow velocity as 
indicated in Fig. 2. Whereas qualitatively this influence can 
be estimated as being of considerable practical importance, no 
adequate rational analysis of this important flow phenomenon has 
come to the attention of this author. 

On the basis of what has been said one can draw the conclusion 
that operation close to, but within accepted speed limits, involves 
either (a) local pressures below the vapor pressure of the fluid 
(tension), or (6) local cavitation, or (c) three-dimensional flow 
phenomena improving the general flow conditions with respect 
to cavitation in a manner not yet adequately explored. 


Anatysis or Pump-InLtet Conpitions PREROTATION 


The first question that comes to mind is that of possible im- 
provements in impeller inflow conditions with respect to cavita- 
tion that may be predicted by rational analysis. 

The most obvious and best-known step in this direction is con- 
nected with the use of “‘prerotation’’ of the fluid induced by sta- 
tionary, directive means ahead of the impeller inlet. This idea 
is quite analogous to the use of prerotation at the inlet of axial- 
flow compressors for the purpose of reducing the Mach number 
of the relative flow at the first-stage impeller inlet. As in the 
case of compressors, the use of a potential vortex ahead of the 
impeller inlet does not appear to be very promising. It is proba- 
bly for this reason that prerotation has not yet been generally 
employed in standard centrifugal or axial-flow pump practice 
with the exception of the inlet passages of standard, double- 
suction pumps. This latter case, in all likelihood, constitutes 
hydrodynamically a very imperfect solution, however, and there- 
fore will not be considered further in this paper. 

Since the use of prerotation with nonuniformly distributed 
angular momentum has been reasonably successful in the field 
of axial compressors, it seems natural to try this scheme in 
connection with centrifugal or axial-flow pumps. The particular 
case of ‘‘solid-body rotation’ will be analyzed further here to 
explore possible improvements with respect to cavitation 
performance obtainable by the use of prerotation. 

The flow with nonuniform angular momentum leaving an 
axial-flow vane system with irrotational inflow is described by the 


equation 
V OV. 


which is derived in several recent publications.’ Integration of 
this equation under the special assumption of a solid-body rota- 
tion as pictured in the upper right-hand corner of Fig. 1, leads to 


Venere 1 1 


For the case of prerotation, Equation [3] when applied to 
the outer periphery of the inflow passage can be written in the 
following form 


—— = (C +C,)(1 + A*) +¢, (: — [7] 


Substitution of Equations [6] and [7] into Equation [Ia] leads 
to the following expression 


5“A Practical Solution of a Three-Dimensional Flow Problem of 
Axial-Flow Turbomachinery,” by L. H. Smith, Jr., 8. C. Traugott, 
and G. F. Wislicenus, Trans. ASME, vol. 75, 1953, p. 789. 
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| 
S = 384.5 = Vu xs 


[«c +) (1 + d?2) a +a,(1 


[8] 


This equation expresses the suction specific speed as a function of 
V..0/U and of the prerotation coefficient 1 = Vgo/Vmo. The re- 
sults of this equation for the cases C, = 0.3 and A = 1, and C, = 
0.1 and X = 1 as well as \ = 2 are plotted as broken lines in Fig. 1 

It is seen that these curves fall appreciably above the corre- 
sponding curves (same values of C,) without prerotation (A = 0), 
indicating that judiciously applied prerotation is certainly an 
effective tool for raising the cavitation performance of centrifugal 
or axial-flow pumps. The results presented here should be re- 
garded only as estimates of these effects since the critical point 
of cavitation may not lie at the outer periphery passage as as- 
sumed here (particularly not for \ = 2), nor do these calcula- 
tions include a possible effect of the impeller blade induced 
circulation I’,, indicated in Fig. 2. In addition, it will be remem- 
bered that present results apply only to the special case of solid- 
body rotation which is not necessarily an optimum. Neverthe- 
less the results of the foregoing calculations do indicate the order 
of magnitude of improvements that can be expected from prero- 
tation, and thereby the fact that prerotation is not sufficient to 
permit cavitation-free operation at suction specific speeds in 
the neighborhood of 1000 as used currently for pumps with ex- 
ceptional suction requirements. It is also of interest to note 
that cavitation-free performance tentatively predicted by cal- 
culations considering prerotation (curve C, = 0.3 and A = 1, 
in Fig. 1) have already been achieved in practice without the use 
of prerotation, leaving the previously indicated apparent dis- 
crepancy between practically achieved and theoretically pre- 
dicted cavitation performance of pumps still unanswered. 

Prerotation with radially increasing angular momentum (as 
used here) can be shown to be particularly helpful in connection 
with curved flow boundaries of the incoming stream, as shown 
in Fig. 2. In this case the peak in the potential V,,,-distribution 
at the outer shroud is eliminated by the effect of prerotation with 
vorticity. Equation [5] can be generalized’ to include the case 
of curved meridional streamlines. 


Fic. 3. Centrirucat Pump Inver Wirn Ax1AL-Fiow “INDUCER” 


In passing, attention should be called to a frequently pro- 
posed, but less frequently employed, arrangement shown in Fig. 3, 
using an axial-flow impeller ahead of the radial-flow impeller inlet 
for the purpose of improving the cavitation performance of the 
entire unit. If it is desired to avoid cavitation in both impellers 
within customary limits there is no reason why the arrangement 
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shown in Fig. 3 should be better cavitationwise than that shown 
in Fig. 2 since the suction specific speed that can be reached is 
essentially independent of the specific speed, i.e., of the type of 
the pump impeller involved. If there is any difference then it 
would be in favor of the radial-flow wheel since local cavitation 
near the inlet edges of the vanes would have less effect on the 
over-all performance of such a wheel than in the case of axial- 
flow machines of more or less conventional design. The arrange- 
ment shown in Fig. 3 has therefore no foreseeable advantage un- 
less a different form of flow is considered as will be discussed in 
the following section. 


Pump Operation Wits a Futty DeveLopep CAvITATION 


The previously derived fact that conventional pump operation 
at advanced suction specific speeds may well be expected to in- 
volve considerable local cavitation naturally brings up the ques- 
tion whether pumps could be designed from the beginning for 
operation with cavitation. A rational consideration of this 
question is relatively simple only under the assumption of the 
extreme case of fully developed cavitation, meaning the case where 
the vapor-filled cavitation pockets do not end within the vane sys- 
tem considered. There exists in the field of turbomachinery only 
one case where this form of operation is regularly used and in- 
tended, namely, the case of the Pelton-type water turbine. The 
reversal of its principle for pump use will be the principal sub- 
ject of the following considerations. 

The incentive for considering the extreme of fully developed 
cavitation lies in the fact that under these conditions substan- 
tially higher suction specific speeds, and thereby higher absolute 
speeds of rotation can be employed than under conditions covered 
by conventional practice. In the light of the foregoing considera- 
tions the case of fully developed cavitation is characterized by 
the condition C, = 0. The suction specifie speeds obtainable 
under this condition are shown in Fig. 1 as an inclined straight 
line for the most natural case of zero prerotation (A = 0). As 
would be expected, this case involves a rapid increase of the suc- 
tion specific speed with diminishing values of the ratio of the 
axial-flow velocity V,, to the peripheral velocity U of the runner, 
since the kinetic energy of the axial flow (multiplied by the pre- 
viously used correction coefficient C = 1.1) is the only reason why 
the pressure in the fluid is lower than the total inlet head Huy. 


Fie. 4 Cascape Frow Wirs Devetopep Cavitation 


The C, = 0 line in Fig. 1 indicates that suction specific speeds 
in excess of 3000 (in excess of 60,000 in the more conventional 
gpm units of S) can be achieved as the inflow velocity is reduced 
to about one tenth of the peripheral velocity of the runner. It 
thus follows that by this form of operation one should be able to 
achieve speeds two to six times higher than under present-day 
empirical limitations. Still lower values of V,,/U and corre- 
spondingly higher suction specific speed appear to be entirely 
possible. 
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The previously mentioned analogy to the Pelton turbine 
indicates the essential difficulty connected with the use of fully 
developed cavitation for pump operation. It can be seen that 
in the pump case such operation necessarily involves the con- 
version of the kinetic energy of vapor or gas-bounded free jets 
into static pressure, a problem for which we can today no more 
than guess at possible methods for its practical solution. 

Fig. 4 shows the rather obvious form of two-dimensional flow 
with fully developed cavitation in a cylindrical section through 
an axial-flow runner. Since 
the jets are bounded by vapor 
or gas-filled regions the mean 
velocity in these jets before 
entering and after leaving the 
vane system must necessarily 
be the same except for minor 
changes due to fluid friction. 
Disregarding the latter, a typi- 
cal velocity diagram for two- 
dimensional cascade flow with 
fully developed cavitation is 
shown in Fig. 5. The practi- 
cally most essential character- 
istic of this form of flow ap- 


Fie. 5 Vevocirry DiaAGRAM oF 

CASCADE 

Fiow Wits Fuity DeveLorep 
CAVITATION 


Fie. 6 Free-Jet DiscHarce 
From an Axtat-FLow RUNNER 
(Disregarding distortion and radial flow.) 


pears to be the fact that the entire work input to the flow by the 
runner manifests itself in an increase in the kinetic energy of the 


* For the case of cascades with straight and parallel vanes, this 
flow has been investigated by Betz and Petersohn by means of the 
Hodograph method as early as 1931,’ giving very useful theoretical 
and some experimental data. 

7™“Anwendung der Theorie der Freien Strahlen” (Application of 
the Theory of Free Jets), by A. Betz and E: Petersohn, Ingenieur- 
Archiv, vol. 2, 1931, pp. 190-211. 


| Nw 


1712 


absolute flow. To better visualize the problem of the conversion 
of this energy into static pressure, Fig. 6 shows a highly simpli- 
fied picture of the form of the flow leaving such a runner. In this 
flow, only the relative velocity coincides with the direction of the 
helical elements of this flow, whereas the absolute motion is more 
or less normal to the direction of these elements. In other words, 
the entire flow configuration shown in Fig. 6 rotates with its 
front part moving from right to left, and at the same time moves 
axially up as indicated by the velocity diagram. 

The rotating motion of this system immediately indicates that 
this flow configuration cannot be stable but, because of the uni- 
formity of static pressure surrounding its individual flow elements, 
must move radially outward. The simplest possible approxima- 
tion for this motion is shown in Fig. 7 which gives a meridional 
picture of two streamlines a-a-a and b-b-b emerging at two differ- 
ent radii from an axial-flow runner with fully developed cavita- 
tion. The two velocity diagrams shown in Fig. 7 apply to the 
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Fig. 7 offers some very interesting and at best incompletely 
understood problems. 

Referring to the velocity diagrams in Figs. 5 and 7, it is seen 
that the velocity of the stream discharging from an axial-flow 
impeller wita fully developed cavitation has in this case a greater 
axial than peripheral component. Fig. 7 indicates how this 
discontinuous stream may be expected to transform itself into 
a “‘solid-ring flow’’ that may then be fed to a vane system with 
noncavitating flow. However, the problem of how the high kinetic 
energy of this stream can be converted into static pressure is as 
yet unanswered. 

One answer to this problem appears possible in the alternate 
case where the peripheral component of the discharging stream 
is decidedly greater than its axial component, because the kinetic 
energy of the peripheral component could be recovered in a 
radially expanding diffuser away from the free surface (inner 
boundary) of the ring flow. 


Fic. 7 oF Frow Wits Devetoprep CavitaTION IN A Space oF REVOLUTION 


runner inlet and discharge for the sections a-a and b-b, respec- 


tively. The approximation shown in Fig. 7 is based on the simple 
assumption that the flow proceeds along straight lines in planes 
tangential to the originally cylindrical stream surfaces, although 
closer approximations are possible, indicating some curvature 
of this flow path. By this motion, the entire flow will be 
crowded against the outer cylindrical surface of the casing thus 
progressively filling up the voids between the flow elements 
shown in Fig. 6 in the outer regions. The flow eventually should 
form a “solid ring’’ at the outer wall with the gas or vapor 
collected in the inner region of the space between the casing and 
the hub. 

It is entirely possible that the form of fiow with fully devel- 
oped cavitation just described offers a practical method by 
which one could derive some distinct advantages from the ar- 
rangement shown in Fig. 3, whereby the centrifugal part of this 
runner arrangement receives a solid flow from the outer “ring’’ 
space indicated in Fig. 7, whereas the axial-flow impeller oper- 
ates with fully developed cavitation. It should be understood 
that the real problem, however, is not nearly that simple as ob- 
viously the dynamics of the flow approaching the solid ring in 


An increase of the peripheral in favor of the axial component of 
the discharging flow is necessarily connected with a transition 
from the form of flow shown in Fig. 4 to that shown in Fig. 8 
which resembles the flow through conventional “impulse’’-type 
compressors or turbines except for the existence of vapor or gas- 
filled regions. 

As indicated in Fig. 8, the flow in such a runner is likely to ex- 
perience an appreciable radial displacement within the runner- 
vane system itself which has been estimated here qualitatively 
by the same means as explained in principle in connection with 
Fig. 7. Generally, the three-dimensional problem of flow with 
an open boundary may be tractable on the basis that “‘a surface 
of constant pressure must be normal to a surface containing 
the resultant curvature of the absolute flow’’ (in other words, 
normal to the radii of the resultant curvature of the absolute 
streamlines). 

It may be possible to discharge this flow from the vane system 
rather smoothly into a ring flow which subsequently can be 
handled in a vaneless diffuser followed in the example given here 
by a volute-type collector. 

The foregoing considerations on the cavitation characteristics 
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Fie. 8 “Imputse” Pump 


of pumps with fully developed cavitation have indicated that the 
greatest benefit of this form of operation results from the use of 
low values of V,,/U. Using therefore a value of 1/10 for this 
ratio one arrives at the conclusion that with a resulting suction 
specific speed of about 3500 one obtains a ratio of the pump head 
H to the total inlet head Hy of approximately 270, and a spe- 
cific speed of the unit in the neighborhood of 45 (capacity meas- 
ured in cu ft per sec), This rather high head ratio and low spe- 
cific speed indicate that pumps of the arrangement shown in Fig. 
8 are by themselves best suited for rather high values of the 
pump head, and that the addition of a radial-flow wheel as shown 
in Fig. 3, will rarely be necessary. 

In closing, it may be of interest to consider an example of 
specific operating characteristics for a pump as shown in Fig. 8. 
Assuming a total inlet head H.y = 20 ft and a rate of flow Q = 
3 cfs, one arrives at a pump head of over 5000 ft at a pump speed 
between 15 and 20 thousand rpm and a runner diameter in the 
neighborhood of 4.5 in. The casing may have an outside diam- 
eter of 10 in. The power consumption of this pump if handling 
water would be in the neighborhood of 2000 hp at an arbitrarily 
assumed efficiency of 70 per cent. The practical significance of 
such a machine with respect to weight, size, and cost in connec- 
tion with steam or gas-turbine drive appears rather obvious. 


SuMMARY AND CONCLUSIONS 


The results of the foregoing considerations may be summed 
up as follows: 


1 It is to be expected that standard centrifugal or axial-flow 
pumps when operating near conventional cavitation limits are 
not free from local cavitation or local pressures below the vapor 
pressure of the fluid pumped. This fact may be of practical 
importance with respect to cavitation erosion when using unusual 


Futty Devevtopep CaviTATION 


liquids such as liquid metals, or unusually high velocities of flow. 

2 Conclusion 1 is tentative because the interaction between 
the impeller vanes and the inflow to the impeller has not yet been 
adequately investigated. It is possible that this interaction has 
a corrective, beneficial effect on the flow entering a standard 
centrifugal-pump runner, and may be usable for the achievement 
of further improvements. Its theoretical investigation appears 
imperative. 

3 The use of prerotation with nonuniformly distributed 
angular momentum will permit significant advancements in the 
limits of predictable cavitation-free operation of centrifugal and 
axial-flow pumps. However, these advancements alone cannot 
be expected to. meet foreseeable requirements for greatly ad- 
vanced suction specific speeds. 

4 Pump operation with fully developed cavitation offers 
serious possibilities of major advancements in the suction specific 
speed of centrifugal and axial-flow pumps. The principal un- 
solved flow problems connected with this form of operation lie 
in the field of open-surface (constant-pressure boundary) flow 
under various three-dimensional conditions encountered in 
turbomachinery. 


Discussion 


F. C. Griman.* In this thought-provoking paper the author 
raises some questions for which answers may not be found 
for some years to come. Nevertheless, the stating of these 
mysteries will stimulate and guide the increasing number of in- 
vestigators who are working in this field. 

Regarding the strangely good cavitation performance of certain 


* Research [Wngineer, Worthington Corporation, Harrison, N. J. 
Mem. ASME, 
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designs which disregard inequalities in the inlet axial-velocity 
profile, the writer offers some thoughts which have not as yet been 
backed up by detailed observation. The designs referred to are 
based on a low uniform nonrotating velocity of approach whose 
velocity head is only a fifth to a quarter of the available Hy. In 
contrast to this the velocity head of the relative velocity passing 
the inlet vanes at their maximum radius may be as much as eight 
times H,y. At each radius the portion of the impeller vanes 
visible from the inlet duct will tend to control the inlet velocity to 
match its average angle. If the upstream axial-velocity profile 
differs from the profile built into the impeller, relatively small 
radial pressure gradients in the space immediately upstream from 
the vanes will suffice to bring it into conformity because the 
axial-velocity heads are low. Some such mechanism must ac- 
count for the fact that impellers based on uniform velocity of ap- 
proach perform as well as they do at their design flow. 

But what can explain the range of flows handled apparently 
without cavitation with C, = 0.2 and less? Here again we can 
look to the stabilizing influence of those portions of the impeller 
inlet which have high relative velocity. Putting it slightly dif- 
ferently, we may say that impellers or regions of impellers which 
have high tangential velocity in relation to meridional velocity 
have steep head-capacity characteristics and experience a pro- 
portionally smaller change in flow for a given change in head. 
Thus the inlet-tip region, which is in greatest danger of cavitation 
by virtue of a low value of C,, may be more protected from 
changes in angle of incidence than the radially inner portions of the 
inlet vanes. Another consideration is that regions of low pres- 
sure associated with slender blades at small angles of incidence 
are concentrated near the leading edge. Here, cavities may 
form and collapse under a moderate pressure gradient resulting in 
little effect whether of noise, damage, or performance change. 

The author’s intriguing suggestion for a pump which might be 
said to have descended from the rotary snow plow immediately 
raises the question in a pump man as to what the head-capacity 
characteristic might be. If first we consider the case of constant 
speed and no inlet rotation then the Euler head should remain 
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constant regardless of flow until the maximum flow rate is 
reached. Here there will be an abrupt limit as in a fully super- 
sonic axial compressor. The delivered pump head will probably 
reach a maximum at maximum flow and then drop off abruptly. 
It would appear that the only efficient way to control capacities 
would be to meter the flow at the inlet. Discharge throttling 
without inlet control could only result in breakdown of the flow 
pattern and serious reduction of delivered head. 

If flow can be controlled by limiting the thickness of the shav- 
ings peeled off by the rotor, then the only reduction in delivered 
head should be that resulting from the fact that the skin-friction 
power loss will remain essentially constant while the impeller- 
input power is diminishing as a result of the lower mass-flow rate. 
Some reduction in friction loss with flow reduction might be 
realized by controlling the radial extent of the liquid ring ad- 
mitted to the impeller rather than the axial depth of cut. This 
also would maintain more uniform inlet-flow geometry. 


AvuTHOR’s CLOSURE 


The author would like to thank Mr. Gilman for the expression 
of his interest in this as yet unexplored field of pump operation. 
He agrees with most of Mr. Gilman’s speculations as to the pos- 
sible reasons for the observed cavitation performance of existing 
pumps, but would like to stress the practical need of replacing 
such qualitative speculations by rational analyses of the basic 
flow problems involved. Without such analyses it will be difficult, 
if not impossible, to design systematically for the optimum cavita- 
tion performance obtainable by means of cavitation-free flow. 

Mr. Gilman has certainly recognized the intriguing charac- 
teristics of pumps with fully developed cavitation. It may be 
that the diameter of the inner, free ring surface of the flow behind 
the impeller has an additional influence on the head-capacity 
characteristics of this type of pump, but the existence of a stable, 
free flow surface under the conditions described is as yet by no 
means assured. In other words, an as yet quite unexplored field 
of fluid me¢hanics is involved, namely, that of open surface flow 
in a centrifugal field. 
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Some Aspects of High-Suction Specific- 
Speed Pump Inducers 


By C. C. ROSS! anp GORDON BANERIAN,? AZUSA, CALIF. 


Some aspects of the design and performance characteris- 
tics of high-suction specific-speed pumps (cavitating in- 
ducer) are discussed. Although conventional pump- 
suction specific speeds are limited by incipient cavitation 
limits, the properly designed cavitating inducer can 
operate at values of suction specific speeds many times 
that limited by incipient cavitation. Owing to the re- 
stricted nature of this material, the authors regret leaving 
out much of the design information. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


A = axial flow area inside impeller entrance, ft* 
D = diameter, ft 

F = thrust, lb 

9 = gravitational constant, ft/sec? 
h,, = suction head above vapor pressure, ft 

H = head rise, ft 

k = impeller-vaue coefficient 

4A 

= vane area correction factor = —?) 
N = shaft speed, rpm : 
N, = specific speed, ee 


pressure, psia 

volume flow rate, gpm 

impeller diameter ratio, hub to tip 
radius, ft 


1/2 
suction specific speed, 
time, sec 
velocity, impeller vane, fps 
velocity, absolute, fps 
velocity, fluid, relative to impeller, fps 
vane angle, deg 
efficiency, per cent 
mass density, slugs/ft* 
head drop resulting from axial velocity of fluid to vane, 
ft 
Ah, = head drop due to relative velocity of fluid after entering 
impeller, ft 
Subscripts 
c = centrifugal impeller 
i = inducer 
m = meridional 
o = optimum 


da 


1 Manager, Liquid Engine Division, Aerojet-General Corporation. 
Mem, ASME. 

? Principal Engineer, Head of Rotating Machinery, Aerojet- 
General Corporation. Mem. ASME. 

Contributed by the Hydraulic Division and presented at the Dia- 
mond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Tae American Soctzty or Mecuantcat ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
25, 1955. Paper No. 55—A-124. 
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i = tip 
1 = initial 
2 = final 


INTRODUCTION 


The use of various devices to improve the suction characteris- 
tics of centrifugal pumps is important in many applications. 
To accomplish an improvement in the suction characteristics at 
a minimum addition of weight, minimum loss in over-all efficiency, 
and with minimum complexity, is of particulay interest to the 
rocket-engine designer. In the case of rocket engines, it has been 
demonstrated that the suction specific-speed parameter is a 
prime variable in determining the total dry weight of a complete 
power plant. Fig. 1, which is reproduced from another paper,’ 


BASIC DESIGN 
= 8000 LBS. 
15 S = 20000 

t = 60 SEC. 


40 60 80 100 120 140 
S= SUCTION SPECIFIC SPEED IN THOUSANDS 


POWER PLANT WEIGHT VARIATION IN 
PERCENTAGE TOTAL FIXED WEIGHT 


-20+ 


Fie. 1 Curve SHowrne Totat Power-PLant VARIATION 
as a Function or S 


shows this general relationship. In more conventional applica- 
tions, improvements in suction characteristics are desirable for 
such items as boiler feed pumps and similar applications in 
which liquids with high boiling points are pumped. Improve- 
ment of the pump-suction characteristic is reflected in the in- 
creased values of suction specific speed 


S = 


at which a pump can be designed to operate. 

It is noted that improvement in suction characteristic will per- 
mit an initial design to operate at a higher rotative speed or at a 
lower value of h,, as compared with a pump having conventional 
saction characteristics. In the rocket application the higher 
rotative speed is reflected in lower pump weight and in conven- 
tional applications the higher speed may result in a lower-cost unit 
or a unit which is more adaptable for use with high-speed drives 
such as turbines and universal electrical motors. 

Higher suction specific speed may be obtained by a variety of 
methods, such as the employment of double-suction pumps or 
jet pumps which circulate part of the high-pressure discharge fluid 
back to the inlét in order to add momentum to the incoming 
fluid, viscous-drag inducers that add momentum with a minimum 


*“Principles of Rocket Turbopump Design,’ by C. C. Ross, 
Journal of the American Rocket Society, no. 84, March, 1951, pp. 21- 
33. 
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of disturbance to the fluid, slow-speed boosters geared to the main 
drive, vapor-separator impellers, ‘‘cavitating inducers,’ and com- 
binations of these devices. 

Of all the methods mentioned, the cavitating inducer appears 
promising for many applications and represents the latest ap- 
proach for obtaining high-suction specific speeds. The employ- 
ment, of inducers to induce the fluid with the least amount of en- 


Fic. 2 Typicat Hieu-Suction Speciric-Speep InpucEeR 


trance loss has been known for many years, but the subject has 
not been systematically studied. Earlier inducer designs were 
merely improved inlets to get slightly higher suction specific 
speeds before incipient cavitation occurred, but those discussed 
in this paper operate with considerable cavitation. The data re- 
ported in this paper are introductory and represent only a por- 
tion of the work accomplished and of that yet to be done. The 
simple design considerations of inducers are relatively easy to 
cover, but the more complex problems of optimization from the 
standpoint of minimum cavitation damage, and maximum effi- 
ciency require further investigation as will be seen from the 
ensuing discussion. 

In radial impellers it is customary to design the leading edge of 
the vanes for both the hub section and outside surface section at 
nearly the same radius, so that when incipient cavitation occurs 
the entire blade section at the entrance begins to cavitate simul- 
taneously. On the other hand, in axial impellers, the tip usually 
cavitates first, and since this section then no longer develops as 
much pressure as sections near the hub, secondary flows within 
the impeller tend to adjust the flow velocities to correct for the 
shortcomings of the tip section, and the impeller continues 
to pump under slightly adjusted conditions. When the suction 
pressure is dropped further to the point at which most sections 
of the impeller are cavitating, the pump fails to generate pressure 
unless the impeller is specifically designed to handle the saturated 
vapor, 

The primary function of an inducer is to act as a specially de- 
signed axial stage which will operate with cavitation and grad- 
ually add momentum to the fluid as it enters advanced sections 
until the vapor is recompressed and rapid momentum addition 
can be made as in a conventional impeller. Fundamentally, 
these conditions imply long passages, with certain sections of 
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the blade operating under cavitating conditions, In turn, the 
long passages mean added frictional losses and consequent reduc- 
tion in over-all efficiency. Also, the presence of cavitation is 
conducive to possible damage. Experiments and practical use of 
inducers have shown that these shortcomings can be minimized 
and that lower efficiency and the possibility of damage are more 
than compensated for by the improvement in suction conditions 
for some of the applications mentioned. Fig. 2 shows a typical 
inducer used in a rocket turbopump installation. 


INLET CoNnDITIONS 


The first consideration in the design of the inducer is the inlet 
condition which will be based on the case of fluid flow with no 
prerotation as shown in Fig. 3. Theoretically the total inlet pres- 
sure is available to accelerate the liquid into the impeller, but in 
order for the pressure just inside the inlet section to exist below 
vapor pressure, the liquid would have to be capable of support- 
ing tension. Under the highly agitated conditions of the impeller 
entrance and because of impurities in the liquid, this is not pos- 
sible, and the fluid enters the vapor phase at fluid vapor pressure. 
Thus it follows that for an impeller designed to operate with 
cavitation the passage areas must be increased to accommodate 
the lower density saturated vapor. Ordinarily only the net 
positive suction head (the difference between the total inlet 
pressure and the vapor pressure of the fluid) is considered availa- 
ble to induce the flow into the impeller. 


Fic. Lypucer INLet-Vevocity Diacram 


A useful parameter for describing pump suction conditions‘ 
is the suction specific speed 


This parameter can be rewritten in terms of the inlet geometry 
condition and the volume flow as 


| (i=) | 


where k& is the impeller vane coefficient and k, is the area cor- 
rection factor due to vane interference. 

The net h,, for incipient cavitation can be considered to consist 
of two components, that which is caused by the axial velocity V, 
of the fluid (Ah = V,2/2g), and that which is caused by the rela- 
tive velocity W of the fluid to the impeller vane (Ah; =kW?/2g). 

‘**Fluid Mechanics of Turbomachinery,”” by G. F. Wislicenus, 
McGraw-Hill Book Company, Inc., New York, N. Y., 1947. 

5 “Die Kreiselpumpen,’’ by C. Pfleiderer, Julius Springer-Verlag, 
Germany, 1949. 
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A plot of the suction specific speed parameter 


1. \% 


as a function of the design parameter 


(ra) 
ND; \1 — r? 


is shown in Fig. 4 for constant values of k from 0 to 0.1, where 
k, is assumed to have a value of unity. 


Optimum INLET DIAMETER 


It can be noted from Fig. 4 that there is a maximum value of 
suction specific speed for every value of k and a corresponding 
optimum design parameter 
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CALCULATED VALUES OF INDUCER-DEsIGN PARAMETER AS A 
Function or Suction Speciric-Speep PaRaMETER 


Fie. 4 


By differentiating Equation [2] with respect to the design 
parameter and setting the result equal to zero, the following ex- 
pression for the optimum inlet diameter is obtained 


Q Ve 
2(; | (k + 1) 


Substituting Equation {3] into Equation [2], the expression for 

the maximum value of the suction specific speed is 

5060 k,'/* (1 


= . [4] 

The effect of the hub-to-tip diameter ratio on Smax and D,, is 

shown in Fig. 5, which applies for constant values of k and k,. 
From the foregoing relationship it can also be shown that 
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Fic. 5 Rattos or Optimum Inpucer-INLet DIAMETER AND SucTION 
Speciric-Speep VaLves as A Function or Inpucer-Hvus Ratio 


v. 


tan 8, = 


for shockless entrance at the blade tip, or 


Q 1 
18.5 tan 8, = wedi 3). 

Therefore for every value of the design parameter there is a 
given @,, values of which are shown in Fig. 4. Test results show 
that angles up to 2 deg greater than that required for shockless 
entrance (zero angle of incidence) are necessary at the optimum 
diameter. This is perhaps due to prerotation. 

If incipient cavitation were the only prerequisite to limitations 
on S, then it follows that, by taking the best value of k from 
streamlined-body tests, S would be limited to values of around 
15,000 for conventional centrifugal pumps. Usually, however, 
lower values of S are encountered in conventional centrifugal 
pumps. Fortunately, incipient cavitation does not limit S in 
well-designed inducers, since the well-designed inducer gradually 
recompresses the vapor into the liquid state before the fluid 
leaves the impeller. : 

Determination of the optimum inlet diameter for cavitating 
conditions would be rather difficult owing to the complicated 
nature of the mixed-phase flow, but test data show that the be- 
havior of the flow and the diameter requirement are nearly in ac- 
cordance with the simplified theory. A point to be noted from 
Fig. 4 is that the general type of curves applies not only to in- 
cipient cavitation but also to fully cavitating flow up to the point 
of complete breakdown, corresponding to the lower values of k. 

In applying the results to the determination of the optimum 
inlet diameter required, it is necessary to estimate the hub-to- 
tip diameter ratio, r. The diameter ratio is generally dictated by 
mechanical design considerations. The suction specific-speed 
parameter can be evaluated from the desired suction specific 
speed and the diameter ratio, r. The optimum eye diameter can 
be determined from Fig. 4 where Q and N are known from the 
optimum value of design parameter corresponding to the maxi- 
mum value of suction specific-speed parameter. 


vat. ..- [6] 
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Heap GENERATION 


For composite-type impellers the inducer must develop suf- 
ficient head to keep the main rotor from cavitating, that is 


H (inducer) 2 h,, (centrifugal impeller) — h,, (inducer) 
which can be written as 
Ny S, 8; 


Equation [7] implies that the specific speed of the inducer 
must have as the upper limit the maximum suction specific speed 
of the main impeller. Generally this limit is about 8000 to 
13,000. 


240 


a 


HEAD ,H, FT 


°% 8 12 16 20 24 
CAPACITY ,Q; GPM 


Fic. 6 Typrcat InpucerR Heap-Capacity CurvE 


The nature of the head-capacity curve or head-generated curve 
versus specific speed’ at constant suction specific speed depends 
on the geometry of the inducer, the design suction specific speed, 
and the specific speed. Fig. 6 shows a head-capacity curve for an 
inducer operating under noncavitating conditions. The curve is 
typical for pumps operating at design-point specific speeds of 
around 10,000. 

A term which is useful in describing the performance of an in- 
ducer operating with cavitation is the ‘“‘per cent noncavitating dis- 
charge head,’’ which is defined as the ratio of the head generated 
under cavitating conditions to the head generated under non- 
cavitating conditions for the same speed and capacity. Fig. 7 
shows per cent of noncavitating discharge head versus operating 
specific speed at a constant suction specific-speed value of 30,000 
for different types of inducers, The variations in performance 
that can be expected with different inducer designs are repre- 
sented by curves A through C; of course, for most applications, 
design A would be desirable. 

In some cases a plot of per cent head versus suction specific 
speed shows the head to rise as the inducer first begins to operate 
in the cavitation region, and gradually the head begins to fall off 
as the degree of cavitation increases. This is attributable to the 
decrease in friction resulting from a slight amount of cavitation, 
but as the intensity of cavitation increases, the mechanism of 
recompression, separation, etc., decreases both the efficiency and 
head generation. Fig. 8 shows typical curves of discharge head 
versus suction specific speed where lines of constant per cent of 
noncavitating head are also shown. 

To observe the phenomenon of cavitation, a lucite housing was 
constructed to permit observation of pump tests. Figs. 9, 10, 
and 11 show an inducer in operation with decreasing values of 
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suction pressure at the same capacity, and speed of rotation, 
showing per cent of noncavitating head and suction specific 
speed ranging from 100 to 36 per cent and 15,500 to 42,000, 
respectively. Note how the intensity of cavitation increases and 
also moves toward the exit of the impeller with increasing values 
of suction specific speed. When the cavitation reaches the exit, 
the discharge pressure falls off completely. 

With fluid entering axially the head generated by backward 
curved vanes can be written as 


. [8] 


for a given geometry, so that under noncavitating conditions the 
head drops with increasing flow, the flow being proportional to 
V,,. Under cavitating conditions, as the degree of cavitation 
increases with decreasing suction pressure, even though the flow 
is kept constant, the local V,, increases in order to pass the lower 
density fluid. Thus partial unloading of the blades occurs for 
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that portion of the passage length where V,, increases as a result 
of cavitation. This might be advantageous from one point of 
view since the unloaded blades tend to readjust for the adverse 
loading condition which initially induced the cavitation, If, 
near the end of the rotor, the vapor-mixture fluid is compressed 
to the liquid phase, the total head generated should be in ac- 
cordance with the V,, at the exit, except for the change in ef- 
ficiency that results from going into and out of the vapor phase 
within the impeller. If the passage areas can be controlled to 
keep the transition near isentropic, there might be an improve- 
ment in expected performance for present-day inducers. 


IMPELLER Erricrency 


The impeller efficiency can be determined by combining the 
efficiency from the main portion of the rotor and the expected 
efficiency from the inducer. The efficiency of the main rotor 
portion is a function of the specific speed of that portion, the 
clearances, and the flow distribution leaving the inducer portion. 
What is considered to be the end of the inducer and the beginning 


Tos. of main rotor is not always obvious in a composite impeller de- 


Heap (S = 15,500) sign. 
The net efficiency will be 


Because of the long passages of an inducer, the efficiency is 
generally lower than would be expected of pumps of that same 
specific speed. Tests show that efficiencies ranging from 40 to 
65 per cent can be expected from inducers. 

Sometimes higher over-all efficiencies are obtained with in- 
ducers than were obtained for the main rotor before an inducer 
was incorporated. This is particularly true for very low specific- 
speed pumps that had originally a poor inlet design. As the 
over-all specific speed increases, the inducer supplies more of the 
total head, and hence the over-all efficiency is generally lower 
than for a pump of that same over-all specific speed without an 
inducer. 


CavitTaTIONn DAMAGE 


The amount or degree of cavitation damage is determined by 

Fic. 10 Inpucer Oreratinc at 80 Per Cent NoncavifaTinG the pressure in the immediate vicinity of the cavitation, the di- 

Hse (5 se 38.400) mensions of the cavity before and after collapse, the proximity of 

the cavity to the inducer surface at collapse, fluid, and material 

of construction, ete. No attempt will be made here to discuss 

the mechanics of cavitation, but the following simplified explana- 

tion will help to visualize an otherwise complicated phenomenon. 

Lord Rayleigh’s equation for the collapse of the cavity indicates 

an approximate pressure resulting from the collapse of cavitation 
cavity to be 


3 
P; = 0.1575 (2) [10] 


It is evident that very bigh pressures are obtained when the 
cavity collapses. However, with small amounts of gas entrained 
in the liquid, it is not likely that R, drops to zero. From Figs. 9 
through 11 it can be seen that the foaming resulting from cavi- 
tation cannot be rigorously described by single-cavity approach. 
Test data on water show that when P, is less than 10 psi above 
vapor pressure, very little or no cavitation damage results. By 
controlling the vane shape, it is possible to produce a gradual 
pressure increase throughout the impeller. This increased pres- 
Fic. 11 Inpucer Operatine at 36 Per Cenr Noncavitatinc ‘ure will tend to reduce the radius R, of the cavity and hence 

Heap (S = 42,000) reduce the cavity collapsing pressure P:. Also, by careful design 
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it may be possible to cause the cavity to collapse in the fluid 
instead of against the structure. 


CONCLUSIONS 


Almost all of the inducers tested have had the inlet area ob- 
structed by 10 or 15 per cent by the impeller blades. The effect 
on performance resulting from impellers with fixed values of in- 
let-area obstruction and with one or more blades has not been 
completely evaluated. Neither has the effect on performance 
been completely determined resulting from varying the number 
of blades with the same value of solidity. The range of solidities 
tested has been from 2.5 to 3.5, with the ratio of length of in- 
ducer to diameter varying from 0.4 to 0.6. No optimization 
with respect to the foregoing parameters has been performed. 

There is definite evidence that an outside shroud reduces the 
maximum suction specifie speed obtainable from inducers. 
Apparently the flow over the impeller tips tends to unload the 
blades in the region of most severe cavitation. This also suggests 
the possibility that holes or slots in the blades in cavitation areas 
may permit blade unloading or even provide a fluid cushion 
against the blade surface against which the cavitation bubbles 
may collapse. 

Scale factors of 2 or 3 do not materially affect over-all per- 
formance in the range tested, but for much larger scale dif- 
ferences, performance may be affected by the actual time re- 
quired for the formation and collapse of the cavity. 

The head developed by the inducer or impeller at each section 
definitely affects performance, since rapid turns, etc., can cause 
low local pressures and possible separation. 


Discussion 


F. C. Gruman.* The authors and their company are to be 
commended for making available to the pump industry as much 
as they have of this significant piece of pioneer work. Applica- 
tions for high-suction specific-speed pumps which operate beyond 
the range of incipient cavitation are rapidly increasing with the 
variety of liquids being pumped. A few parts of the paper seem 
to need clarification, however. 

In the introduction, it is suggested that improvements in suc- 
tion characteristics are desirable for applications in which liquids 
with high boiling points are pumped. Is not the significant 
feature of the type of application that the suction pressure does 
not exceed the vapor pressure by a wide margin? Boiling point 
by itself has little significance. 

The jet pump is mentioned as a means of increasing suction 
specific speed. Jet pumps which use a portion of the pumped 
liquid to increase impeller-suction pressure have a definite place 
where suction pressure as such needs to be boosted. This is 
usually in a low specific-speed range. Where high-suction 
specific speed is desired to achieve high specific speed, this method 
soon encounters the law of diminishing returns since the impeller 
must handle not only the quantity required externally but also a 
significant additional quantity for recirculation. 

Under the subject of inlet conditions, the authors state that in 
an impeller designed to operate with cavitation the passage 
areas must be increased to accommodate the lower density 
saturated vapor. This gives the impression that the vapor 
demands space as would a noncondensable gas. With some 
liquids this actually may be so, especially if Stahl and Stepanoff? 
are correct in their claim that heat-transfer limitations control the 


® Research Engineer, Worthington Corporation, Harrison, N. J. 
Mem. ASME. 

7 “Thermodynamic Aspects of Cavitation in Centrifugal Pumps,” 
by H. A. Stahl and A. J. Stepanoff, published in this issue, pp. 1691- 
1693. 
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rate of vapor evolution and collapse. When pumping liquids like 
cold water the vapor merely fills up the space avoided by the 
moving liquid. If we provide extra area in the passages it is 
because either we do not know just how the liquid is going to 
move or we know that under varying capacity the liquid will fill 
different paths and we try to provide for variation within the 
fixed geometry. 

Equation [2] needs some correction as it appeared in the pre- 
print. On the right side of the denominator of Equation [2] 
the factor (1+k)/k,* should be replaced by (k + k,) if k, is 
defined as in the preprint by 

29 
Equations [3] and [4] are also inconsistent with this definition 
of ka. 

The writer would urge the avoidance of the term “‘shockless’’ 
to indicate zero angle of incidence in turbomachines. The term 
shock should be reserved for the phenomenon of velocity and 
pressure discontinuity associated with supersonic flow. 

The authors suggest that prerotation may be the reason why 
they find aslightly larger entrance-vane angle required than would 
correspond to zero incidence based on the approach axial velocity. 
It is the writer’s view that unless the angle is increased to com- 
pensate for the area occupied by the vane, not only will an axial 
acceleration be required, but the same precentage increase will 
be needed in the much higher relative velocity. 

The single-vane inducer form described in this paper results in 
minimum blockage for a given minimum vane thickness. It also 
provides a long passage in relation to cross section which is help- 
ful for consolidating the liquid within the limits of the inducer. 
The length-over-width ratio at tie root-mean-square radius 
appears to be about 50 which seems excessive from considerations 
of best efficiency. If actual cavitation can be tolerated without 
prohibitive damage, then one of the forms of impeller suggested 
by Dr. Wislicenus* would seem to offer an opportunity for a 
significant forward step in this field. 


Ah, = 


AutHors’ CLosURE 


The authors appreciate the comments of Mr. F.C. Gilman. We 
are in agreement on the comments made relative to the jet pump. 

The increase in inlet size, we feel, is required because the mean 
specific volume of the fluid increases as the intensity of the cavita- 
tion increases. The increase in specific volume may be con- 
sidered to result from pure separation or vaporization. The 
vaporization may occur at a constant temperature (heat from ex- 
ternal source being required ) or expansion isoenthalpically beyond 
the saturated liquid line with no addition of heat being required. 
In either case, the velocity of the fluid is limited by the available 
AH to vapor pressure, but since the specific volume increased due 
to separation or vapor expansion, it follows that the area required 
to pass the flow must increase. 

Tests were performed (with cold water) that confirmed the 
need for added area. Test data also showed (within experimental 
error) that the pressure in some areas dropped below vapor pres- 
sure. This factor would imply that the inlet area increase re- 
quirements be a function also of the properties of the fluid. 

The Ah, term as defined in the preprint of this paper was not 
used in the derivation of Equation [2]. The analysis was based 
on Ah, and k, as defined in the present text. The factor (1 + k)/ 
k,? in Equation [2] is therefore correct. However, Equations 
[2] and [3] as stated in the preprint were incorrect due to a typo- 
graphical error. The typographical error consisted of the omis- 


8’ “Critical Considerations on Cavitation Limits of Centrifugal 
and Axial Flow Pumps,”’ by G. F. Wislicenus, published in this 
issue, pp. 1707-1714. 
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sion of required brackets which have been incorporated in the 
present text. 

The slightly larger entrance vane angle can be explained in 
part by the area occupied by the impeller vane, but over and 
above this, an increase in entrance vane angle was noted to be 
necessary. ‘Test data have shown that the highest suction specific 
speed for a given design was obtained for a lower value of flow 
than that required for zero angle of incidence, vane obstruction 
being considered. 
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It is true that the composite impeller with long passage length 
is lower in efficiency for the design specific speed than one de- 
signed with a shorter passage length; however, it was not possible 
to make the shorter impeller operate at as high a value of suction 
specific speed. It has also been observed that the short-vaned 
impeller received severe cavitation damage in a matter of minutes 
due to the more rapid turning, whereas many hours of operation 
have been attained with an impeller that has long passage with 
no visible cavitation damage. 
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The Design of Axial Flow Pumps 


By R. D. BOWERMAN,? PASADENA, CALIF. 


A design procedure for axial-flow pump impellers is T = torque 
presented that accounts for induced interference effects u = impeller speed = wr 
in the prediction of performance. Induced interference V = velocity 
velocities at an impeller blade have been calculated using Ve = relative velocity (average) 
a three-dimensional model that includes the effects of the Vs = tangential component of interference velocity 
other blades and of the total downstream vorticity along V, = axial velocity (through-flow) 
the center line of the pump. The design method eun- z = co-ordinate along chord line 
siders improvement of cavitation conditions by specifying y = co-ordinate perpendicular to chord line 
the radial variation of the design parameters such that the at : 
4 z = axial co-ordinate 
pressure distributions on all radial sections are similar. . 
8B = angle from horizontal 
An analysis of optimizing the impeller geometric parame- B blad le (chord-li 
ters for cavitation conditions is presented to permit the ee (e ——— e) 
initial choices of the quantities appearing in the design Ty = cir culation of a single blade 
procedure. Experimental work on a two-bladed impeller I = total circulation value 
has yielded results that give good support to all aspects of 7 = radius ratio = r/rz 
the design method. m = hub rativ = 0.6 for this work 
n* = efficiency 
NOMENCLATURE 6 = angular co-ordinate, also camber angle 
The following nomenclature is used in the paper: § = dimensionless axial co-ordinate 
a = annular area of impeller = (r2* — r,*) £, = axial extent ratio = z,/rs 
A, B = constants appearing in streamline equation p = fluid density 
Ce = dimensionless tangential interference velocity NPSH 
Vers . o = cavitation coefficient = ——— = — 
ie given by the linearized equation H v 
= Ke+K = torque coefficient = 
o + paus*rs 
C, = static head coefficient = ~~———— = flow-rate coefficient = V,/us 
2 
AC, = static head differential coefficient Xw = speed coefficient = —7 
C, = lift coefficient 
Cy = design section lift coefficient — 
X,, = size coefficient = 
g = gravitational constant Hg 
H = head of impeller v = head coefficient = = 
H, = free-stream total pressure, psi (as in reference 9) . 4 a 
Hy = total head in impeller eye ¥’ = input head coefficient = 7/ 
h, = local static head + er: angular velocity 
Ko, K, = constants in equation for Cs c/s = solidity — ; 
L’ = lift force per unit width NPSH = net positive suction head 
N = rpm 
n = number of blades 
P = local static pressure NQ’* 
P, = total pressure in impeller eye N,, = suction specific speed = (NPSH)”* 
P, = vapor pressure 
v 
Q = flow rate, cfs : —; = velocity ratio due to thickness 
qo = free stream dynamic pressure v 
R = reaction Av 
tadiel velocity ratio due to camber 
Av,/V = velocity ratio due to angle of attack 
8 = spacing = 2mr/n 
! This work was supported by the Office of Naval Research, under Subscripts 
Contract N6onr-244, Task Order 2. Reproduction in whole or in part 1 = hub radius; also, angle at leading edge 
is permitted for any purpose of the U. 8. Government. as nae 
2 Research Engineer, Hydrody:yamics Laboratory, California In- 2 = case radius; also, angle at trailing edge 
stitute of Technology. Assoc. Mem. ASME. t = trailing edge 
Contributed by the Hydraulic Division and presented at the a : 
1955, of Taz American Society oF MecHaNnicaL ENGINEERS. s = streamline quantity 
Nore: Statements and opinioas advanced in papers are to be i = isolated airfoil quantity 
understood as individual expressions of their authors and not. those of «antes t 
the Society. Manuscript received at ASME Headquarters, August al : Se 
25, 1955. Paper No. 55—A-127. e = design-point value 
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INTRODUCTION 


In recent years, axial-flow pump impellers have been designed 
by applying the data of two-dimensional isolated airfoil theory 
to each cylindrical section of a blade. In general, the results have 
been good. However, there has been some disagreement and 
doubt as to the corrections that should be applied to the two- 
dimensional airfoil sections when they are subjected to the in- 
fluence of the cylindrical boundaries of the pump where there are 
mutual interference effects between the blades. Previous at- 
tempts to account for interference have been based on calcula- 
tions of simple cascades of airfoils in two dimensions. Following 
the general suggestions of Spannhake (4),* the present design 
procedure uses corrections based on a three-dimensional model, 
i.e., with the blades treated as spokes of a wheel. 

The design method proposed includes the very important con- 
sideration of designing for optimum cavitation conditions. The 
basic presumption in the cavitation consideration is that the 
blade-pressure distribution can be closely predicted by the correc- 
tion process of the design procedure. Optimum cavitation design 
is meant to describe the choosing of the optimum speed and size 
in connection with the performance desired to give the impeller 
the least susceptibility to cavitation. It is thought that making 
all radial sections equally susceptible to cavitation produces a 
pump with better over-all cavitation performance. The optimiz- 
ing analysis affords the first step in the design procedure by per- 
mitting proper choices of the blade-section coefficients, the num- 
ber of blades and the approximate geometric quantities and speed 
of operation. The interference corrections are then applied to 
determine the finished blade-section shapes. 

It is only proper to concede that the present correction for 
blade mutual interference method of designing is based on assump- 
tions that are not entirely proved. Furthermore, theories that 
may be employed in the design of turbomachinery are still sub- 
ject to argumentation. Cascade theories are reasonably accurate 
in the design of axial-flow compressors; however, it is shown in the 
present work that cascade theories do not give proper predictions 
of pump-impeller operation. The present three-dimensional in- 
terference calculation and two-dimensional cascade calculations 
do not agree. Also, there apparently is no logical transition be- 
tween the two-dimensional flow model and the three-dimen- 
sional model which will allow a continuous theory for turbo- 
machine design. The author suggests continuation of investiga- 
tions of turbomachine theories; however, this presentation is 
made in the belief that it now offers worthwhile improvements 
over existing axial-flow-pump design methods. 

An extensive experimental study of a two-bladed impeller de- 
signed by the three-dimensional method has been conducted and 
the results are presented. As this impeller represents a nominal 
specific speed (10,000) of the usual axial-flow designs, it is pre- 
sumed that the experimental results substantiate the use of the 
design method for most axial-flow pumps. The limitations on the 
present method are not known and further experimental verifica- 
tions are needed—especially in the realm of lower specific speeds 
where the solidity must become high. 


Tue INTERFERENCE CALCULATION 


The basis of the design procedure is to fit a camber line to a 
curving streamline in the annular-blade region in the same 
manner that a camber line is placed on a straight streamline for 
an isolated airfoil in an infinite field of uniform flow. The per- 
formance of the designated camber line is then assumed to be the 


same in both cases. The fact that the relative flow is slightly re- 


tarded is neglected. The main consideration then is to determine 


3 Numbers in parentheses refer to the Bibliography at the end of the 
paper. 
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the curved streamline which is composed of the through-flow 
velocity, the tangential velocity of the impeller, and the induced 
interference velocities from all sources. Thickness effects have 
been neglected and »nly vorticity has been considered. The total 
vorticity effect cannot easily be handled; therefore the inter- 
ference has been calculated by approximating the total influence 
by the influence of the vorticity of the blades from the case to the 
hub center line and downstream on the center line to infinity. 
Case and hub boundary conditions were placed in effect. The 
center-line vorticity of the “removed” blade has been included, 
but the cyelic effect of the removed blade (if there is such an 
effect) has been omitted. 

The interferenve of the center-line vorticity of the removed 
blade was found using the equation derived in a previous work (1) 
where it was assumed that the vorticity grows linearly through 
the blade row. The exact solution is 


The interference velocity depends on the axial extent of the blade 
and on the radius ratio. Typical curves of the dimensionless in- 
terference velocity of the removed blade are shown in Fig. 1. 
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Fic. 1 Inpucep TaneentTiaL Ve.Locitry Due to Down- 
STREAM VORTICITY OF A BLADE FOR THE ExampLe & = 0.72 


The interference velocities due to the other blades were found 
by employing the velocity values due to a single vortex element as 
presented by H. N. Tyson, Jr. (2). The solution presented by 
Tyson did not lend itself to rapid calculations and could not be 
further analytically summed to represent a blade with distributed 
vorticity. Therefore graphical summations of the limited data 
Tyson presented were made for several blade representations. 
It was necessary to add to Tyson’s values correction values due 
to a center-line vorticity of '/2 (per blade) to achieve conditions 
of zero prewhirl and total circulation downstream as Tyson con- 
sidered symmetrical splitting of the radial vortex element, half 
upstream and half downstream. Also, only the tangential com- 
ponent was retained in the final interference anz'ysis, as the 
radial and axial components are comparatively small. Inter- 
ference-velocity values were summed for four values of the axial 
extent ratio &, = »,/rz = 0.2, 0.4, 0.6, and 0.72. A single vortex 
element was used to approximate the blade vorticity for £, = 0.2, 
three vortices of equal strength dispersed along the chord line for 
£, = 0.4, and five vortices for £, = 0.6 and 0.72. These very 
approximate blade representations are believed to be satisfactory 
for the solidities involved in these summations. In instances 
where greater values of £, and greater numbers of blades combine 
to give high solidity, then more precise distribution of the blade 
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vorticity would be necessary. Dispersion of the singularities 
could be made only along a single helical surface (corresponding 
to a blade angle of 32.4 deg at the hub and 20.9 deg at the case). 
Actual blade angles can be a few degrees different from this helical 
representation without suffering serious error. Summations 
were made at the hub, mid-radius, and tip sections. Blade repre- 
sentation and summation regions are illustrated in Fig. 2 for the 
case &, = 0.4. 


"REMOVED BLADE” 


2 BLADES 3 BLADES 4 BLADES 6 BLADES 


6 436 2,46 


BLADE REPRESENTED BY THREE VORTICES 
WITH & = 0.4 


THE DOTTED LINES SHOW THE SUMMATION REGIONS AND 
THE NUMBERS ABOVE CORRESPOND TO THE NUMBER OF 
BLADES ON THE IMPELLER 


Fie. 2 Typrcan Biape REPRESENTATIONS FOR SUMMATION OF 


INTERFERENCE VELOCITIES 


The final total interference is the sum of the effects of the other 
blades and the downstream vorticity of the removed blade. 
In Fig. 3 values of the total tangential interference velocity are 
plotted against the axial-blade extent (£ = z/r2) for the case of a 
two-vaned impeller with £, = 0.72. The shape of these curves is 
typical of all cases summed. 

As the curves deviate only slightly from straight lines, each 
curve for the dimensionless induved tangential velocity (Cs) was 
approximated by a line with the equation 


where Ko is the interference-velocity value at the removed 
blade leading edge and K; is the difference in values between the 
trailing edge and leading edge. The value of z/z, varies from 0 to 
1 from the leading edge to trailing edge. In this manner, all of the 
cases have been reported by presenting values of the constants Ky 
and K;. In Table 1 these values are tabulated and, in Fig. 4(a), 


TABLE 1 VALUES OF Kp AND TOTAL 


INDUCED TANGENTIAL "VELOCIT 


No. 
Axial of 


extent blades = U.6 n=U.8 = 1.0 0.8 ne 
2 0.212 0.180 0.134 0. 106 0,038 0.051 
& = 0.2 3 0.299 0,269 0.186 0.198 0.059 0,105 
bt 4 0.371 0.352 0.231 0.319 0.092 0.174 
6 0.463 0.501 0. 304 0. 665 0.192 0.348 
2 0.180 0.161 0.118 0.170 0,076 0.083 
= 0.4 3 0,241 0, 235 0,156 0.315 0.128 0,159 
t ’ 4 0.274 0. 288 0, 180 0,514 0,220 0,277 
6 0.289 0,310 0,191 1,015 0.574 0.574 
2 0,152 0,142 0.103 0.227 0.114 0,112 
&, = 0.6 3 0,183 0. 187 0.125 0.430 0, 224 0.228 
t ° 4 0.187 0.191 0.128 0. 687 0,415 0. 381 
6 0.191 0.184 0,127 1,210 0. 626 6. 701 
2 0, 135 0,130 0.093 0,258 0,137 0.129 
& =0.72 3 0.149 0.159 0.103 0.493 0. 286 0, 268 
4 0.138 0,144 0,100 0.781 0.505 0.433 
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Fie. 3 TANGENTIAL INTERFERENCE VELOCITIES AS 


a Function or THE AxtaL Co-ORDINATE FOR THE 
EXAMPLE or A Two-BLapep Wits = 0.72 


Ky and K, are plotted as functions of the radius ratio. It should 
be noted that C¢ is the dimensionless total interference veloc- 
ity equal to Ver:/T’, where V¢ is the total interference velocity 
and I, is the value of circulation of a single blade. IT’, is used be- 
cause the number of blades is taken into account in the summation 
and so included in the values of Ky and K,. 

It is of interest to note that the present interference calculation 
supports certain known limits concerning fluid flows. In the 
three-dimensional calculation there cannot be a limit that 
corresponds to the isolated airfoil; however, the case of zero 
blades has a similar significance. In Fig. 4(b) a plot of the Ky and 
K, values are shown as functions of the number of blades on an 
impeller. It can be seen that Ky and K; approach zero for zero 
blades corresponding to no interference effects. The limit as the 
number of blades is increased is the Euler result for an in- 
finite number of blades. This limit requires exact guidance of the 
flow, so the total circulation must be achieved at the impeller 
exit. In other words, the “interference” is the total effect of the 
impeller. Therefore Ky must become zero and K, become equal 
to the total circulation velocity. It can be seen (Fig. 4b) that 
the Ko-curves do seem to reach a maximum and begin to ap- 
proach zero as the number of blades is increased. Similarly K; 
appears to approach the total tangential circulation velocity. 
Fig. 4(b) also shows that neither isolated airfoil data alone nor 
Euler theory can give correct results for designing pump im- 
pellers. 

The effect of the axial extent of the blades is demonstrated in 
Figs. 4(a) and 4(b). If the axial extent is small, Ky is near to half 
the total circulation far downstream. K»y becomes smaller as the 
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12 Tue Desicn Equations 
j An impeller blade is designed by placing a camber 
Re = j line on the pre-existing streamline in the blade 
, a ‘ region. The camber line could be put on the stream- 
ices + TF ~ | line at an angle of attack; however, for considera- 
tion of improved cavitation conditions it is thought 
j | f that the best way to achieve the design head is by 
4 <i ty J] using camber only rather than by operation at angle 
es} 1% of attack. Normally for a cambered blade shape, 
be IF shockless entry occurs approximately at zero angle 
ond IP ; e of attack to the chord line and a smoother pressure 
es ae a és } of distribution is obtained. If the pressure distribu- 
/ 7 1 | tion has a large negative area at the leading edge, 
} 7 4 which is the case with angle of attack, then cavita- 
02 o2 02 tion is more likely to occur. 
4 Y — The streamline equation is derived from the 
A Ho’ oe geometric relation illustrated in Fig. 5(a). It is seen 
nm = NUMBER n n n Va Va 
OF BLADES OQ = Ky 
tan — — 
B rdO Vo r, C 
Fic. 4(6) Ko Ki as a Function or THE NuMBER OF Biapes 


axial extent increases. On the other hand, as the axial extent gets 
small K, approaches zero and for large axial extent K, becomes 
large. These results show that as the axial extent of the blade 
becomes large with respect to the case radius of the pump, more 
of the circulation growth occurs within the blade region. 

In Fig. 3 the individual contributions to the total induced 
velocity have been plotted as well as the total value. It can be 
seen that the effect of another blade and its downstream vorticity 
is little different than the downstream effect of the removed 
blade. The effects of the mutual blade interference are compared 
to the effects of the total downstream vorticity by the dotted 
curves which represent simply the downstream vorticity results 
multiplied by the number of blades on the impeller. For the two- 
vaned case given in Fig. 3, the separate effect of the other blade 
is seen to be small. It appears, then, that two-vaned impellers 
with small axial extent might be designed with reasonable success 
by considering only the downstream vorticity. However, when 
the axial extent is large, of there are several blades, then nutual 
blade interference should be included. 


C4 is given by Equation [2]. 
Integrating, solving for #, and introducing the dimensionless 
parameters @,, &, and 7 gives 


The hub blade angle 8. is determined as follows 


mx, 


tan Ba = 


where @,, is the value of 8 at the trailing edge of the root section. 
Substituting Equation [3] for 0, (properly evaluated), then 


m Ku 


where Ko, and Ky, are the interference velocity constants at the 
root section. 
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Fie. 5(a) Ve vocrry Components AND THE Co-ORDINATE 
System 


Lift coefficient is introduced from the equations of airfoil theory 


1 
L' = pVT, 2 


where V is approximated by Vg average—the average relative 
velocity 


~ ~ 


Solving for T’,, dividing through by wr.*, and evaluating at the 
root section produces 


Equations [4] and [5] may be resolved for ¢, and I',/wr2? with 
the results 


2 1 i el 
2 sin Ba cos Ba + Kn + 
r mC 
* sin Ba cos Ba + Ko =) 
and also 
Gan? 
Equation [3] can be rewritten as 
B 
6 = AE— Ky 
g 2( 2, [9] 


where A = 1/¢, and ¢, is given by Equation [6] and B is given by 
Equation [8]. A and B are constants determined by the per- 
formance desired and depend on the choices of the parameters 
Cu, &. , and the number of blades n. Ky and K, depend upon 
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the number of blades and the axial extent ratio £,, and are func- 
tions of the radius. 

The variation of the amount of the camber (lift coefficient) with 
radius is determined thus: From airfoil theory 


where Vp = Va/sin §,, c = z,/sin 8,, and Va = wred,. Combin- 
ing these expressions with Equation [8] gives 
Cu sin* B. 


C, = Ba 


The blade angle 8, varies with radius as determined from the 
relation tan 8, = £,/n@,. Equation [9] gives the value of @,. 


Thus 


The head coefficient is found by considering the theoretical 
head relation for zero prewhirl 


[11] 


Then 


where all values are taken at the design flow rate. Since 


T’,/wr:? is given in Equation 

When all of the performance quantities and parameters have 
been chosen properly by the cavitation-optimizing analysis, the 
streamline constants A and B can be calculated from Equations 
[6] and [8] and the streamline co-ordinates can be computed 
from Equation [9]. The values of the blade angle at various 
radii are calculated from Equation [11], and the variations of C, 
are determined from Equation [10]. These are the necessary 
quantities to determine the final blade shape. 


DESIGNING FoR Optimum CaviTATION CONDITIONS 


Investigations of the best relations between size and speed to 
reduce cavitation susceptibility in pumps have been made in the 
past. The analyses have usually been made at the tip section of 
the impeller which was considered to be the critical section for 
cavitation. If the cavitation due to tip clearance flow is neglected, 
then it seems reasonable that the over-all cavitation susceptibility 
might be reduced if the impeller blades were designed with all 
radial sections equally critical. If the effect of the thickness func- 
tion on minimum static pressure can be assumed to vary only 
slightly with change in radius, then the pressure distribution at 
each radius can be made equal by considering the head produced 
at each radial section. For a free-vortex design, the head is con- 
stant for all radial sections. It can be shown that to achieve the 
same head at each section, the tangential force must be the same; 
so to have similar pressure distributions (same minimum pres- 


ar, 
Ci = 
tle 
Vow Sar 
is the circulation velocity far downstream, then 
nl, ‘ 
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sures) the axial extent of a blade must be the same at all radii. 
In this manner the chord increases from hub to case as the co- 
secant of the chord angle in contrast to past designs where the 
chord was kept nearly constant. By the foregoing qualitative 
reasoning, constant axial extent is specified in the design proce- 
dure. 

With each radial section equally susceptible to cavitation, the 
hub section will be given preference in the optimizing procedure 
since it will have the highest loading. Combining the method of 
calculating approximate pressure distributions on isolated airfoils 
as given in reference (9) with the geometric relations concerning 
the flow through a pump, permits calculating the incipient cavita- 
tion coefficient ¢ = NPSH/H as a function of specific speed and 
of the impeller size. (Note o here stands for incipient cavitation 
and not cavitation breakdown.) The equation for the pressure 
distribution is 


Av, |? 
where 
Hy = + Pp — 
2 2 
qo = 
and 


V, = Vez sin B, (as seen in Fig. 5b) 


The term Av,/V is the pressure drop due to angle of attack which 
is neglected by virtue of specifying that the optimum operation 
is at zero angle of attack. When P = P,, the vapor pressure of 
the liquid, then cavitation is imminent. Equation [13] can be 
rearranged giving 


— 2 
29 
V2/S—1 
— —— (14 
29 (Ge B, + 1) 
From the head relations 
Hw 
Y= and H, 
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then Veo = Yana 
n 


Also, with ¢, = V,/us, and employing the velocity triangle (Fig. 
5b) the chord angle is determined 


= [15] 


| 2 2 


Fie. 5(6) Inet, 
Mean Ve tociry TRIANGLE 


AND 


Dividing through Equation [14] by the head gives 
NPSH —1 


= —— 
sin? B, 


H 


Two dimensionless quantities may be defined from ¢, and y,, 
one dependent only on speed and the other on size 


y,'/ H’/s Veg / 1 2)'/2 
Then Equation [16] can be rewritten as 
The specific speed for a hub ratio 7; of 0.6 is 
rpm (gpm)'/? 


In Fig. 6, o is plotted as a function of N, for various valves of 


2 3 4 5 7 
| 
2 | / 
70 
& S*2.01 +10 | 2 
NACA "6S comber line 
ond NACA 16-009 oo? 
oO 50 
2 
40 
b= 
< 
+ 4 
30 
> ws 
20 
2) 
<a 
= 
"= 0 5,000 10,000 15,000 20,000 25,000 30,000 


Ns = 


SPECIFIC SPEED 


Fic. 6 Examp.ie or CaviTaTION COEFFICIENT AS A FUNCTION OF SPEED AND S1zB 
FOR A PARTICULAR BLADE SECTION 


(NACA 65 refers to the camber type found in reference 9.) 


| 

— 
© 
Va 
J ‘ 
Bo - 

va 
ie 
: 

uF 
‘ 


BOWERMAN—THE DESIGN OF AXIAL FLOW PUMPS 
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(x,,)* for a particular blade-section shape. In this example a 
value of S = 2.01 resulted from a symmetrical parabolic camber 
and an NACA 16-009 thickness function.‘ It can be seen that for 
a given specific speed, there is a particular impeller size that will 
provide the best (lowest) cavitation coefficient ¢. The envelope 
of these curves represents the best cavitation conditions possible 
for the given blade section. Fig. 7 shows the enveloped curves 
for several values of S or C,. With curves such as shown in 
Figs. 6 and 7, for a given Q and H, either N or o may be specified 
and the resultant optimum size and blade section coefficient can 
be determined. Other resultant quantities have been calculated; 
the hub blade angle 8,, Equation [15], presented in Fig. 8, and 
the solidity c/s, presented in Fig. 9. The solidity is given by the 
equation 


_2sin BY, 
where at the hub section, 7 = m = 0.6. The reaction is sometimes 


of interest, and lines of constant reaction could be drawn in Fig. 6. 
The reaction is defined by 


c/s 


u Vee 2n? 

g 


R= 


It is important to consider that in general the efficiency is highest 
for high reactions and large C,. This is in contrast to the con- 
diticns for least o. 

The suction specific speed is given by 


and lines of constant N,, are shown in Fig. 6. It should be noted 
that V,, = const is not an envelope line of the optimum-size lines 
although they are nearly equivalent at high values of specific 


In Fig. 10 the pressure-drop coefficient S has been plotted as a 


4 The camber shape is listed in reference (9) for 6 per cent camber 
as NACA 65. For other than 6 per cent camber the ordinates and 
lift coefficient are scaled linearly. 


Cy = LIFT COEFFICIENT 


Fic. 10 Pressure-Drorp Coerricrent S as A Function or Cz anp Per Cent 
THICKNESS FOR SYMMETRICAL ParRaBo.ic CAMBER LINES 
(NACA 65 and NACA series 16 thickness functions.) 


08 Lo 12 16 


function of lift coefficient and per cent thickness to show the 
relative effects of these quantities. With regard to designing each 
radial section to have equal cavitation susceptibility, the exact 
requirement is that S— 1/sin? 8, be constant. It can be shown by 
example that this term does not vary more than 2 or 3 per cent 
from hub to case for normal cambers and thickness functions if 
the sections are designed with constant axial extent as previously 
proposed. 

In making an impeller with optimum cavitation operation, it 
should be borne in mind that there is a large number of parameters 
involved and that certain choices must be made according to 
other requirements of the design. A minimum of curves has been 
presented with only the usual approach to a design considered. 
The basic equations have all been given to permit further calcula- 
tion. In some instances other forms of the equations may be more 
appropriate. 


Desien PrRocEDURE 


Generally for a new design, the head, flow rate, and desired 
submergence are given and certain motor speeds are available. 
From these quantities a trial specific speed can be computed. 
Choices of thickness and lift coefficient Cz, are made and a value 
of S is determined. Referring to charts, such as given in Fig. 6, 
will then show whether the computed o can be achieved. If 
suitable choices will meet the requirements, then the correspond- 
ing hub blade angle 8, and c/s can be determined from Figs. 8 and 
9. From the optimum value of (x,,)‘ the fourth root can be used 
with Equation [18] to compute rz. (The hub ratio 7 is con- 
sidered to have only the value 0.6 in this presentation.) Knowing 
rs, c/s, and B,, then a choice of number of blades n can be made 
and the chord c and axial extent z, can be calculated. These quan- 
tities determine the basic blade design. If any of the foregoing 
quantities do not suit special requirements or turn out to be 
unreasonable (e.g., c/s >> 1 or 8, very small) then new choices 
must be made and the process repeated. The interference calcu- 
lation was made for a hub blade angle of 32.4 deg. In Fig. 8, it 
is seen that the optimum blade angle is not too different from 30 
deg for a wide range of specific speeds and values of C;. There- 
fore the interference-calculation results should be reasonably 
appropriate for a large number of pump designs. In the event 
that the solidity is small, then the blade-to-blade interference 
may be neglected and the streamline can be calculated using a 
linear representation for the C's given in Equation [1] where the 
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blade angle is not restricted. With the basic blade quantities 
chosen, the values of n and &, are used to find values of Ky and 
K;, in Fig. 4, y, and ¢, can be computed, and the streamline for 
several radial sections can be calculated from Equation [9]. 
(Note, the values of 8, determined from Equations [4] and [15] 
should agree, although there may be an unimportant slight dif- 
ference resulting from the use of plotted values.) The values of 
8B, and C, at the other radial sections are computed from Equa- 
tions [11] and [10]. 

The blade-section shapes may now be drawn. The simplest 
method is to plot the streamlines and then graphically place the 
camber on the streamline using NACA data scaled for the 
proper values of C;. Thickness is added in the usua] manner 
A typical blade section is shown in Fig. 11. Some designers pre- 
fer using the camber angles instead of displacements, in which 
case the isolated camber angle may ke added to the streamline 
“camber” angle and the resultant drawn from the straight chord 
line at the correct blade angle. The camber-angle method is also 
demonstrated in Fig. 11. 

Mention has been made of the symmetrical parabolic camber 
lines (NACA 65) and the Series 16 thickness functions. The 
author believes that this combination gives an excellent pressure 
distribution for a pump impeller; however, other camber lines 
and thicknesses may be used with the design procedure. 


EXPERIMENTAL STUDY 


An experimental impeller was designed by the method pre- 
sented and all of its descriptive quantities are given in Table 2. 
The angular and axial co-ordinates of the upper and lower blade 


TABLE 2 VALUES DESCRIBING EXPERIMENTAL IMPELLER 


Design performance coefficients = 0.126, 0.315: expected = 0.295 


* 0.6 2,25 in. 3. 75 in. 
K, Ky Be, Cy c/s 4, B, 
deg. in 
0.60 0.117 0.295 32.4 1.000 5.04 0.713 11.90 53.5 41.6 
0.65 0.121 0.229 29.5 0.8645 5.49 0.716 12.5 46.7 34.2 
0.70 0.125 0.191 27.2 0.726 5.91 0.716 12.7 41.8 29.1 
0.75 0.126 0.167 25.3 0.636 6.32 0.715 12.7 37.9 25.2 
0.80 0.123 0.151 23.6 0.558 6.74 0.716 12.6 34.6 22.0 
0.85 0.121 0,142 22.1 0.493 7.18 0.717 12.5 31.8 19.4 
0.90 0.115 0.139 20.9 0.441 7.59 0.716 12,2 29.5 17.3 
0.95 0.104 0,137 19,7 0.393 8.04 0.718 11.9 27.4 15.5 
1.00 0.090 0,137 18.6 0.355 8.46 0.718 11.6 25.5 13.9 
& = 0,72 2, * 2.7 in. Test rpm = 210 
For N= 210; Q (cfs) = 1.35 H (ft) = 1.47 (or c,) 


Calculated coefficients: N, = 10,300, @ <1.7 N__ = 6,900 


cy of isolated airfoil that is placed on curved streamline. 


Fig. 11 Geromerry or a Biape Section 
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surfaces were determined by spotting points and then trimming 
the material to these points. Plaster-mold halves were made 
and several identical blades were cast. The blades were bolted 
into a hub with the receiving slots machined at the correct angle. 
Sectional drawings of the vanes are shown in Fig. 12(a) and the 
test pump is shown in Fig. 12(b). No inlet or discharge vanes 
were employed as it was the purpose of this test to evaluate the 
impeller without any other influences. 

The experimental facilities and testing techniques of the rotat- 
ing channels laboratory of the California Institute of Technology 
have been described many times in Hydrodynamics Laboratory 
reports. Briefly, the test impeller is driven by a dynamometer 
which permits torque measurement and is speed-controlled. The 
flow rate is measured with venturi meters. Impeller-head meas- 
urement is made with total-head probes at the impeller inlet and 
immediately behind the impeller blades. Static-pressure distribu- 
tions on the blades were measured by casting static tap leads into 
the blades which connect with a manometer rotating with the 
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—+- CALCULATED DESIGN POINT 
EXPECTED (CORRECTED) DESIGN POINT 
0.50 T 10 se 
\ 
Fic. 12(6) Instrumentep With Case REMOVED T + 
impeller. In addition to the impeller measurements, velocity 
ily survey was made at the impeller inlet (with the impeller blades | 
cat absent) in order to determine the real fluid effects of the hub and f i | > 
case on the model operation. The accuracy of all measurements is 0.10 es @ 
probably within two per cent. = 
EXPERIMENTAL RESULTS 
The experimental results are reported in terms of dimensionless ° - > of 
coefficients. In Fig. 13, the head coefficients measured at five wr - ase 0.50 
radii are presented. The interesting result is that all radial sec- @ © FLOW RATE COEFFICIENT 


tions produce rearly the same head over a considerable range of 
flow rate. When deviation begins, the hub, which has the heavi- 
est loading, stalls off first. Then successive radial sections stall, 
the tip section being the last to stall. A weighted average of the 04 ’ T 7 
five head curves was taken as the head of the impeller, and the 
resultant characteristic curves are shown in Fig. 14. The per- 
formance is compared with the predicted values by first consider- 
ing the inlet-velocity profile shown in Fig. 15. There it is seen 
that the axial-velocity component is about 5 to 7 per cent above 
the average value over the greater portion of the passageway. 
Thus, in Fig. 14, the calculated value of design performance as 
indicated by the dotted cross is corrected by 6 per cent to give an 
expected design point indicated by the solid cross. It is seen that 
the head produced is about 4 per cent lower than the expected 
design point, whereas the “input’’ head W’ is about 1 to 2 per cent 
greater. The input head is the head that would be produced 
if the efficiency were 100 per cent and is found by dividing the 
torque by the flow rate r/d. The input head is the one that : ‘ a 
should correspond to the theory. Thus it is seen that the ex- o6 0.7 os os Lo 
pected design performance was closely achieved in the experimen- 
tal test. 

The best efficiency point occurs close to the expected design 
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point; however, the shape of the efficiency curve is of special in- o9 Savy ee 
terest. The efficiency drops off rapidly beyond the maximum 
point, although at flow rates from one half the design value up to 
the design point the efficiency is high. The best efficiency point 
occurs at a flow rate about 4 per cent below design. Thus the de- 
sign point is at the high flow-rate end of the high-efficiency range. 
This results from considering the design flow rate to be the 
“shockless” entry flow rate corresponding to zero angle of 
attack. Operating at small positive angles of attack evidently 
gives better efficiency. At negative angles of attack the operation 
is not good. 

In Fig. 16 the static head (pressure) distribution on the blades 
of the pump is shown as a function of the flow rate for several 
radii. At flow rates below the expected design point it can be 
seen that there are large pressure differences at the leading edges 
of the blades corresponding to the positive angle of attack. 
Above the expected design flow rate the angle of attack is nega- 
tive and the resultant pressure distributions are “crossed over.”’ 
Near expected design flow rate the flow streams smoothly onto 
the blade giving an oval-shaped pressure profile. The actual 
shockless point seems to occur at a flow rate slightly greater than 
@ = 0.284 which is about 4 per cent less than the expected design 
point. The correspondence of the correct pressure distribution 
and the best efficiency is excellent. The 4 per cent deviation 


THEORETICAL ACp 
FOR ¢ = 295 


ACp * STATIC HEAD DIFFERENTIAL COEFFICIEINT 


x/c * FRACTION OF CHORD 


Static Heap DirreRENTIALS AS A FUNCTION OF 
Cuorp at Mip-Rapivus Position 


from the expected design point represents the maximum error in 
the performance prediction. In Fig. 17 the pressure differentials 
along the blade have been plotted and the smooth entry point 
is again demonstrated. The theoretical pressure differential is 
plotted at the expected design flow rate and the agreement 
is favorable. 

From the minimum value of static-head coefficient in Fig. 16, 
the experimental cavitation operation can be determined. For 
incipient cavitation, (—)Cp is a dimensionless NPSH and o = 
Both (—)Cpand ¢ are plotted in Fig. 18 and the value 
of o determined by the optimizing analysis is indicated. It is 
seen that operation at small angle of attack is not detrimental to 
cavitation susceptibility, but the true best cavitation coefficient 
does occur at the shockless entry flow rate. It is of interest to 
note that @ is less at a lower flow rate than (—)Cp due to the 
greater increase of ¥. However, o plotted as a function of flow 
rate is misleading; NPSH is the absolute quantity to consider. 


5 
: 
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DIscussION 


The agreement between the theoretical performance predicted 
by the design procedure and the performance achieved is believed 
tobe good. The best efficiency point, the shockless entry point, and 
best conditions for cavitation all occur at the same flow rate, 
which is about 4 per cent less than the expected design point. 
The design method predictions and the experimental results agree 
then to within 5 per cent. This discrepancy is not large and 
may be due to any number of causes. in Fig. 19 a comparison 
of the experimental performance (based on C',), the performance 
predicted by the design procedure, and the performance of the 
blade shape as an isolated airfoil is made as percentage of the 
isolated performance. Also shown are the results of two modern 
cascade theories. The usefulness of the present design method is 


Fic. 16 Sratic Heap Disrripution as a Function or Clearly demonstrated. 
EXTENT One result of the experimental work that was not expected 
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concerns the nearly similar head developed at all radial sections 
over a large range of flow rate. This means that free-vortex 
operation is approximate over a range of flow rather than at a 
single flow rate, as is the usual case. This result is not com- 
pletely understood at the present time. The design method was 
only intended to deal with the desired design performance quanti- 
ties, so investigation of the prediction of off-design performance 
would provide valuable additional material for the present pro- 
cedure. 

With regard to the allowance for the inlet-velocity profile in 
evaluating the experimental results, it is important to realize that 
the inlet of the test setup consisted of a long section of pipe which 
permitted growth of a thick boundary layer. The inlet of a nor- 
mal commercial pump should not include this boundary-layer 
difficulty and no allowances in the design procedure would be 
necessary. 

For the complete pump a diffusing section also must be con- 
sidered. The experimental impeller herein described has a reac- 
tion of from 90 to 95 per cent at the design point. This means 
that only about 5 to 10 per cent of the total energy produced by 
the impeller is recoverable from the tangential-velocity com- 
ponent. It seems reasonable then that diffusing blades need not 
be very large or heavily loaded. In fact considering that diffusion 
blades in themselves will add losses, perhaps the most efficient 
diffuser in this case would be no diffuser blades at all. In cases 
where the reaction is lower and diffuser blades are necessary, 
then from interference consideration the diffuser blades should be 
some distance removed downstream of the impeller. If the dif- 
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fuser-blade row is quite close to the impeller, proper prediction 
of impeller performance cannot be made. More complete investi- 
gation of diffuser influence on impeller operation is another de- 
sirable addition for this design procedure. 
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Suppression of Pump Vibrations Set Up at 
Starting Up—Preopening Method 


By F. NUMACHL' SENDAI, JAPAN 


Cases occur in large water pumps, wherein, after in- 
stallation, vibrations exceeding allowable limits are found 
to set in when starting up, and as a measure to meet such 
situations without resorting to reconstruction of the pump 
itself, a method of “preopening” is presented in this paper, 
which consists of opening up the delivery valves to a cer- 
tain extent while the pump is gradually being worked up 
to full speed. The method of estimating the quantity of 
reverse flow, the torque required, and the time necessary 
for attainment of normal speed is explained. An example 
of application in actual practice is further given. 


INTRODUCTION 


vibrations exceeding allowable limits are found to be set up 

in the water pipes and other parts, causing instability and 
disorders in operation. This phenomenon stems from transient 
pressure occurring inside the pump. In constructing large 
pumps, model experiments are conducted to confirm the fulfil- 
ment of the given specifications, but phenomena such as the vibra- 
tions mentioned tend to be overlooked, and in many cases not 
foreseen (1, 2).? 

The vibrations may be classified into the following two gen- 
eral categories: (a) Vibrations at the normal speed of operation; 
and (6) those setting in when starting up. An example of the 
former is that encountered in the pumps installed at the Grand 
Coulee Dam and studied on that occasion, while the present paper 
deals with a situation featuring the latter category of vibrations. 

Measures that naturally suggest themselves for coping with 
these forms of vibration are: 


1 To prevent resonance by stiffening, and at the same time, 
raising the natural frequency of the parts of machinery con- 
nected with the pump and involved in the vibration. 

2 To replace or reconstruct the source of the vibration, i.e., 
the pump, so as to limit the vibrations to within allowable limits. 


ik large pump installations, cases are encountered in which 


These two measures, applied to case (a) have been discussed in 
detail in papers dealing with the Grand Coulee pump (1, 2, 3). 
Similar methods might be applied quite successfully to case (b) 
also, but considerable cost and, in particular with the latter 
measure cited, also much time, would be involved in execution, 
since it would not be a technically simple problem to find out a 
point of compromise between the demand for small vibration and 
the other stringent conditions to be satisfied. For this reason 
the present paper sets forth a method whereby, in the case 
where application of the first of the foregoing measures does not 
suffice, instead of proceeding with the second one of rebuilding 


! Professor, Director, Institute of High Speed Mechanics, Téhoku 
University. 

2 Numbers in parentheses refer to the Bibliography at the end 
of the paper. 
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Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 25,1955. Paper No. 55—A-145. 


the pump, other measures are applied which avoid alteration to 
the pump itself. : 

The method was devised by the author as a measure to cope 
with the situation met in the centrifugal pumps installed at the 
Numazawanuma Pumped-Storage Electric Power Station on the 
Tadami River Basin, and belonging to the Téhoku Electric 
Power Company, Ltd. Preliminary experiments had yielded 
satisfactory results, and subsequent application to actual prac- 
tice by the company further confirmed the soundness of the 
method, which has been given the designation “preopen- 
ing method.”’ 


Vrsrations Set Up in THE NUMAZAWANUMA Pumps 


The first stage is constituted of two single-suction pumps with 
a delivery head of 100 m, the second stage of one double-suction 
pump with 111 m head. Two such sets of centrifugal pumps 
are installed. The pumps were designed after due study (4, 5) at 
the Kameari Works of Hitachi, Ltd., where they were con- 
structed. The author collaborated with the company to the 
following extent, upon the request of the Téhoku Electric Power 
Company, Ltd.: (a) Appraisal of the pump and needle-valve 
design; (6) guidance in model experiments, and in particular, in 
cavitation tests; (c) appraisal of pluns for conducting the test 
runs; (d) responsibility for flow measurements (6) in the efficiency 
tests; and (e) plans for suppressing starting-up vibrations. 

Technical conferences were held more than thirty times with 
engineers in charge in the two companies mentioned, and the 
author further collaborated in the field tests. 

The original specifications of the pumps are as follows: 


Delivery head: Normal, 211 m; 226.2 m; 
minimum, 194.8 m 
Capacity: | Normal, 
minimum, 6.95 m*/s 

Speed: 500 rpm 
Power input: 20,100 kw (maximum) 


The pump is installed with its horizontal axis common to the 
generator and the Francis turbine, which latter is utilized for 
starting up. Upon the revolutions reaching synchronous speed, 
the generator is connected in parallel to the electric mains, and 
operated as a motor, supplying power to the pumps. There- 
upon the water turbine is cut out and delivery of water is started. 
The level of the water turbine being below the discharge water 
level, the cutting out of the water turbine is performed by push- 
ing down the water level inside the water turbine by compressed 
air after closing the main valves, until the water turbine is run- 
ning freely in air. The vibrations in question set in during this 
period between starting up, water turbine cutout, and opening 
of the delivery valves. 


maximum, 


7.9 maximum, 8.8 m*/s; 


THEORY OF THE PREOPENING MeTuop 


Preopening. The usual procedure in starting up pumps is to 
let the driving motor reach normal speed with the delivery 
valves closed, and then to proceed with opening them. With 
the method which we call preopening, the delivery valve is 
opened at a speed No, and a suitable flow established prior to 
attainment of the normal revolutions. To illustrate the process 
from starting up to normal operation on the complete character- 
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istics diagram shown in Fig. 1, the orthodox method of starting 
up with the delivery valves fully closed may be represented by 
the curve AA,A,BCD, during which stage violent vibrations 
might be experienced in the range A,:BC. One way of elimi- 
nating the vibrations would be to provide a by-pass pipe con- 
necting the suction and delivery sides of the pump and thus to 


FLOW QUANTITY Q 3 


PREOPENING MerHop ILLUSTRATED ON CompLeTe CHAR- 
ACTERISTICS DIAGRAM 


Fre. 1 


let some of the water circulate before normal speed is attained. 
This would be represented by the line AB’CD on the same 
figure. This method, however, would not help in the cases where 
the vibrations occur in the section B’C. 

With our present method, the delivery valve is opened prior to 
reaching normal speed in starting up, in such manner as to avoid 
the ranges of dangerous vibrations appearing in the complete 
characteristics diagram, and the vibrations which set in at start- 
up are lowered to within tolerable limits. 

To explain this diagrammatically—if we take a pump that 
creates a delivery head of 100 per cent specified head at 90 per 
cent normal speed, and with which the range A,BC involves ex- 
cessive vibrations, while the range AA, is safe in this respect, the 
delivery valve is opened at the point A, of 90 per cent normal 
speed, upon which the path AA,CD is followed, and the starting 
up accomplished without having to traverse the dangerous 
section A,BB’C. In the case where the danger zone extends 
only to the stretch A:A:, the valve is opened at A», where- 
upon the path AA:B,A,CD is followed and the zone in question 
avoided. The location of the point A, is determined by the con- 
ditions to be fulfilled of avoiding the danger zone and of limiting 
to a minimum the amount of reverse flow incurred in the passage 
of the stage A,B.A;. Finally, if the whole range A 4, lies in the 
danger zone and if a large amount of reverse flow may be toler- 
ated, cases might occur when the valve would be opened before 
the pump is set in motion, and then the path AA;A,CD would 
be followed. 

To classify the cases just cited according to the timing of the 
moment when the delivery valve begins to open: 

A, valve begins to open before starting up 


B-I, valve opening commenced simultaneously with starting up 
B-II, valve opening commenced after starting up, at speed No 


Of these three cases, B-II should be the most commonly used, 
and the others only would constitute exceptional cases. 

In adopting the preopening method, the conditions to be set 
for the procedure must be determined upon the basis of a series of 
experiments varying the timing, extent, and rate of the valve 
opening, to find out the optimum conditions for bringing the 
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vibrations down to a tolerable amount. When conducting 
these experiments on full-size machinery, prior consideration 
should be given to the following points: (a) That the reverse 
flow through the pump and the required torque should not exceed 
allowable limits; (6) that the time required between starting up 
and the attainment of normal speed should be reasonably short. 
This entails the necessity of estimating previously the limits to 
be set for varying the degree and timing of preopening in the ex- 
periments so as to reduce the accompanying danger and cost to 
a minimum, 

Flow Rate and Torque of Pump. We will first treat the method 
of estimating the rate of flow (either direction) and pump torque 
at any given intermediate speed N prior to attaining normal 
speed N,. We will assume that the complete characteristics 
diagram (7) of the pump has alrendy been drawn and that the 
characteristics of the delivery valve also are known. 

These assumptions should hold in the case of pumps of large 
capacit”, since in constructing pumps of such size, it is necessary 
to estimate the complete characteristics of the prototype by 
means of model experiments as a measure against the occurrence 
of water-hammer phenomena (4, 7) and cavitation (3, 5). 


When 
: total head between upper and lower water levels 
H pump head 
pump flow rate 
T torque required by pump 


h, = loss of head at delivery valve 
v = mean velocity at delivery valve 
s = degree of delivery-valve opening, per cent 
A = cross-sectional area of passage at opening s 


it is already known (4, 7) that 
h, = = £(Q/A)*/2g 


Neglecting the head loss and velocity head in the suction and 
delivery channels (being very small in pumps of this variety; 
0.2-0.3 per cent of H, in the case of the Numazawanuma 
pumps) the following relationship holds 


where the negative sign pertains to flow in the normal direction 
and the positive sign to that in the reverse. 

In describing our method of estimation, we will distinguish 
the two general cases of preopening timing mentioned in the 
preceding section under preopening. 

Case A. Considering first the case where the valve has been 
opened to the degree s prior to starting up, we utilize Equations 
{1} and [2], from which we may express the head loss h, for 
various values of s by curves representing it as a function of Q 
with s as parameter 


This relationship is presented in Fig. 2. Next, the H,-Q 
relationship for a given speed N may be obtained from the com- 
plete characteristics diagram represented by Equation [3], and so 
we divide N into a suitable number of steps between 0 and the nor- 
mal speed, and find the H,-Q relation, and from that the (h,- 
+ H,)-Q relation for each step, and plot the curve in Fig. 2. 
The delivery rate Q,y corresponding to the given s and N may 
then be found as the point of intersection of the curve with the 
straight line H = H. Q,y may thus be obtained as a function 
of N with s as parameter 
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Fie.2 Estimate or Pump Fiow (NorMAL AND Reverse) AT INTER- 
MEDIATE SpeED N anp WirTH a ConsTaNT VALVE OPENING 8 


= fof8N) 


Next, 7’, the torque required by the pump also may be read 
from the complete characteristics diagram as a function of N and 
Q, thus 


T, = frNQ)......... 


Therefore 7',, the torque corresponding to s and N in Equation 
[6] may be obtained as a function of s and N by utilizing the 
values of Q,y 


= 


Neglecting in these relationships the effects stemming from 
transient phenomena of flow occurring during the period of 
mounting speed, the Relations [6] and [8] represent the changes 
in the flow rate and required torque occurring in conformance 
with mounting speed at starting up with the delivery valve open 
from the outset (case A). This is represented graphically in 
Figs. 3 and 4 by the full lines denoted A. Both the abscissa and 
co-ordinates in these figures are represented in percentage of 
normal ratings. 

Case B. Ina manner similar to the foregoing case, we neglect 
the effect of transient-flow phenomena, and further give the 
relationship holding between the degree of opening and the speed 
N expressed by 


Plotting several points satisfying this equation on the Q-N and 
T,-N curves for constant s in Figs. 3 and 4, we may directly 
obtain curves for Qy-N and T,-N 


Tw = fr(N) 


The factors determining the relationship expressed by Equa- 
tion [9] are the following: (a) Characteristics of the driving 
prime mover; (b) the pump characteristics represented by Equa- 
tions [3] and [7]; (ec) the delivery-valve characteristics, 
Equations [1] and [2]; (d) characteristics of the mechanism for 
manipulating the delivery valves. With regard to (d), let us 
assume, for instance, that the time rate of valve opening be as 
represented in Fig. 5, and the s-t relationship be as expressed 
by 


In actual practice, Relations [10] and [11] may be made to 
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Fie. 3 Pump (Normat anp Reverse)—Speep Reiarion 
Depenpine Upon VALVE PREOPENING 8 
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Pump Torqve-Speep Derenpine Upon VALVE 
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Fie. 5 Trwe-Openine Revation or Detivery VALVE 


assume a suitable form by adjusting Relationship [9] through 
appropriate determination of [12] by proper manipulation of 
the delivery-valve operating mechanism. As an example of cal- 
culation, the curves in Figs. 3 and 4 represent cases where s and 
N are linearly related. The notation I pertains to the case where 
valve opening is started at the instant when N = 0, while the 
curves denoted IT represent cases where the valve begins to open 
when speed has reached 50, 80, 90, and 95 per cent, respectively, 
of normal revolutions, and becomes 20 per cent open in all four 
cases simultaneously with the pump reaching full speed. 

Time Required. The N-t curve for the period prior to 
attainment of normal speed actually may be measured for the 
ease where full speed is caused to be attained with the valves 
closed (orthodox procedure, cf. bottom line in Fig. 6). Based 
on this curve, we will now describe the method of estimating the 
time required for starting up with the preopening method. 

The following notations will be used: 
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= pump torque required to overcome all fluid inertia, and 

resistance at given speed when starting up with valve 
closed 

same as above with valve preopened 

same as above under normal running conditions H, Q, N,, 

torque exerted by driving prime mover 

total moment of inertia of pump and all other driven 
part 

mean angular velocity of pump 
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When starting up with valves closed 


When valves are preopened 
dw 
I T,—T, 


Therefore, if we let i represent the gradient of the curve for 
closed starting (bottom curve) in Fig. 6, and i, the same for pre- 
opened starting (all except bottom curve) 


*"607,—T 
607,—T, 


The values of 7/7, and T,/T, in Equation [15] may be ob- 
tained from Fig. 4, while the working characteristics of the driv- 
ing prime mover being known, 7',/7', may be found, from which 
i,/i may be calculated. Consequently, we may obtain from 
Equation [15] the gradients of the various curves at different 
speeds. The ¢-N curves all pass through the point ¢ = 0, 
N = 0, so that the curves may be drawn with this origin az 
starting point, the result being a group of curves such as shown 
in Fig. 6. We have thus been enabled to grasp the whole process 
from N = 0 to N = 100 per cent from which the time required 
for. the process may be obtained. Fig. 6 has been drawn from 
the cases where the vaives have started to open when N reached 
50, 80, 90, and 95 per cent, respectively, of the normal NV, and 
have attained the opening s = 20 per cent when N reached full 
een of the Total Reverse Flow. To estimate the total 
volume of reverse flow, the speed at each instant is read from 
Fig. 6, while the rate of flow at these speeds is obtained 


Then, we have 
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from Fig. 3, and the relation between Q and / thus found plotted 
as in Fig. 7 for each instant. The total flow will then be obtained 
as the area surrounded by the negative portion of the curve and 
the abscissa. 


EXAMPLE oF ACTUAL APPLICATION OF PREOPENING 


Vibrations Set Up in Numazawanuma Pumps. After the 
primary tests conducted in November, 1952, the Téhoku Electric 
Power Company kept taking measurements at intervals, making 
a special point of observing the vibrations set up, by means 
principally of wire strain gages set on the bearings and combined 
with a cathode-ray oscillograph, use also being made of a vibrom- 
eter. The result of measurements undertaken in January and 
April, 1953, was that with the delivery valves fully open and at 
normal speed, the amplitude was of the order of (15-18)/1000 
mm, but that when starting up, pumps Nos. 1 and 2 set up vibra- 
tions reaching as high as 60/1000 mm, raising a noise of the level 
of 120 phons and causing resonance in the connecting machine 
parts and the windows and doors of the housing, filling it with 
reverberations and vibration to an alarming extent. Fatigue 
was feared in the material constituting the machine parts, and 
countermeasures were called for. However, it may be noted 
that no marked vibration was detected in the delivery pipes; 
which contrasted with the situation met in the Grand Coulee 
pump installation. A general layout of the piping already has 
been reported (€). 

On April 10, 1953, the author made the suggestion at the 
23rd study conference held between the Tohoku Electric Power 
Company, the Hitachi, Ltd., and the author’s Institute, that 
the preopening method be adopted. 

Preliminary Tests. Tests were performed under the direction 
of Section Chief M. Abe of the Téhoku Power, with the assistance 
of staff members from the two companies, on pump No. 2 during 
the period July 6-12, 1953, to investigate the possibilities of the 
preopening method in suppressing the vibrations. The author 
participated in the experiments as adviser. Prior to this, cal- 
culations were made for various cases according to the present 
method, at the Kameari Works of the Hitachi and at the author’s 
Institute, to obtain from the volume of reverse flow and the re- 
quired torque a general estimate of the optimum values for the 
degree of preopening s and the speed No for starting the pre- 
opening. The result indicated that the values No/N = 80-100 
per cent and s = 10-20 per cent should be aimed at. 

In performing the tests, the opening operation—by hand—of 
the valve was started when the speed reached No and manipulated 
so as to reach the opening s after t, seconds. 

The data of the actual tests turned out to be as in Table 1, 
from which it will be seen that neither No nor s became round 
figures. 

The values obtainec with the vibrometer were considered to 
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TABLE 1 RESULT OF PRELIMINARY TESTS 
Test no. 2-1 2-2 23 3-1 3-2 383 41 5&1 5-2 
No rpm 510 469 416 S11 469 411 463 «4480 465 


“Va/Nn% aimed 100 90 80 8100 90 80 90 94 90 
experi. 102 93.8 83.2 102.2 93.8 82.2 92.6 96.0 93.0 


2% aimed 10 10 10 20 20 20 13.3 16.7 16.9 
experi.8.13 10.8 11 19.8 19.7 19.3 13.3 17.3 17.5 
2 


ts sec 11.3 9.9 13.0 13.1 13.4 11.0 11.5 11.8 12. 

Narpm 505 492 ai’? 500 487 450 485 485 485 

tw sec 21.5 33.8 38.0 27.3 25.0 30.2 

vo 1.25 0.94 a 52 0.82 0.52 0.42 0.63 0.73 0.83 

“ 0.73 0.63 0.78 0.32 0.31 0.73 0.42 0.32 0.42 

wN 0.63 0.68 0.31 0.42 0.42 0.32 0.42 
N Normal revolutions per minute 


= Speed at which preopening was started 
= Preopening of valve at final stage (%) 
Nz = Speed when opening s was reached 
= Time require Te opening to reach s from 0 
= Time required for speed to reach NV 
= Amplitude of vibrations 2 spening 0 ond 8, respectively 


0, 
Amplitude when speed N was reac 


be somewhat less reliable than those of the wire strain gage- 
oscillograph combination, so the values of ¥%, ¥,, Vy are indicated 
in ratios to the value corresponding to the normal speed 500 
rpm with delivery valve fully closed, the amplitude under these 
conditions being measured with the oscillograph. The reading 
of the televibrometer in this instance was 60/1000 mm. 

Fig. 8 shows the change with time of the values of valve open- 
ing s., pump speed N, and amplitude ratio »,. The results indi- 
eate that when N> is too small, the time required for attainment 
of full speed becomes unduly long, over and above which the 


Fie. 8 Ratio » oF Vipration AmpLitupe aT INTERMEDIATE 
Time on Pretiminary Test 
(st: valve opening at time t.) 


vibrations are magnified by the reverse flow. The optimum 
values were found to be in the range No = 90-94 per cent and 
s = 16.7-20 per cent, under which conditions it was ascertained 
that the vibrations at starting up could be reduced to less than 
half. 

Test Runs on Preopening. The Tohoku Power followed the 
preliminary tests with the installation of electrical and me- 
chanical apparatus constructed by Hitachi for manipulating the 
valves in preparation for the adoption of the preopening method. 
Test runs were performed from June 25-30, 1954, at which the 
author again participated, the methods of measurement being 
the same as before. The maximum vibration amplitude was 
found to have dropped from the (15-18)/1000 mm recorded 
during the preliminary tests to 2.5/1000 mm at full speed and 
with valve fully open, while at starting up, the same had been 
reduced from the original (55-60)/1000 mm down to (17.5-18)/ 
1000 mm. The cause of this improvement is believed to have 
been the reinforcement of the by-passage part at the main valve 
of the water turbine and other pump accessories found to 


have caused resonance during the previous tests of July, 1953. 
These measures were analogous to those taken at Grand Coulee, 
but were carried out according to the original considerations of 
Mr. K. Honda, Chief of the Design Section of Kameari Works, 
Hitachi, Ltd., and his colleagues. 

The adoption of the preopening method under these conditions 
proved that the vibration amplitude had been reduced as follows, 
respectively, to 29 and 44 per cent of previous values: 


Preopened starting 


5/1000 mm 
8/1000 mm 


Closed starting 
Pump No.1......... 17.5 


Fig. 9 illustrates the changes with time of the speed NV, opening 
of the delivery valve s,, and vibration amplitude V. 
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Discussion 


R. T. Knapr.* This paper is very timely because it focuses 
attention on a type of problem that is relatively new in the 
centrifugal-pump field and also offers a new method of attack 
for its solution. 


* Professor of Hydraulic Engineering, California Institute of Tech- 
nology, Pasadena, Calif. 
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Hydraulic turbines and pumps are close relations and have 
many things in common, particularly in their hydrodynamic 
characteristics. In fact, a good turbine can be operated as a 
pump with high efficiency and a good pump is also an excellent 
turbine. However, there is one striking difference in their fields 
of application. Hydraulic turbines are usually installed in large 
units. Thus a turbine whose output is measured in hundreds 
of horsepower is considered small and is rarely seen. On the 
other hand, the vast majority of centrifugal pumps are driven 
by motors of under 100 hp, and pumps requiring thousands of 
horsepower to operate them are very uncommon and have only 
been developed in relatively recent times. Thus pump manu- 
facturers and users have had relatively little experience with 
troubles peculiar to large installations. 

There is another characteristic difference between the two 
types of machines. Turbines normally are started and stopped 
under no-load conditions. Usually, the basic nature of the in- 
stallation is such that they cannot be made to operate as a pump 
nor can conditions occur under which they will rotate in the re- 
verse direction. Pumps, on the other hand, either start under 
load or against a closed discharge valve, which in itself imposes 
extremely complicated hydraulic conditions. Also, in many 
installations, they may be made to run in the reverse direction 
as turbines, at least for brief periods. These facts create com- 
paratively little difficulty with small units where starting times 
are inherently very short and the machines themselves are com- 
pact and rigid. However, troubles like the ones the author dis- 
cusses are beginning to arise in the transient operation of large 
units. 

The author’s use of the complete characteristic diagram to ex- 
plore and calculate the characteristics of special methods of start- 
ing is most interesting. In the past the use of the characteristic 
diagram has been restricted largely to the calculation of water 


hammer produced during normal or abnormal shutdown of 
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large pumps.‘ This new use should serve to emphasize the wide 
possibilities inherent in this type of diagram. 

There is still one weak point in the present situation. This 
weak point is not with the author’s method, but rather with 
deficiencies in laboratory methods of testing model pumps. 
Thus in Figs. 3 and 4 of the paper various possible starting pro- 
cedures are plotted, the evaluation of the relative desirability 
of which requires field testing. The only reason that field tests 
are necessary is that the normal laboratory tests do not yield the 
necessary information about the amount of vibration-producing 
pressure fluctuations along the different paths. It seems quite 
certain that the pressure fluctuations occur in the model pump 
as well as in the prototype but the relative vibration is usually 
very much smaller because in the past the model pump has never 
been a structural model but only a hydrodynamic one. Thus it 
seems quite clear that there is a need to improve model-testing 
techniques so that troubles of this kind can be anticipated and 
avoided in the field installation. 


AvutTHor’s CLOSURE 
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standing discussion given by Prof. Robert T. Knapp. 

His suggestion that model testing techniques should be im- 
proved from the viewpoint of a structural model is a valuable one. 
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similarity in elastic vibration concerning the model and its 
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ought to develop in the future along the line of Prof. Knapp’s sug- 
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‘Complete Characteristics of Centrifugal Pumps and Their Use 
in the Prediction of Transient Behavior,”” by R. T. Knapp, Trans. 
ASME, vol. 59, 1937, pp. 683-689. 

‘“‘Waterhammer Analysis,’’ by John Parmakian, Prentice-Hall 
Civil Engineering and Engineering Mechanics Series, New York, 
N. Y., 1955; see chapters 11 and 12. 
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The problem of correlating the heat-absorption effi- 
ciencies of coal-burning equipment has been studied for 
many years with little more than a modicum of success. 
It has been consistently pointed out that one of the major 
problems of correlating data such as these has been the 
lack of precise furnace data. This paper describes the 
attempt at using statistics to correlate more reliable fur- 
nace data by means of the Broido, Hudson-Orrok, a modi- 
fied Hudson-Orrok, Wohlenberg, and Hurvich correlations. 
Results suggest that information about flame tempera- 
tures, flame volumes, and emissivities and temperatures 
of flames and slag-ash-covered boiler-tube wails are neces- 
sary before precise correlations can be made. 


INTRODUCTION 


HE combustion of fuels in furnaces has been, and for a great 

many years will continue to be, the major source of thermal 

energy for the production of electric power and for the proc- 
essing of materials. Indeed, there are few commercial or indus- 
trial operations that do not employ some sort of furnace in either 
a primary or auxiliary capacity. Despite the long history of the 
use and development of furnaces, and their technological im- 
portance, furnace design still is highly empirical, owing to a lack 
of knowledge of the complex heat and mass-transfer processes 
that occur within a combustion chamber. As with any technology 
that depends heavily upon empiricism, innovations are usually 
rare, and developments follow conventional lines until a high de- 
gree of perfection is achieved. Central-station boiler furnaces, 
for example, in which some 25 per cent of the nation’s coal pro- 
duction is burned to generate steam for turbogenerators, have 
slowly evolved to a high degree of perfection by empirical means, 
It is highly improbable, however, that substantial improvements 
in dependability and performance, or reduction in capital and 
operating costs will come until there is better understanding of 
the nature of combustion and heat-transfer processes in flames 
and burning fuel beds, and the effects of these processes on the net 
heat transfer within the furnace cavity. 

In the past 25 years, a great deal of both theoretical and ex- 
perimental work has been done to elucidate the fundamental 
problems related to furnace design. This work, however, has 
been hampered by the great difficulty in isolating the individual 
processes that are related to combustion and heat transfer, and by 
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poor co-ordination between combustion research and combustion 
engineering, especially from the standpoint of applying the re- 
sults of the type of research that is presently being done. More- 
over, the experimental procedures for measuring physical and 
chemical properties of flames and hot gases are difficult and sub- 
ject to errors of unknown origin. For example, where nonlumi- 
nous flames are concerned, it is possible to calculate the radiant- 
heat transfer to various parts of the furnace quite accurately, if 
the temperature, composition, and dimensions of the flame are 
known. Radiation from a luminous flame, however, is influenced 
by the presence of radiating particles in the flame, the effects of 
which are very difficult to evaluate experimentally. 

Because of these difficulties, the amount of luminous-flame 
radiation is generally approximated by computing the theoretical 
nonluminous component of the flaiae, and then multiplying it by 
a relatively large factor, the magnitude of which depends upon 
experience with the types of fuel and furnace being used. This 
technique is necessary because, although it is known that carbon 
and ash particles in a flame markedly increase radiation from the 
flame and that size and concentration of the particles determine 
the contributions of the particles to the emissivity of the flame, 
information is meager, except for very simple systems, on mecha- 
nisms of particle formation, methods of characterizing the size and 
concentrations of particulate matter, and the quantitative effects 
of these factors on the radiation characteristics of clouds of 
particles. 

Although it is generally believed that small-scale experiments 
in connection with luminous-flame radiation cannot provide the 
dynamic similitude that is necessary for the generalized correla- 
tion of flame variables, especially with regard to the aerodynamic 
factors that affect the size and shape of flames and the amount of 
recirculation of spent gases, the optimum scale for experimental 
work is not known, and probably will not be known until! suf- 
ficient data have been obtained from furnaces of various sizes. 

Data from full-scale furnaces are of immediate practical value 
if they are sufficiently precise and comprehensive, and may be 
used to develop empirical relationships between the operating 
variables and the furnace heat-absorption efficiency. Such rela- 
tionships, however, are necessarily limited in scope, and do not 
achieve the ultimate objective in this field of research, that of re- 
lating flame radiation to heat absorption by a general equation. 
Moreover, experiments on full-scale equipment are limited in the 
range of operating variables that can be studied, the number and 
location of points where observations and measurements can be 
made, and the constancy of operatifig conditions within a given 
time interval. Notwithstanding these difficulties and iimitations, 
full-scale experimentation is an essential phase of research in this 
field. 

A large number of experimental data have been obtained from 
a wide variety of furnaces over a period of some 35 years, and 
numerous empirical equations have been proposed to relate 
the heat-absorption efficiency of a furnace to the operating varia- 
bles of that furnace, such as percentage of excess air and heat- 
release rate. Attempts also have been made to correlate these 
data by means of such theoretical equations as the Stefan-Boltz- 
mann law. However, owing to a lack of precision in the collection 
of data, or to the inadequacies of the equations, none of these re- 
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lationships has been found to be satisfactory for describing the 
data. Between 1948 and 1953, however, the United States Bureau 
of Mines, in co-operation with the Special Research Committee on 
Furnace Performance Factors of THe AMERICAN Society or 
MECHANICAL ENGINEERS, published a series of papers covering 
details of experimental studies made on five industrial boiler 
furnaces (1-—5),* the data from which were believed to be more re- 
liable than many of the previous furnace data. These studies in- 
cluded work on three pulverized-coal-fired (Paddy’s Run, Tidd 
Station, and Willow Island), one spreader-stoker-fired (Whiting), 
and one gas-fired furnace (Sterlington), and were made for the 
purpose of evaluating the factors affecting the heat-absorption 
efficiencies of these furnaces. 

In 1953 the Committee decided that before any further experi- 
mental work was done the data from these installations should be 
analyzed to determine whether or not a generalized correlation 
of furnace heat-absorption efficiency could be obtained in terms of 
the operating parameters of the furnace. Accordingly, the 
Bureau of Mines initiated a detailed study of the data to deter- 
mine whether any of a number of correlations that have been 
proposed could be used to describe these data. Although the 
analysis is not yet complete, some significant limitations of the 
data that, it is believed, can act as guides for future experimental 
work have become evident. 

This paper is, therefore, a progress report and will cover the 
work that has been completed to the present time. 


EXAMPLES OF PrREvious 


Hudson (6) in 1890 attempted to relate the heat transmission 
in a furnace to the radiant-surface area, the rate at which the fuel 
was consumed, and the air-fuel ratio, and proposed the following 
empirical equation for the heat-absorption efficiency of the fur- 
nace 

XF 1 A 
where yu is the heat-absorption efficiency, X is the rate of heat 
transmission per hour per square foot of radiant wall surface, Q 
is the available heat per pound of coal fired, F is the number of 
square feet of radiant wall surface per pound of coal fired per hour, 
and A is the air-fuel weight ratio. 

This equation was not universally applicable, and in 1925 was 

modified by Orrok (7) as follows 


(2) 


where yu, X, and Q are defined as before, and C, is the reciprocal of 
F. 

At the same time that Orrok suggested his empirical modifica- 
tion of Hudson’s equation, Broido (8) presented an empirical 
curve that was obtained from the average data of six boiler sta- 
tions, and which related available heat per unit area of radiant 
surface to the heat-absorption efficiency of the furnace. Broido 
claimed that most existing data could be fitted to the curve with 
a precision of +10 per cent. 

Empirical correlations such as the Hudson, Hudson-Orrok, and 
Broido techniques supplied information about the over-all per- 
formance of a furnace, but gave no information about operating 
variables such as flame emissivities, flame temperatures, cold-wall 
temperatures, flame volumes, and specific burning rates of fuel. 
Moreover, the effects of ash and slag on the emissivity and tem- 
peratures of the cold wall of the furnace were not considered. 


¢ Numbers in parentheses refer to the Bibliography at the end of the 
paper. 


NOVEMBER, 1956 


One of the first attempts to place furnace data on a fundamental 
basis was made by Wohlenberg und his associates (9-12), who, 
since 1925, have published a series of papers that relate various 
effects within a furnace to the operating parameters of the furnace. 
The approach used by these investigators was to apply certain 
heat-transfer equations to furnaces having specific assumed 
characteristics, and to calculate the theoretical heat-absorption 
efficiencies for these assumed furnaces. Experimentally deter- 
mined furnace heat-absorption efficiencies were then compared 
with the calculated efficiencies when individual operating parame- 
ters were varied. The corrections to the theoretical efficiencies 
were then plotted as functions of the level of the operating parame- 
ters, and a series of factor curves were developed. By applying 
the proper set of factors to the calculated efficiency, it was then 
possible to calculate the heat-absorption efficiency of a real fur- 
nace. The equation used by Wohlenberg for the application of 
correction factors was 


where yu is the actual furnace heat-absorption efficiency, po is the 
efficiency of the assumed furnace, K,; are corrective factors re- 
lated to furnace volume, fraction of total furnace wall that is 
cold, heat-liberation rate, per cent excess air, heating value of 
fuel, size of fuel particle, effective radiant-heating surface, and 
combinations thereof, and C is a factor related to preheated air 
temperature. 

Other fundamental approaches have also been tried. 

By a dimensional analysis of the furnace system, Hurvich (13) 
developed the following equation 


BQu 
HC,T 41 — 4) 


Bo 


where yp is the furnace heat-absorption efficiency, By is a modified 
Boltzmann number, B is the fuel-consumption rate, Q is the heat- 
ing value of the fuel, H is the radiant wall area, C, is the over-all 
emissivity of the combustion chamber, 7’, is the aciabatic flame 
temperature, and @ is the dimensionless ratio of the fh e-gas tem- 
perature at the furnace outlet to the adiabatic flame tempera- 
ture (the term B/R in this equation is equal to C, in the Hudson- 
Orrok equation, Equation [2]). Hurvich showed by experiment 
that % and By were related by an equation of the form 


where @ is a constant equal to 0.6 for coal-fired furnaces. 
Konokov (14) improved upon Hurvich’s equation by suggesting 
the heat-balance equation 


T:|* 
0 [6] 
where 
(2 
7 
T2 
0 € [8] 


Tis the adiabatic flame temperature, 7’; is the temperature of the 
flame surface, 7: is the flue-gas temperature at the furnace out- 
let, B is the fuel-consumption rate, V is the volume of flue gas per 
unit weight of fuel, C, is the average specific heat of the flue gas, 
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Fig. 1 Correcation or Experrmentat Heat-ApsorpTion EFrrici=NCIES BY A 
Bromwo Curve 


Cy is the Stefan-Boltzmann constant, H is the radiant surface 
area of the furnace, and ¢ is its emissivity. 

The equations cited are just a few examples of the many at- 
tempts that have been made to correlate furnace-performance 
data and operating parar.eters, and have been selected to illus- 
trate the variety of approaches that have been used in this work. 
It is sufficient to state here that the lack of precision of data col- 
lected in the past has prevented a comprehensive evaluation of 
the applicability of most of these correlations. 


PROCEDURES 


The analyses made by the Bureau of Mines of the data from the 
five boiler stations were divided into three separate steps. The 
first analysis was concerned with the general correlation of all of 
the data as a group with any one or all of five correlations: namely, 
the Broido, the Hudson-Orrok, a modified Hudson-Orrok, the 
Wohlenberg, and the Hurvich equations. In this phase, lin.ited 
statistical techniques were used to compare heat-absorption ef- 
ficiencies that were determined experimentally and those that 
were calculated or predicted from the proposed correlations. 
Accordingly, it was possible to determine whether or not the dif- 
ferences that were observed were statistically significant. The 
statistical method that was used in this and the other analyses is 
illustrated in the Appendix. 

The second analysis was concerned with individual correlations 
and consisted of fitting the experimental data from individual 
stations to these proposed equations, and determining the sig- 
nificance of any differences that were observed between ex- 
perimental efficiencies and those calculated from the equations. 
This phase was found to be necessary because in some instances 
the over-all data were adequately described by an equation, 
whereas data from individual stations differed appreciably from 
those calculated by the equation. 

The third analysis was an attempt to find a generalized correla- 
tion that would describe the furnace data both as a group and 
individually by station. This phase of the work, of course, de- 
pended upon the results of the previous phases. 

To date, most of the data correlation has been completed. The 
data from all five stations have been compared with the Broido, 
Hudson-Orrok, modified Hudson-Orrok, and Wohlenberg rela- 
tionships. In addition, the data from the gas-fired furnace have 
been plotted, by means of estimated adiabatic flame tempera- 
tures, in the manner suggested by Hurvich and Konokov. It 
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was not possible to plot data from the coal-fired units by means of 
the latter two equations because no comparable data on coal-flame 
temperatures are yet available. However, calculations of these 
flame temperatures are presently being done, and as soon as 
these data are available, the comparisons will be made. 


RESULTS 


Fig. 1 shows the 96 furnace tests from the five stations plotted 
according to Broido’s curve, which is shown in the figure. To 
show better the relationship between the predicted and experi- 
mental efficiencies, the same data have been replotted around a 
“check line” in Fig. 2. 

The spread of points around the line is characterized by an 
average difference of —0.00288 and a standard deviation of 
0.03455. If the average difference between the predicted and 
experimental heat-absorption efficiencies is assumed to be due to 
a random distribution of experimental errors, and this average is 
compared with zero by means of the Student ¢-test, no significant 
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difference is found between the predicted and experimentally de- 
termined efficiencies. The calculated t-value is equal to 0.9099, 
and compares favorably with values from a double-sided ¢-table 
of 2.635 and 1.988 per the 1 and 5 per cent probability levels, re- 
spectively. 

The experimentally determined heat-absorption efficiencies are 
plotted in Fig. 3 according to the Hudson-Orrok equation, to- 
gether with the curve obtained from the equation. In Fig. 4 the 
same data are plotted according to a modified Hudson-Orrok equa- 
tion in which fuel consumption is expressed as thousands of Btu of 
available heat per square foot of radiant heating surface, and the 
air-fuel ratio as pounds of air per thousand Btu of available heat. 

The differences between the predicted efficiencies calculated 
from the Hudson-Orrok equation and experimental results are 
shown in Fig. 5, in which the check-line technique was used. The 
plot is characterized by a mean difference of +0.00494 and a 
standard deviation of 0.0441. The calculated value of ¢ of 1.097, 
when compared with table values of 2.635 and 1.988 for the 1 and 


5 per cent probability levels, respectively, indicates that there is 
no significant difference between the calculated and the experi- 
mentally determined efficiencies. 

Fig. 6 shows the experimental data plotted against the ef- 
ficiencies calculated by the Wohlenberg equation. In this plot, 
the mean difference of —0.02984 and the standard deviation of 
0.04150, and the é-value for 69 test points (gas-fired-furnace data 
could not be used) of 5.964 indicates that the Wohlenberg equa- 
tion cannot be used to describe these furnace data. The table 
values of ¢ for the 1 and 5 per cent probability levels are 2.657 and 
1.998, respectively. 

Similar analyses of data from individual stations were also 
made. Experimental data were compared with predicted data 
from each of the three equationg§ The results are shown in Table 
1. No significant differences ware observed between Paddy’s 
Run data, and the data calculated Yfom the Broido and Hudson- 
Orrok equations. These two techniques also could be used to de- 
scribe the data from the gas-fired unit at Sterlington. The Wohl- 
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TABLE 1 STATISTICAL TESTS OF FURNACE DATA 
Type of No. of Average difference Standard t at Significant 
Station Type of firing correlation (n) between efficiencies deviation t 95 percent variation 
pa Pulverized fuel Broido 26 +0.016115 0.023090 3.621 2.060 Yes 
Hudson-Orrok 26 +0.010884 0.019443 2.918 2.060 Yes 
Wohlenberg 26 —0.015000 0.025456 2.999 2.060 Yes 
Paddy's Run.. Pulverized fuel Broido 28 — 0.006714 0.024244 1.4654 2.052 No 
Hudson-Orrok 28 —0.005110 0.020780 1.3010 2.052 No 
Wohlenberg 15 — 0.031800 0.019139 6.4350 2.145 Yes 
Willow Island. Pulverized fuel Broido 13 —0.049770 0.036255 4.9400 2.180 Yes 
Hudson-Orrok 13 —0.071600 0.035160 7.3430 2.180 Yes 
Wohlenberg 13 —0.084920 0.042450 7.2140 2.180 Yes 
Whiting...... Spreader-stoker Broido 15 0.022067 0.031721 2.6942 2.145 Yes 
Hudson-Orrok 15 0.067466 0.017869 16.1822 2.145 Yes 
Wohlenberg 15 — 0.005867 0.038118 0.5961 2.145 No 
Sterlington.... Gas Broido 14 —0.015857 0.017974 . 0439 2.160 No 
Hudson-Orrok 1 0.018071 0.015340 1.3940 2.160 No 
Wohlenberg This type of correlation not applied to gas-fired furnaces. 
] T a Hurvich equation (Equation [5]) in Fig. 7. 
| The parameters of the plot are and 
| | 
B 
| 10-* 
s 4 + r + which have been defined in a previous section 
< ' of the paper. The parameter k in Fig. 7 is 
@ equal to Q/HC,, which is a constant for the 
24h } i 1 furnace. In both instances very satisfactory 
| . 
H | correlations of the data were obtained, despite 
rT the estimated flame temperatures that were 
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EQuaTION 


enberg equation, however, was only satisfactory for describing 
the spreader-stoker data from Whiting. On the whole, no one 
eorrelation described the data from all of the stations taken in- 
dividually, and in two instances, Tidd Station and Willow Island, 
none of the correlations was adequate. 

The Hurvich and the Konokov equations, both involving 
adiabatic flame temperatures, were used to correlate the data 
from the gas-fired unit at Sterlington. These data are plotted by 


Discussion AND CoNCLUSIONS 


As demonstrated by the Sterlington data, 
the correlation of furnace data from clean- 
walled combustion chambers may be ob- 
tained in many ways. The small variations that are observed 
can be attributed to a number of factors such as changes in flame 
shapes and volumes with load, excess air, and burner arrange- 
ment. As soon as the furnace walls become covered by ash and 
slag, however, the differences between predicted and experi- 
mental values for heat transfer become larger, and the whole prob- 
lem becomes extremely complex. Factors that are present and in- 
fluence the operation of coal-fired equipment, and which are not 
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present in gas-fired equipment include the heat conductivity, and 
the temperature and emissivity of the ash and slag coating the 
furnace-wall tubes, 

Although an attempt to correlate furnace data from coal-fired 
equipment by means of one or more of the fundamental flame- 
temperature relationships will be attempted, it is doubtful that 
improved correlations will be obtained. This conclusion is sug- 
gested by the fact that most fundamental relationships involve a 
radiation variable related to the temperature of the furnace wall. 
In most fundamental furnace expressions the radiation from the 
furnace wall back to the flame is considered to be negligible and 
is neglected. For clean-walled furnaces, such as Sterlington, this 
assumption is valid since the temperatures of the walls and boiler 
tubes are in the range 700-800 F, as compared to the flame tem- 
perature of approximately 3000 F. When, however, the wall is 
covered by a coating of ash and slag, which may vary in tem- 
perature from 700 to 2000 F, the assumption is not valid, and may 
not be made. Some attempts have been made to allow for this 
slag-ash factor. Mullikin (15), as well as Mumford and Bice (16), 
have suggested methods that can be used to correct radiant heat- 
absorbing surface. These techniques, however, involve very 
many assumptions, and do not allow for the temperature of the 
slag coating. 


RECOMMENDATIONS 


To evaluate properly the heat transfer in a furnace, it is neces- 
sary to know flame temperature and flame emissivities, and ihe 
effects on these factors of such variables as flame shape, flame 
length, type of fuel, degree of mixing of fuel and air, and per cent 
excess air. It is possible that such information can be obtained 
by designing experimental furnaces as sectionalized calorimeters, 
such as is being done at the International Flame-Radiation Trials 
at Ijmuiden, Holland. However, the experimental problems are 
numerous and complex and will only be solved by the application 
of experimental experience. 

In addition to information on flames, future experimental work 
should be directed at obtaining the radiation and conductivity 
characteristics of the slag and ash coatings of furnace walls, as 
well as the fraction of wall area covered by ash and slag. In 
large-scale industrial experimentation, some indications of these 
characteristics may be obtained by measuring slag and ash tem- 
peratures as well as tube-metal temperatures. These tempera- 
tures are necessary if the reradiation from the wall back to the 
flame and the heat transfer to the boiler tubes is to be evaluated. 

The third, and perhaps most important recommendation, is 
that all future work be planned so that all data can be interpreted 
statistically, and an estimate of the precision of the measure- 
ments be made. This approach probably would require a fac- 
torially designed program to facilitate the gathering of the most 
meaningful data with least amount of effort. 
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Appendix 


Predicted heat-absorption efficiencies were compared statisti- 
cally with values that were determined experimentally to ascertain 
whether or not the differences between values were due to a ran- 
dom distribution of experimental errors. The method is based 
on the theorem of statistics that states that if X and s are esti- 
mates of the mean and standard deviation of a random set of n- 
samples taken from a normally distributed universe with a true 
mean equal to m and a standard deviation equal to p, the ¢-ratio, 
which is defined by the equation 


_ (R= m) va 


will exceed the value A only B times out of a 100 at the B per cent 
probability level. If ¢ is found to be greater than A, it is con- 
cluded that ¥ is not an estimate of m, and that XY and m are not 
from the same universe. This is commonly called the null hy- 
pothesis. 

In the actual comparisons, the statistical tests were used to de- 
termine whether it was reasonable to assume that the average 
difference 

Meale) 
n 


was due to experimental error and that no real difference be- 
tween calculated and experimentally determined efficiencies 
existed. For the particular case in question, Equation [8] be- 


comes 
[ Meale) 
t= 


8 


The 1 and 5 per cent probability levels were chosen to deter- 
mine the significance of ¢. 
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Fly-Ash 


Refiring 


By F. G. FEELEY, JR.,, NEW YORK, N. Y. 


Over a period of 30 years a vast expansion of plants of 
the Carbide and Carbon Chemicals Company has taken 
place on the Kanawha River, South Charleston, W. Va. 
The accompanying growth of power plants has created a 
fly ash-disposal problem. Three years ago when the addi- 
tion of a new 250,000-lb-per-hr boiler installation was 
contemplated, it was decided to incorporate refiring fea- 
tures which largely would eliminate the difficulty. A 
description of the installation and its performance is 
given in the paper. 


INTRODUCTION 


ORTUNATE indeed is the industry or individual who is 
Fine to select the site of a plant with the idea of providing 

facilities for the disposal of fly ash resulting from the com- 
bustion of coal. Considerations of this type can sometimes, 
although not always—particularly in urban areas—influence the 
selection of public-utility plant sites; but it is rare indeed for 
major industrial plants to be able to consider fly-ash disposal 
among the desirable features of a plant site. Cooling water and 
raw materials usually predominate in site selections. Even 
though fly-ash disposal might be a factor in the selection of a 
modern plant site, it certainly could not have been envisioned 


thirty years ago when some of the now vast plants of Carbide and” 


Carbon Chemicals Company had their beginnings. 


F.iy-Asu DisposaL Becomes A PRoBLEM 


The latter situation is certainly true of the company’s plant on 
the Kanawha River at South Charleston, West Virginia. The 
first boiler plant consisted of six 20,000-lb-per-hr Sterling boilers— 
stoker-fired. Three boiler plants presently serve the plant, with 
a capacity many times the original 120,000 lb per hr. During 
years of expansion, fly ash has been pumped to first one low-lying 
area after another until the adjacent topography no longer 
provides a natural source of disposal. Fly-ash disposal costs 
have mounted to figures exceeding $1.75 per ton. Future disposal 
costs will rise even more sharply because of the need for pumping 
fly ash over adjacent ranges of hills into new low-lying ground. 

New Boiler Plant Needed. Three years ago the need arose for a 
new 250,000-lb-per-hr boiler installation. Management insisted 
that at least a start be made toward the end of eliminating the 
ever-increasing fly-ash disposal problem. A number of avenues 
were investigated, including an independent device to burn 
carbon out of, and melt the fly ash from, the new as well as the 
existing boilers. A pilot plant of this type was set up and showed 
considerable promise (although requiring large quantities of 
auxiliary fuel) before a new approach was decided upon. Bearing 
in mind that the fuels native to the area average less than 10 ner 
cent ash, and that coals are being burned elsewhere in the country 
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with ash contents approaching 40 per cent, it was reasoned that a 
properly designed boiler should be able to refire ash up to a point 
where the total inert dust loading in the furnace approached that 
which would prevail with a coal of 40 per cent initial ash content. 

Drawing in every way possible upon the experience of other 
plants, the boiler design shown in Fig. 1 was finally evolved. 
As can be seen, it is a slagging bottom boiler but is unconven- 
tional in that the hearth is of purely refractory construc- 
tion and is completely separate from the structural and 
pressure parts of the boiler. This design was utilized be- 
cause of a reluctance to involve the pressure parts of the 
boiler in the corrosive and erosive effects of molten slag. It 
is also intended to promote the highest possible temperatures to 
deal with the relatively high ash-fusion temperatures of native 
coals. The boiler is fired by downwardly inclined adjustable 
burners—three in the front wall, three in the rear wall, and 
staggered—to promote maximum turbulence with the higher 
temperature zone in the center of the hearth in a line parallel to 
the boiler drums. The slag-tap opening is in the near side of the 
hearth. Dust is collected from a gravity hopper below the last 
boiler pass, from a mechanical separator after the air heater, and 
from a vertically oriented electrostatic precipiiator following the 
induced-draft fan. A total of 11 reinjection feeds, utilizing hot 
air from a separate single-stage blower for motive source, pick 
up the dust from the hoppers and refire to nozzles located between 
and below the rear-wall coal burners. Pocket-type, motor- 
driven dust feeders are located on el] connections of the two dust 
collectors. 

Characteristics. The boiler shown is rated at 289,000 lb of 
steam per hr, at 615 psig pressure, 670 F total temperature when 
supplied with boiler feedwater at 388 F. It should be noted that 
the capacity of the originally planned unit was increased to the 
289,000-Ib-per-hr figure when it was decided to add to the steam 
cycle a 200-psi steam feedwater-heating system. Design furnace- 
heat release is 15,800 Btu /cu ft/hr and the entire furnace envelope 
is composed of 3 1/4-in. tubes on 3 3/8-in. centers. Design 
efficiency of the unit was set at 87.0 per cent but its performance 
has consistently been at 88.6 per cent when operating at design 
steam flow. Attention is called to the fact that this boiler was 
built initially without soot blowers and without any future 
provision therefor. A single long retractable deslagger was 
installed ahead of the slag screen but this blower has never been 
used and has now been removed to storage. 


OPERATING RESULTS 


The results achieved with this method of firing and refiring 
have exceeded all expectations. Total stack discharge at 300,000- 
lb-per-hr steam flow is less than 0.5 lb per 1000 lb of flue gas. All 
ash is recovered as a slag which is a readily disposable, and 
sometimes salable, product. The boiler is tapped once a day, 
requiring approximately seven man-hours of labor. The slag has 
been used for roads, driveways, and parking lots and is under 
investigation as a raw material for the fabrication of building 
blocks, bricks, ete. 

A similar, but smaller, boiler at the Chemicals Company’s 
Institute plant, West Virginia, also is performing satisfactorily 
and this unit is consuming, without detrimental effect, the fly 
ash from an adjacent dry-bottom boiler. At South Charleston 
plans are under way to refire to the new unit dust from adjacent 
units. 
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Installed cost of the entire unit was about $6.76 per lb of design 
steaming capacity. 

Heating-Surface Slagging Eliminated. Quite apart from 
achieving our basic objective, the South Charleston boiler and its 
smaller partner at Institute, have produced an unexpected 
benefit. Absolutely no slagging or heating surface fouling of any 
sort has so far occurred above the burners or at any point there- 
after. It was mentioned earlier that the deslagging blower 
originally installed has been removed. No manual cleaning of the 
boiler, in service or out of service, has ever been required. The 
fact that this cleanliness is complete is indicated by the fact that 
the gas temperature entering the slag screen averages 200 F below 
the manufacturer’s expectation. In considering the implications 
of the foregoing statements, bear in mind that this boiler serves 
a process which never permits a drop in load except on scheduled 
semiannual outages. In addition, because of its demonstrated 
capabilities, this boiler is consistently operated at loads in the 
vicinity of 310,000 Ib per hr, and we contemplate changing the 
range of the flowmeters to permit its operation in the future at 
loads approximating 325,000 lb per hr. 


Fic. 2 View Looxine Towarp Enciosure at Borter Front 


POTENTIALITIES OF SysTEM 


It is the primary purpose of this paper to point out the cleanli- 
ness of, and to introduce to the steam-generating industry the 
potentialities of the system described. It is equally the intent of 
this paper to bring about consideration of, and interest in, the 
cause of the ability of this boiler to eliminate the usual slagging 
and fouling characteristics—which incidentally are handsomely 
demonstrated by normal slagging difficulties in the conventional 
boilers elsewhere in the plant. 

The author would like to offer for consideration the possibility 
that the high inert dust loading in the combustion zone and 
adjacent furnace atmosphere of this boiler may possibly be serving 
as an absorbing medium for the deposition of the vapor-phase 
products of combustion, such as alkali sulphides, which normally 
are associated with adherence of fly ash—and subsequently slag— 
to metallic surfaces. It would seem essential to the progress of 
the fuel-burning, art to learn more about this phenomenon in the 
hope that the good features of this design can be extended to other 
boilers. 
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To anticipate one question which may arise, let it be said that 
the original hearth lining of the Institute boiler, which was No. 1 
firebrick, failed in approximately six weeks of service. It was 
subsequently replaced with Carborundum brick which failed in 
sixteen days of service and caused us to cell in refractory experts 
who pointed out that the brick-maintenance problem in a struc- 
ture such as this is similar to an open-hearth steel furnace wherein 
the major attack is chemical and not thermal. A synthetic 
mullite brick lining was recommended and installed on both 
boilers and at present seems to have a satisfactory life. The 
indicated cost of annual maintenance of the hearth is approxi- 
mately $5000. 


GENERAL Detalits oF PLANT 


To round out the story of this job, a brief description and a 
few pictures of the over-all installation may be of interest. The 
unit and its auxiliaries are installed completely out-of-doors, 
the only enclosure being that space under the coal bunker in which 
are located the front burners, the coal feeders and pulverizers, 
and the control console (Figs. 2 and 3). Fig. 4shows the complete 

.plant. It is intended to erect a duplicate unit in the future. 

The relative simplicity of auxiliary equipment should be noted. 
Two deaerating feedwater heaters are installed, one operating 
at 10 psig and one at 200 psig. Within the pressure shell of each 
deaerator is located a continuous blowdown compartment, one 
cascaded into the other; a heat exchanger (counterflow to in- 
coming feedwater) serves to cool the effluent of the 10-lb blow- 
down compartment. Two 100 per cent capacity turbine-driven, 
high-speed chrome-alloy feed pumps are installed. These are of 
the re-entry type each having a first section taking suction from 
the 10-lb heater and delivering to the 200-lb heater through a 
level control device, and a second section receiving from the 200- 
lb heater and delivering to the boiler with water-level regulation 
in the boiler achieved by regulation of turbine speed. 

The ash-handling system is visible in this view and consists 
of a “Jetpulsion’’ pump serving a decanting tank which will hold 
approximately 4 days’ run of slag and can be discharged equally 
well to either railroad cars or trucks. Antifreeze protection on 
important lines is electrical. 

Drafting of the boiler is a little unusual. Forced draft is 
provided by four motor-driven 40-hp single-stage blowers—two 
in each side of a plenum chamber at the rear base of the air 
heater. Each blower is fitted with a balanced multileaf check 
damper which prevents back-flow when the blower is stopped; 
each blower also nas a vane inlet control, all four of which are 
operated simultaneously by the combustion control through a 
jack shaft. Three blowers will handle the boiler well beyond 
rated capacity, leaving one in reserve. This system avoids 
heavy foundations and extensive duct work, and it provides 
very good fan efficiencies at all loads since blowers can be started 
or stopped from the panel board as load varies. The induced- 
draft fan is conventional but has no dampers. Draft control is 
achieved by varying fan speed with a hydraulic coupling. The 
two circular stacks are free-standing and equipped with discharge 
orifices to give a full-load exit velocity of 4500 fpm. 

Operation of Auziliaries. Operation of the auxiliary system 
serving this boiler has proved simple and reliable except that we 
underestimated the problem of placing the spare boiler feed pump 
in service on a job where deaerating heater pressures are not 
related to unit loading. A superb operating crew finally figured 

out a way of placing the 200-lb heater in service with the unit 
running, but it can be imagined that the procedure was a pre- 
carious one. A low-capacity by-pass was finally installed around 
the 200-lb heater to permit this operation to be handled more 
safely and expeditiously. To those who plan the installation of a 
re-entry pump and open feed-heater system such as this (and 
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we certainly recommend it from a maintenance and first-cost 
standpoint) it should be pointed out that the stand-by feed 
pump will vapor-bind its low-pressure suction (due to normal pump 
leakage) if it is permitted to stand with communications open to 
both deaerators. We learned the hard way that the result of 
trying to start the feed pump in this condition can produce the 
most terrifying water hammer it has ever been the author's 
experience to hear. The practice now is to leave the stand-by 
pump and its pipe lined up to by-pass the 200-lb heater, then to 
cut that heater into service after water flow is established through 
the pump. 

Fluidizer Petroleum Coke Tested. It may be known to some 
that this boiler has been used successfully in burning test lots 
of the fluidized petroleum coke which is produced by the new 
Standard Oil process. The features which permit the successful 
combustion of this fuel perhaps are not related to the furnace 
performance which is the subject of this paper, but it is likely 
that complete reinjection of dust is required with this fuel in 
order to completely burn out its carbon content. 


CoNCLUSION 


We hope most sincerely that the excellent performance of 
this boiler, which has been the product of so many people in 
both the manufacturing and operating branches of the steam- 
generating industry, can be proved not to be an isolated example 
and that we individually, and the Society collectively, will prove 
that our management’s insistence on placing a stop to the fly- 
ash disposal problem will be able to benefit the entire industry. 


Discussion 


G. W. Bice.? This is an unusually interesting paper on what 
certainly appears to be an unusual steam-generating unit. 

Fly-ash refiring has been tried a number of times in furnaces 
of various design, but has seldom been found satisfactory, and has 
nearly always been abandoned because of the practical difficul- 
ties encountered. No mention was made of fly-ash refiring 
difficulties experienced during initial operation of this unit. 
Surely there were some. It might be enlightening if the author 
would discuss this subject briefly in his closure. 

Also, no mention was made of the ability of this unit to handle 
low-quality coals, in addition to the relatively good coals nor- 
mally available in the Charleston, W. Va., area. If such coals have 
been burned, even on an experimental basis, it would be of inter- 
est, and helpful in evaluating the possible versatility of this 
design of furnace and its fly-ash refiring equipment. 

During the past summer, several members of the ASME 
Special Research Committee on Furnace Performance Factors 
visited the subject plant, where they were afforded the oppor- 
tunity of seeing this boiler in operation, and of talking with mem- 
bers of the operating staff. While they were impressed with the 
ease with which fly ash was being refired, they were even more 
impressed with the freedom from fouling of the unit, and espe- 
cially the furnace above the burners. Their interest and their 
curiosity were apparently contagious, ss they have succeeded in 
convincing the committee as a whole that it would be worth 
while to invest a portion of the funds remaining in the committee’s 
treasury in a series of formal tests on this unit. Tentative agree- 
ments have been reached with the owner, the boiler manufacturer, 
and the Bureau of Mines for furnishing the necessary materials, 
installation labor, test facilities, and jest personnel, either on a no- 
charge basis or at cost. Thus it is hoped that additional detailed 
performance data on this very interesting installation will be 
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obtained soon, and can be presented to the Society within the 
next year. 


Ouuison Craia.* The author points out that by this method 
of firing there is an unexpected result in that no slag accumulation 
is experienced on the walls of the furnace above the burners or in 
any of the gas passages. It might be said that this is due to the 
high ash-fusion temperature of this particular coal. However, 
there is also a boiler of the same design, with the same method of 
firing, in a paper mill in Maine which uses Minto coal from New 
Brunswick. This coal contains an average of over 20 per cent 
ash and an average of over 8 per cent sulphur. The sulphur is 
mostly in the form of pyrites. Ash-fusion temperatures vary 
from 1800 to 2000 F. There are no wall blowers, slag blowers, or 
soot blowers in this boiler and there has never been any require- 
ment for any such blowers. _ Also, no hand lancing is used. The 
furnace walls and the gas passes are just as clean as those men- 
tioned in the paper. 

The author develops the point that the temperature of the 
gases leaving the furnace is considerably less than would be the 
case with dry-bottom firing but with the same heat release per 
square foot of furnace envelope. This at first seems somewhat 
puzzling but, upon giving the matter some thought, it becomes 
quite evident why this was so. 


Fie. 5 Furnace-TEMPERATURE CURVES 


In Fig. 5 herewith, several curves are shown which are used 
merely as illustrations to follow a line of reasoning. Vertical dis- 
tances represent temperatures in the furnace, while horizontal 
distances represent distances from furnace bottom. The left 
ends of the curves are at the bottom of the furnace and the 
right ends of the curves at the top of the furnace. Assume that 
all the heat generated is released in a very narrow vertical zone 
immediately at the top of the furnace. The maximum possible 
temperature of the gases at the top of the furnace would then be 
experienced and this temperature could be represented by the 
point A2. At any point lower down in the furnace measured 
temperatures would be less, so that at the bottom of the furnace 
the temperature could be represented by Al and the curve 
between Al and A2 could be taken as representing the change of 
temperature of the gases throughout the furnace height. 

Again, assume all the heat release in a very narrow vertical 
band within half the height of the furnace. The temperature at 
this point could be represented by B2 while at the bottom and 
top of the furnace the temperatures could be represented by B1 
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and B3. The curves B1, B2, and B3 would then represent the 
change in temperatures throughout the furnace height. 
Obviously, B1 would be greater than Al. Assume that the heat 
release occurred not in a narrow band but over a considerable 
distance of the height from C2 to C3. These temperatures, of 
course, would be much less than A2 or B2. The temperatures 
Cl and C4 at the bottom and the top of the furnace obviously 
would be less than the temperatures B1 and B3. 

Assume, finally, that all the heat is released in a narrow vertical 
band at the extreme bottom of the furnace. This would be 
represented by the point D1. Since no further heat is released, 
the temperature of the gases rising in the furnace can only 
decrease from the furnace bottom to the furnace top. At the 
furnace top the temperature leaving the furnace would be repre- 
sented by some point such as D2. It is obvious that temperature 
D2 will be less than that of B3 or C4. The curves Cl, C2, C3, 
and C4 would come the nearest to representing the conditions 
that would be experienced when firing a dry-bottom furnace. 
Consequently the difference between C4 and D2 would represent 
the drop in temperature at the top of the furnace because of the 
method ef firing by which all the heat is released at the bottom 
of the furnace. If the point C4 is projected horizontally to the 
curve D1-D2 the point of intersection would indicate the point 
in the height of the furnace where the temperature would be the 
same as in the case of dry-bottom-furnace firing. In other words, 
this would indicate that by releasing the heat entirely in the 
bottom of the furnace a smaller furnace can be used and a higher 
heat release per square foot of furnace envelope can be used to 
obtain the same temperature leaving the top of the furnace as 
would be the case with dry-bottom firing. 

This line of reasoning also would seem to indicate that the 
temperature of the gases leaving the furnace is affected, not only 
by the heat release per square foot of furnace envelope, but is 
also affected by the way in which heat is released in the furnace. 
It would seem, then, that making use of the factor of heat release 
per square foot of envelope only could be very much of a fallacy 
and very misleading. 

When natural gas is fired into the bottom of one of these fur- 
naces, through the same burners as are used for coal firing, a very 
luminous flame fills the furnace bottom. This flame has 
very much the same appearance as the flame with coal burning. 
It appears to have about the same degree of luminosity and the 
same ability to radiate heat. This fact led to the thought that 
possibly the temperature of products of combustion leaving the 
furnace when burning natural gas would be about the same as 
when burning coal. Temperatures of gases at the top of the 
furnace were measured when burning gas and it was found that 
at the same load being developed by the boiler these temperatures 
were almost identical with those obtained when firing coal. It 
is to be presumed that the same thing will be true when firing oil. 
For these reasons it has been found that this type of design with 
this method of firing is particularly desirable in those installations 
which will burn natural gas but expect that at some time in the 
future to find it desirable to change to coal firing. When the 
time comes to fire coal it will be unnecessary to make any changes 
to the furnace or to the burners and, of course, there will be no 
outage of the boiler in order to make the change-over. 

There is a new form of fuel appearing which is called fluid coke. 
This is a by-product from a new process of petroleum refining. 
Fluid coke, however, is quite different from the petroleum cokes 
which have been obtained in the past. Fluid coke is very dense, 
exposes a minimum of surface for oxidation, is extremely hard to 
ignite, extremely difficult to maintain in stable combustion, and 
contains only from 4 to 5 per cent volatile matter. It has been 
expected, of course, that it is necessary to burn some auxiliary 
fuel in the form of oil or gas in order to obtain stable ignition. 
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Fluid coke has been burned quite successfully at the Blaine 
Island Plant and with as little as 6 per cent auxiliary fuel in the 
form of natural gas. This method of firing lends itself particu- 
larly to the burning of a very difficult fuel, such as fluid coke, 
because of the high turbulence and the high temperature that 
are obtained in the bottom of the furnace. There is now being 
installed in Delaware, for the Delaware Power and Light Com- 
pany, three boilers, each having a capacity of 500,000 lb of steam 
per hr, the basic fuel being fluid coke. Fluid coke will be fired 
in the same manner as described in the paper. 


C. F. Hawiey.‘ The author makes the following statement: 
“It would seem essential to the progress of the fuel-burning art 
to learn more about this phenomenon in the hope that the good 
features of this design can be extended to other boilers.” 

One of the phenomena mentioned is the fact that the furnace- 
exit temperatures were much lower than predicted. Further 
investigation on the basis of measurements with high-velocity 
thermocouples while burning pulverized coal, and also while 
burning gas, resulted in the furnace-temperature-performance 
curves shown as Fig. 6 of this discussion. These curves show the 
furnace-exit temperature plotted against the net heat release per 
square foot of effective furnace surface. The upper two curves 
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Fic. 6 Furnace TEMPERATURE 


are those for conventional front-wall firing, while the lower two 
curves are the measurements taken at the author's installation. 
It will be noted that when burning pulverized coal the tempera- 
tures with this arrangement are about 100 to 125 deg F below the 
conventional design and that when burning gas the spread 
becomes even greater. The two bottom curves also show that 
the temperatures at the exit of the furnace when burning either 
pulverized coal or gas are approximately the same. 

The beneficial result of the lower temperatures is immediately 
apparent by comparing the net heat release which produces the 
same furnace-exit temperature. If we assume a desired exit 
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temperature of 1950 F the conventional front firing requires a 
heat release per square foot of furnace envelope of 85,000 Btu. 
The unit with the bottom firing produces the same exit tempera- 
ture with 110,000 release and permits a 20 per cent reduction in 
required furnace surfaces. 

The absence of furnace slag above the burner throat and the 
elimination of furnace blowers remove the most serious operating 
problems connected with pressure-furnace operation and allow 
full use of the operating economics of pressure firing. 

The design of unit shown as Fig. 7, herewith, is based on this 
experience and is in line with the hope expressed by the author 
that the good features of this design can be extended to other 
boilers. The arrangement is such that natural gas, oil, coal, 
lignite, fluid coke, delayed coke, or a combination of these fuels 
can be utilized. The furnace is of the same general design as the 


: ot 


arrangement described in the paper with the same type of burners 
placed at the bottom, but in this case a completely water-cooled 
furnace floor. The fact that all the fuels burn with a radiant 
flame allows superheater-tube platens spaced across the upper part 
of the furnace to obtain the required steam temperatures while 
still making full use of the low furnace-exit temperatures 
resulting from the bottom firing. Two units of this type are now 
on order, one for 850,000 lb of steam per hr at 1550 psig with 
steam and reheat temperatures of 1005 F, and one designed for 
1,550,000 Ib of steam per hr at 1925 psig, with steam and reheat 
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temperatures of 1005 F. These units are designed for pressure- 
furnace operation. 


M. L. Jones.6 The author’s paper on the problem of disposal 
of fly ash and the method and equipment being used is timely. 
It would appear that both the manufacturers and the users of 
coal-fired boilers must take stock of our situation and ask if we 
are going in the right direction. The installations as discussed in 
the paper may give some leads which should be investigated. 

The slag-tap or wet-bottom furnace had a period of popularity 
some 25 years ago and many units were installed. However, this 
type of unit became less popular until the early 1950’s when the 
cyclone furnace was developed. 

In the intervening period, air pollution became a problem in all 
coal-burning installations along with the resulting disposal 
nuisance of fly ash resulting from the installation of dust col- 
lectors. During this period we, both operators and manufac- 
turers, continued to install dry-bottom boilers while knowing 
that the dust emission from this type of boiler is high. 

The boiler design referred to in the paper presents some inter- 
esting points of discussion. The opposed-burner arrangement 
would seem to be helpful in creating furnace turbulence which is 
recognized as a material aid to good combustion. It also should 
be helpful in creating a high heat zone which will maintain high 
molten pool temperatures as well as melt the reinjected fly ash 
and possibly gasify some of the components of the fly ash. 

The bent wall tubes of the burner line also may play an im- 
portant part in the performance of the unit. The heat absorp- 
tion of these walls plus the shadowing and directing the gases 
to the center of the furnace may be some of the contributing 
factors toward the performance being realized. 

It would be of interest to know at what minimum steaming out- 
put the unit can be operated with satisfactory tapping of slag. 

The arrangement of the forced-draft fans is an interesting and 
unique solution and is particularly attractive when motor drives 
are used. One of the disadvantages of this installation, however, 
is the high noise level in the surrounding area which may create a 
problem. As an alternative, consideration might be given to 
using other types of fans which have lower noise characteristics. 

It would seem that this type of installation should be examined 
in detail in an effort to determine what factors of combustion and 
boiler geometry contribute to the performance. With such infor- 
mation available, a more rational design of boiler will be realized. 


A. A. Ornina.* The author has presented a report of unusual 
interest in regard to slagging and fly-ash emission from a pul- 
verized-coal-fired steam-boiler furnace. Further consideration 
and additional data are needed to predict whether the unex- 
pectedly good results with the particular coal might be expected 
with similar installations and different coals. 

The author has given no data on ash characteristics. The ash- 
fusion temperature may be considered only as a useful guide but 
would be of interest. Slag fluidity may have little bearing upon 
cleanliness of upper sections of the boiler but would be of interest 
with regard to feasibility of using the design for other coals. 
Alkali metal content of the coal ash is possibly of greatest impor- 
tance. 

The unique shape factors are certainly important in reducing 
slagging on wall areas immediately above the burners. Low 
angles of incidence of radiation, from the hearth and the flame 
volume below the burners, account for much cf the absence of 
slagging in these areas. Flame impingement is probably absent 
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or at low angles in these areas. Information regarding contours 
of slag deposits on the side walls would aid interpretation of these 
effects. 

Data are given on heat-release rates per unit volume but not 
per unit projected area of wall surface in the primary furnace. 
Indicated low exit-gas temperatures depend upon these rates. 
Exit-gas temperatures are not given. 

The absence of bonded deposits at the furnace exit and in the 
first passes of the superheater results from a combination of 
effects. An increase in dust loading due to recycling is indicated 
but no data are given. The long path from the flame zone to the 
furnace outlet favors selective absorption of offensive components 
by the fly ash. High dust loading would favor this effect. The 
long path and the outlet geometry also indicate a low solid angle 
for flame radiation into the outlet. With other coals, of high 
sulphur and high alkali-metal content, these effects together with 
even lower exit-gas temperatures might not be adequate to per- 
vent bonded deposits in the slag screen and the first passes of the 
superheater. 

The furnace design presented offers interesting possibilities 
for control of ash deposits and fly-ash emiss on. Careful con- 
sideration of ash loading and composition must be given any 
application to coals with ash characteristics differing widely from 
those in the present application. 


O. D. Wurpon.’? A great deal of enthusiasm is justifiably 
exhibited by the author over the results that have been obtsined 
by an attempted solution to the fly-ash-disposal problem. 

Evidently, by refiring fly ash in a specially designed boiler, the 
author feels that the problem of fly-ash disposal is eliminated. 
However, the writer feels that the problem has, to some extent, 
only been changed. After refiring the fly ash, it is still necessary 
to dispose of the slag which could be as great a problem as dis- 
posing of fly ash in some situations. Also, the attendant refrac- 
tory problem is not to be minimized. At least the refiring opera- 
tion would give some choice to the purchaser of a boiler for speci- 
fying the type of ash disposal he would desire to best meet his 
individual conditions. 

The possibility of eliminating the need for soot-blowing equip- 
ment in the boiler should have almost universal appeal. 
Possibly an analysis of the reason for this particular characteristic 
could lead to a method of modifying other boilers where refiring 
of fly ash is not possible or desirable. 

However, both the fly-ash-disposal problem and the soot-blow- 
ing problem are of such magnitude that any possibility of elim- 
inating or minimizing them should certainly be of interest to 
everyone connected with boiler manufacture and use. This 
fact leads me to make a recommendation that further data be 
obtained and analysis made to better understand the reasons 
for the exceptional boiler performance for possible universal 
use. It would seem that the Society might well be justified in 
such an undertaking through appropriate committees. 

The author is to be commended for publicizing his experiences 
which could be a major step in improving boiler design and 
operation. 


AvuTHOR’s CLOSURE 


Mr. Bice asks for information on the difficulties with refiring. 
Briefly, they have been limited to excessive wear of the original 
pipe-fitting material. Fittings have been replaced with some 
designed for use in pneumatic fly-ash handling systems. The 
refiring of dust from the boiler hopper has been discontinued in 
view of the fact that the amount of dust so handled was so small 


7 Technical Engineer of Power Plants, The Detroit Edison Com- 
pany, Detroit, Mich. Assoc. Mem. ASME. 
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as to not justify the presence and maintenance of the pipe in- 
volved. 

Except for avoiding fuels with nominal ash fluid temperatures 
in excess of 2700 F, no effort has been made to specify any 
special coal for this unit. It has handled everything the local 
mines make available as well as some more distant coals whose 
purchase was dictated by price and availability only. 

The minimum load at which subject boiler can be tapped has 
never been determined. It would, of course, vary with the 
fluid temperature of the coal ash and with the excess air required 
for good combustion of the coal. With ash fluid temperatures 
around 2350 F, it is likely that good tapping would prevail down 
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to about three-quarters of maximum rating, but it is my conten- 
tion that no slag-tapping installation should be made where 
continuous service at less than nominal full load is contemplated. 

Mr. Jones will be interested to know that steps are currently 
being taken in conjunction with the fan manufacturer to apply 
low draft-loss sound-absorption devices to the forced-draft 
fans. 

Mr. Orning asks about the contours of slag deposits on the 
side walls of the furnaces. The answer is that above the throat 
of the furnace there are none whatever and it therefore appears 
that the freedom from slagging of this furnace design is associated 
with factors other than its shape and dimensional relationships. 
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The Supercharged-and-Intercooled Free- 


Piston-and-Turbine Compound Engine— 


A Cycle 


This paper supplements a previous study.’ Its purpose 
is to clarify the position occupied by the supercharged- 
and-intercooled cycle variant of the free-piston-and-tur- 
bine compound engine relative to the simple cycle. Two 
points of view are employed in these considerations—one 
relating to question of whether or not to supercharge an 
existing simple-cycle prototype; and the second relating 
to the basic decision of whether to develop a supercharged- 
and-intercooled cycle, or alternatively to develop the 
simple cycle for the same degree of pressure charging of the 
engine cylinder. From the first viewpoint, as an example, it 
appears to be attractive to supercharge a 6:1 pressure-ratio 
simple cycle up to 8:1 by a blower of 1.33 pressure 
ratio. The gain is roughly 50 per cent in power output and 
this must be weighed against the additional complexity, 
bulk, weight, and cost associated with the supercharger 
and its turbine drive, together with the intercooler and its 
ducting. Moreover, the cylinder combustion rate is in- 
creased in proportion to the power gain so that cylinder and 
piston heat problems are more severe. From the second 
viewpoint, the supercharged-and-intercooled cycle pos- 
sesses no significant advantages and many disadvantages. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
c, = air constant pressure specific heat for compressor proc- 

ess, Btu/(lb deg F) a 

air constant pressure specific heat for turbine process, 
Btu/(lb deg F) 

air specific heat ratio for compressor process, dimen- 
sionless 

air specific heat ratio for turbine process, dimensionless 


fuel lower heating value at fuel supply temperature, 
Btu /Ib 


= 


m = mola] mass of air = 28.97 lb/lb mol 
P = pressure, psi, or psf abs 
P* = pressure ratio, dimensionless 
PD = piston displacement, cu in., or cu ft per cycle 
q = coolant heat-transfer rate, Btu/hr 
q* = coolant heat-transfer fraction relative to fuel-energy 


input, dimensionless 
R = universal gas constant = 1545 ft #/(Ib mol deg R) 


1Professor of Mechanical Engineering, 
Mem. ASME. 

2“The Free-Piston-and-Turbine Compound Engine—A Cycle 
Analysis,” by A. L. London, Trans. ASME, vol. 77, 1955, pp. 197- 
210. 

Contributed by the Gas Turbine Power Division and presented 
at a joint session of the Gas Turbine Power and Oil and Gas Power 
Divisions at the Diamond Jubilee Annual Meeting, Chicago, IIl., 
November 13-18, 1955, of Tae American Society or MecHANICAL 
ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
29, 1955. Paper No. 55—A-147. 


Stanford University. 


By A. L. LONDON,' STANFORD, CALIF. 
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Analysis 


SAR = specific air flow rate for cycle, lbs/net shphr 
= specific fuel consumption for cycle, lb/net shphr 
= air temperature, deg R 

work as qualified by subscript, Btu 

n P* means flow-friction pressure drop fraction 
efficiency as qualified by subscript 

gas density as qualified by subscript, pef 

flow rate as qualified by subscript, lb/br 
pounds force in distinction to lb for lb mass 


Ml 


INTRODUCTION 


This paper is presented as a supplement to a previous study.? 
In this reference three variations of the free-piston-and-turbine 
compound engine were considered—the simple cycle, the super- 
charged-and-intercooled cycle, and the reheat cycle. Thermody- 
namic considerations resulting in a convenient cycle-analysis pro- 
cedure were formulated and the method was illustrated by specific 
calculations. 

One of the conclusions reached from these limited calculations 
was as follows: 


“The supercharged-and-intercooled cycle, contrary to intuitive 
expectations, offers no advantage in terms of compressor size and 
possesses many disadvantages in terms of specific fuel consump- 
tion and system complexity. The increased density of the charge 
to the reciprocating compressor is more than nullified by the great 
increase in specific air-flow rate.” 


The foregoing conclusion resulted in some substantial dif- 
ferences of opinion,’ so it became evident, therefore, that points 
of view needed to be clearly formulated, and further studies of 
the supercharged-and-intercooled cycle were required. It is the 
purpose of this paper to fulfill these needs. 

The supercharged-and-intercooled cycle is described in the flow 
diagram, Fig. 1. This illustration also defines the meaning of the 
cycle pressure ratio P*, the supercharge pressure ratio P,*, and 
the pressure ratio of what might be termed the simple-cycle por- 
tion of the over-all cycle 


P* imple cycle = 


The over-all turbine expansion is pictured schematically as 
occurring in three stages: (1) The main expansion down to a pres- 
sure equal to the inlet pressure to the F-P compressor; (2) a 
supercharger-drive-turbine expansion down to a pressure level 
just sufficient to provide the necessary supercharger work; and 
(3) a final expansion down to atmospheric pressure. If Py, is 
greater than P, work is derived, but if Py» is less than Py, work is 
required, and then this last flow machine functions as a compres- 
sor. In any practical system this last turbine, of course, would not 
be used, but probably at least two turbines would be employed— 
one for the load and the other to drive the supercharger. The 
presentation shown in Fig. 1 is given in this more complex manner 


* Discussions to reference (2) presented by A. J. Ehrat, H. A. 
Steiger, and P. de Haller. 
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for the purpose of allowing a later comparison of the simple cycle 
with the supercharged-and-intercooled cycle performance. 

The meaning of the term “supercharged” will now be con- 
sidered. The reciprocating-engine cylinder is obviously super- 
charged, even in the simple cycle, by the reciprocating compres- 
sor. As used in this paper supercharged refers to pressure in- 
crease provided by the centrifugal blower pictured in Fig. 1 and 


We 

2b x 
Wk. 


=Pip 
A 
3b 
= Pic /Po + 
= Pib/Po — Wk.s 
crouse ™ Wr 
LHV) 
= Pac = Po 
Fie. 1 Frow Diagram For SvuPERCHARGED-AND-INTERCOOLED 


CyrcLe 


is expressed in terms of P,* = Py/Po. The “pressure-charging”’ 
of the F-P reciprocating-engine cylinder is expressed in terms of 
the cycle pressure ratio P*. It is evident that the contribution of 
the F-P reciprocating compressor is P*/P,* and this ratio, equal 
to P,./P, has been referred to previously as the pressure ratio of 
the “simple part’’ of the cemplex supercharged-and-intercooled 
cycle, hereafter abbreviated to the S-and-I cycle. 

This consideration sets the stage for formulating two useful 
points of view for comparison of the S-and-I and the simple 
cycles: 


1 The S-and-I cycle versus the simple cycle with a pressure 
ratio simple eyele = (P*/P,*)s-and-1 eycle 

2 The S-and-I cycle versus the simple cycle with a pressure 
ratio P* imple cycle = P*s.ana-1 cycle 


The first point of view is one that might be assumed by an engi- 
neer who has an existing model of a simple-cycle F-P unit and is 
faced with the requirement of increasing the output. The second 
point of view is one that a design engineer may elect if he has to 
make a decision as to whether to develop the simple cycle or the 
S-and-I cycle, assuming that the pressure charging of the engine 
cylinder is the criterion to use with respect to the severity of 
combustion conditions. It is well appreciated that severity of com- 
bustion in an IC engine cylinder is related to top combustion 
temperature and rate of change of pressure during the combus- 
tion process, as well as top combustion pressure. Nevertheless, as 
this complex question is debatable, the simple, though admittedly 
superficial, criterion of pressure charging of the engine cylinder is 
the one which will be adopted here. 

It is just the difference in these two points of view that results 
in the contrary opinions as to whether or not the S-and-I cycle is 
a “good” one. In the following section on Results, both points 
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of view will be employed. They will be abbreviated to the follow- 
ing: 

1 Supercharging an existing model. 

2 Comparable combustion loading conditions. 


THERMODYNAMIC ANALYSIS 


Since the thermodynamic analysis used is essentially the same 
as presented in detail in the parent paper,’ it will not be repeated 
here. The parameters specified as fixed for the cycle calculations 
are summarized in Table 1. Note that the centrifugal super- 
charger efficiency (yn, = 78 per cent in this case) is considered to 
include an allowance for pressure drop through the intercooler. 
The intercooler is specified to have a heat-transfer effectiveness of 
80 per cent. 


TABLE 1 


SPECIFIED PARaeeTeas FOR CYCLE CALCULA- 


Fuel LHV 18,300 Btu/Ib 
Inlet-air state Po = 14.7 psia, Ty = 530 deg R (70 deg F) 
Free-piston efficiencies: 

Compressor, % = 80 per cent 

Mechanical, 9m = 90 per cent 

Engine indicated thermal, %th eng = 41.1 per cent 

(corresponding to an engine - Sateen ratio of about 10:1) 

Engine air-fuel = 30: 
Coolant heat-transfer fraction, = 0. 
Fraction pressure drop total a. ae = 0 engine valve events, AP* = 10 per 

cent 
Supercharger efficiency, % = 78 per cent* 
Intercooler effectiveness, « = 80 per cent 
Turbine isentropic efficiency, % = 80 per cent 
Working-substance properties: 

Air with R/m = 53.34 ft#/(lb deg R) 

For a and supercharger processes: 

= 0.243 Btu/(lb deg R), & = 1.392 


€p = 0.255 Btu/(lb deg R), k = 1.366 


“This somewhat low efficiency allows for flow-pressure losses in the 
intercooler. 


RESULTS 


Figs. 2(a) and 2(b) together with Table 2 summarize the cal- 
culated performance for the S-and-I cycle described in Fig. 1. 
These results are for various supercharger pressure ratios P,* = 
P,,/P> from 1 (no supercharge) to 2.6, all for a fixed-cycle pres- 
sure ratio of P* = P;./Py = 6. Cycle parameters held constant 
for the analysis are summarized in Table 1. 

Figs. 3(a) and 3(b) are similar to the previous ones except here 
the cycle pressure ratio is maintained at P* = 8 instead of 6. 
Points for these curves are summarized in Table 3, 

Figs. 4(a) and 4(b) summarize the same kind of information, 
except the supercharge pressure ratio is kept constant at P,* = 
1.7, while the cycle pressure ratio P* is varied from 3 to 12. 
Additionally, the performance of the simple cycle is shown for 
comparison. Table 4 contains the calculated results leading to 
these curves. 

Fig. 5 presents the conditions for zero work from the third 
turbine pictured in the flow diagram, Fig. 1. This corresponds to 
Py = P», and then the fuel-economy performance of the S-and-I 
cycle with P* = P,,/Po is identical to that of a simple cycle with ° 
P* = P,./Py. For instance, from Fig. 5, an S-and-I cycle with a 
P* of 12.5 and a P,* of 2.1 will have the same fuel economy as a 
simple eycle of P* = 6. If P,* < 2.1, still maintaining a P* of 
12.5, the S-and-I cycle will have a better sfc. If P,* > 2.1, the re- 
verse will obtain. These calculations were made for a super- 
charger efficiency of n, = 80 per cent and an intercooler effective- 
ness € = 100 percent. For », = 78 per cent and € = 80 per cent, 
as for the other calculations, the performance would be modified 
only slightly in favor of the simple cycle. 

The foregoing results, particularly those shown in Figs. 2 and 
3, may now be examined employing the two viewpoints formulated 
in the introduction. 

Supe:charging an Existing Model. Suppose an existing mode] 
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Fic. 2 SuPERCHARGED-AND-INTERCOOLED PerrormMaNnce; P* = 6 
(See Table 1 for specified parameters used in cycle analysis and Table 2 for calculated points.) 


of a simple-cycle system has a pressure ratio P* = 6. It is now 
proposed to supercharge it with a centrifugal compressor with a 
P,* = 1.333. The resulting S-and-I cycle will then have a P* = 
8. The performance of the original simple cycle can be read 
from Figs. 2(a) and 2(b) (at P,* = 1, the condition of no super- 
charge); and the S-and-I cycle performance for P* = 8, P,* = 
1.333 can be determined from Figs. 3(a) and 3(b) (or interpolated 
from Table 3). This comparison is given in Table 5. 

The evident conclusions are (1) the thermodynamic per- 
formance of the two cycles is nearly the same with respect to sfc, 
SAR, and turbine-inlet temperature; (2) more severe combustion 
conditions will exist in the S-and-I cycle because of the moder- 
ately higher engine-charge density coupled with a slightly higher 
engine-charge temperature; (3) if the operating frequencies are 
the same, the S-and-I model will have a power increase of about 
(1/0.75 — 1) or 33 per cent. A less evident conclusion is that the 
S-and-I model will operate at a higher speed than the simple- 
cycle model, roughly in proportion to the VP*, because of the 
greater “‘stiffness’’ of the “gas springs” (Ehrat’s discussion).* 
Under these circumstances one could anticipate a power boost of 
the order of 1.33 X V 38/6 — 1 = 53 per cent with no loss in sfc 
performance. 

Against this substantial gain must be weighed the disadvantages 
of increased severity of engine combustion conditions and addi- 
tional complexity resulting from two more flow machines, a heat 
exchanger, and the associated ducting. 

From the comparison in Tabie 5, it is evident that the engine- 
charge density is 30 per cent greater and the charge temperature 
is slightly higher, 528 versus 506 F. As the simple cycle with P* 


P* = 6—PERFORMANCE OF SUPERCHARGED-AND- 
INTERCOOLED CYCLE 


TABLE 2 


Supercherger Pressure 
1 1.2 [1.4 j1.7 |2.0 [2.3 | 2.6 


Puel Consumption 0.370] 0.362 |0. 402 |0.439/ 0.501) 0.596) 0.6 


FC, 1be/(shp hr 
Specific Air Flow Rate 23.6 |52.4 /41.5 | 55. 75.6 
SAR, 1ds/(shp | 
Turbine Inlet Temperature,°F| 972 [883 (809 /715 [636 | 577 | 
Comp. to Engine air Ratio 2.15 [2.41 (2.69 (5.15 |5.66 4.22 | 4.66 
| 
Engine Charge Density Ratio 3.29 |3.45 3.76 | 3.92 0S | 4.16 
Ingine Charge Temperature,°F| 506 |462 |366 | 352 [see 302 
Recip. Comp. Cherge Density 1.00 165 1.365'1.63 | 1.90 155) 2.41 
Retio 
Recip. Comp. Displ. Reletive/ 1.00 |0.96 (1.00 {1.07 |1.22 2.04 
to Simple Cycle | 
Displ. Reletive to 1.00 |0.99 (1.03 [1.13 1.308] 1.66 
Simple Cycle 
i 


= 6 has an imep of about 334 psi,‘ it is self-evident that for the 
S-and-I cycle, with 30 per cent greater loading, cylinder heat 
problems of greater magnitude can be anticipated. Higher speed 
of operation, of the order of ~/ 8/6 — 1 = 15 per cent, can only 
accentuate the difficulties because of higher rates of pressure 
change and higher heat-transfer coefficients. 

Because the specific air-flow rate, SAR, is 23.0 lbs of air/shphr, 
about three times that of a conventional diesel, one anticipates 
that the supercharger and its turbine drive will be a more bulky 


* Reference (2), Table 2. 
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SUPERCGHARGE, R* 
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SPECIFIC FUEL CONSUMPTION 
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HR 


Supercharge Pressure Ratio, 1.0 [1.4 |1.7 |2.0 |2.6 
P 
Specific Fuel Consumption 0.352/ 0.359) 0.370] 0.394] 0.430) 0.47¢) 0.538 
efe , lbe/(chp hr 
Specific Air Flow Rete 186.5 |21.1 | 23.9 | 29.1 | 35.8 | 435.9 | 56.35 
SaR, 1de/(shp hr) 
Turbine Inlet Temperature, F [1055 |976 | 876 797 736 675 
Comp. to Air Retio 1.76 |1.96 |2.15 | 2.46 | 2.76 |3.11 | 3.49 
Mngine Charge Density Ratio | 4.02 [4.19 | 4.34 | 4.56 | 4.75 | 4.91 | 5.05 
Migine Cherge Temperature, °F 599 /551 516 |470 |433 (404 
Recip. Comp. Charge Density | 1.00 | 1.165) 1.865) 1.63 | 1.90 | 2.155) 2.41 
Ratio, 
Recip. Comp. Diepl. Relative | 1.00 [0.96 | 0.945) 0.965) 1,015) 1.095) 1.26 
to Simple Cycle 
Engine Displ. Relative to 1.00 |0,977/ 0.973/ 0.985) 1.035 |1.09 | 1.21 
Simple Cycle 
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TABLE 4 Ps* = 1.7—PERFORMANCE OF SUPERCHARGED-AND 
INTERCOOLED CYCLE 


(See Table 1 for specified parameters used in cycle analysis and Table 3 for calculated points.) 


2.6 


3.0 


Cycle Pressure Ratio, p* 2.09 8 8 10 12 
Specific Fuel Consumption 0.990 | 0.566 | 0.439) 0.396 | 0.5735 | 0.568 
SFC, 1bds/(shp hr) 
Specific Air Flow Rate 248 04.2 41.5 29.2 23.3 20.2 
SAR, 1de/(shp hr) 
Turbine Inlet Tempereture, °F 33s 497 715 862 1020 1104 
Comp. to Mngine Air Ratio 8.34 4.95 7.15 | 2.46 | 2.06 1.6 
ure/Ulo 
Engine Cherge Density Retio | 2.51 | 2.87 | 3.76 | 4.56 | 5.31 | 6.01 
Tagine Charge Temperature, F|203 | 280 |386 | 470 |539 | 
Recip. Comp. Charge Density | 1.652 | 1.652 | 1.632 | 1.652 |1.632 | 1.632 
Ratio Pe 
Recip. Comp. Displ. Relative |1.50 | 1.45 | 1.07 | 0.965 | 0.915 | 0.900 
to Simple Cycle 
Engine Displ. Relative to 1.31 1.22 1.03 0.969 | 0.969 | 0.970 
Simple Cycle 


(and expensive) unit than required for a crank-type diesel. As 
the supercharger turbine operates at such moderate temperatures, 
about 500-600 F, there is some compensation afforded by the use 
of less expensive blade materials. 

The intercoo'er requirements are fairly substantial, again due 
to the high SAR relative to a crank-type diesel. Assuming the 
availability of water as a coolant and a desired effectiveness, € = 
80 per cent, elementary heat-transfer considerations indicate a 
transfer-area requirement of the order of 0.5 to 0.7 sq ft/shp. 
This is the same as the specific heat-transfer area required in a 
condenser of a steam power plant and about 20-25 per cent of the 


gas-turbine plant. 


area needed in a 75 per cent effective regenerator for a marine-type 


TABLE 5 SUPERCHARGING AN EXISTING MODEL 


Specific fuel consumption 


Specific air ra 

Turbine-inlet temperature, deg 

Relative piston displacement: 
Compressor 
Engine 

Engine-charge temperature, deg F.. . 

Engine-charge density relative to at- 


| 


Simple-cycle 
Pt = 6 
0.370 
23.8 
972 
1 
1 
506 
3.29 


S-and-I 
cycle model 


P*=8, = 1.33 


0.366 
23.0 
1,003 
0.74 
0.75 
528 


4.29 
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See Table 1 for specified parameters used in cycle calculation and Table 4 
Fie. 4(a) ‘ for calculated points.) 


Comparable Combustion Loading Conditions. As indicated in the 

introduction, this comparison will specify a common pressure- 

(SAME. sfc) charging magnitude for the engine cylinder, say, P* = 8, for ex- 

ample. The contrast, Table 6, will now be between a simple- 

cycle operating with P* = 8 and an S-and-I cycle operating with 
P,* = 1.33 and P* = 8. 


TABLE 6 COMPARISON FOR EQUAL COMBUSTION LOADING 


Simple cycle S-and-I cycle 
Pt=8 P*=8, 1.33 


w 


Specific fuel consumption 

Specific air rate 

Turbine-inlet temperature, deg F... . 

Relative piston displacements: 
Compressor 
Engine 

Engine-charge temperature, deg F.. . 

Engine-charge density relative to at- 
mospheric pic/ po 


FOR SUPERCHARGED, INTERCOOLED CYCLE 


The evident conclusions from Table 6 are: (1) The specific fuel 
consumptions are nearly the same, with the simple cycle possess- 
ing a 4 per cent advantage; (2) the S-and-I cycle has the ad- 
vantage of a moderately lower turbine-inlet temperature; (3) the 
6 8 10 12 engine-charge conditions indicate a moderate advantage ior the 

S-and-I cycle with respect to temperature and a slight disad- 

PX FOR EQUIVALENT SIMPLE CYCLE vantage with respect to density; thus the engine combustion con- 

Fic. 5 Breax-Even Cyrcie Conprrions ditions may be considered to be somewhat less severe for the S- 
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and-I cycle; (4) the gain in relative piston displacement is quite 
minor for the S-and-I cycle. 

With respect to operating frequencies of the two systems, no 
definite statemert can be made. One might venture, however, 
that the simple cycle would tend to have higher operating fre- 
quency. This conclusion stems from the belief that the effective 
spring constant would be larger for the simple cycle, since the re- 
sultant force range would be greater owing to the greater F-P 
compressor work requirement. 

Optimum Supercharger Pressure Ratio. From Figs. 2(b), 3(b), 
and 5, it is amply evident that high degrees of supercharge are not 
desirable and, in general, for cycle pressure ratios less than P* = 
10, P,* should be less than 2. For P* = 6, P,* = 1.2 to 14is 
the optimum range and for P* = 8, P,* = 1.3 to 1.8 should be 
used. Higher degrees of supercharging will result in a further 
deterioration of the position of the S-and-I cycle relative to the 
simple cycle operating with the same P*. 

The reason for the poor behavior of the high P,* cycle is that if 
a major part of the compressor pressurizing function is removed 
from the free-piston gas generator the only way the reciprocating- 
engine work can be absorbed is to pump a larger excess of air, 
i.e., a larger w,/w, ratio. In turn, this results in more dilution of 
the engine exhaust, prior to the turbine expansion, increasing the 
irreversibility of the mixing process. The net result is a deteriora- 
tion of the sfe and SAR parameters with their direct influence on 
the piston-displacement requirements. 


CoNCLUSIONS 


From this discussion it is evident that the question of super- 
charging an “existing’’ simple-cycle prototype, so as to realize a 
gain in peak power of about 50 per cent, cannot yet be answered 
affirmatively. Detailed design studies are needed to determine 
the “costs” of adding a large heat exchanger, two more flow ma- 
chines, and the associated ducting. Test results are also needed 
to ascertain what the increased combustion loadings mean in 
terms of engine wear and lubrication. 

The second point of view enunciated is the one which might be 
used to make a basic decision as to whether or not to develop 
the S-and-I cycle, or alternatively a simple cycle for a specified 
P*. On this question the cycle studies give a clear answer. The 
S-and-I cycle possesses no advantage in terms of compactness; 
in fact, it may be less compact because of its added complexity. 
Moreover, its specific fuel consumption is not as good. In- 
terestingly enough, the advantages of the S-and-I cycle in this 
comparison lie in an unexpected quarter to one familiar with 
conventional crank-engine practice. Supercharging in this in- 
stance reduces the severity of the combustion conditions. The 
engine-charge temperature is reduced substantially (about 70 deg 
F for P* = 8 and P,* = 1.33). An additional cycle advantage is 
the lower gas-turbine temperature by about 150 deg F. 
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Discussion 


A. J. Enrat.’ It isregrettable that, in spite of his resolve that 
points of view be clearly formulated, the author seems to have 
clouded the basic issue. The question cannot be split into two 
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parts, one being pertinent in the case of an engineer who has an 
existing model of a free-piston unit, and the other being pertinent 
in the case of the design engineer who has to make a decision as to 
whether to develop the-simple cycle or the supercharged-and- 
intercooled cycle. 

The real question is, simply: Which of the two cycles can be 
employed more advantageousty to improve on the present state 
of the art? 

At this time a number of gasifiers have been developed to a fair 
degree of reliability. Although this work has been done by severa! 
different firms located in several countries, one common denom- 
inator stands out. Not one of the current models is rated at a 
simple-cycle pressure ratio above 6. This is ample evidence, for 
our purpose, of the present state of development. It also may be 
an indication that some form of limit has been approached. 

Now let us consider objectively how we might improve on this 
state. We find the answer in Tables 5 and 6 of the paper. From 
the data listed therein we can easily calculate that the cycle pres- 
sure-ratio increase from 6 to the arbitrarily chosen value of 8 re- 
sults in a 25 per cent decrease in engine-piston displacement, if we 
use the S-and-I cycle. If we use the simple cycle the decrease is 
100 [1 — (0.75/0.97)] = 23 per cent. In compressor-piston dis- 
placement the corresponding changes are minus 26 per cent versus 
minus 22 per cent, and in engine-charge density they are plus 30 
per cent versus plus 22 per cent. 

Although all the changes are slightly greater in the case of the 
S-and-I cycle, there are no great differences in orders of magni- 
tude. Therefore we may say thus far that the two cycles are 
about equal. 

This picture alters abruptly when we look at the temperatures. 
An engine-charge temperature of 506 F, as is indicated for the 
simple cycle at a pressure ratio of 6, already is extremely high by 
the standards of anyone who has had practical experience with 
reciprocating internal-combustion engines. 

The supercharged cycle, if given only the amount of intercooling 
assumed by the author, would increase this by a moderately 
severe 22 deg F, but the simple cycle would increase it by a very 
unhealthy 93 deg F. The same trend is evidenced by the turbine- 
inlet temperatures, but here it is magnified. Whereas the super- 
charged-and-intercooled cycle results in an increase of 31 deg F, 
the simple cycle results in one 5*/, times as great, or 177 deg F. 
This great inequality in the rates of temperature rise with power 
can lead to one conclusion only. The simple cycle will be limited 
to much lower pressure ratios and powers than those which might 
be obtained from a properly exploited supercharged-and-inter- 
cooled cycle. 


W. A. Morarn.* The main reason for supercharging is to in- 
crease power output. In the free-piston gas generator we can in- 
crease the output in several ways: 


1 Increase the size of the gas generator. 
2 Increase the cycle pressure ratio. 
3 Use the supercharged-and-intercooled cycle. 


The principles of geometric similitude are fine as far as they 
go. Unfortunately, they do not tell how much trouble may de- 
velop when substantial increases are made in the bore of highly 
loaded cylinders. Thermal-loading problems are certainly in- 
creased; at least that has been the writer’s experience. Let’s 
assume here that we do not want to increase the size any further. 
The next alternative is to increase the cycle pressure ratio. It is 
difficult, with the design data presently at our disposal, to project 
a simple-cycle gas generator suitable for pressure ratios much be- 
yond 8 or 9. The scavenging blowthrough tends to decrease as 


* Research Engineer, Cooper-Bessemer Corporation, Mt. Vernon, 
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the pressure ratio increases, and in the region noted, the blow- 
through approaches zero. The writer would not go so far as to 
say we cannot operate without completely purging the power 
cylinder of combustion gases, but he would rather not take the 
gamble. Also, the turbine-inlet temperature would soon get 
quite out of hand. s 

This, it is felt, makes a definite case for the supercharged-and- 
intercooled cycle. Table 5 of the paper shows rather promising 
results and if P, is increased still further the results continue to 
improve. We note that if we leave the gas-generator pressure 
ratio at 6 and go to P, = 1.7, giving an over-all ratio of 10, the 
SFC and SAR are improved over the simple cycle, and the power 
increases substantially. In our studies on the C-B Model R unit, 
we concluded that we would install heavier pistons in a unit de- 
signed for supercharged operation and that we would open out 
the inner end clearance to hold the peak pressure to a 2000 psi 
limit. These changes, we felt, would reduce the severity of 
loading in the power cylinder to acceptable conditions. Sub- 
stantial power gains were indicated with slight improvement in 
the specific fuel and air rates. 

The equipment we have provided for turbocharged operation 
has not turned out to be particularly bulky. The turbocharger 
selected was taken from a conventional 1700 engine, and will give 
us a 1.5-atm boost. If we develop the anticipated horsepower 
increase, the added bulk and complexity will certainly be justi- 
fied. 

The writer wishes to compliment the author on his outstanding 
work in promoting the free-piston gas turbine, both through his 
valuable technical contributions, and his enthusiasm and en- 
couragement to the other workers in the field. While most of us 
engaged in this work are more convinced than he that supercharg- 
ing is a ‘‘good’’ thing, his work should be most carefully con- 
sidered in arriving at any final evaluation, for his criticisms are 
both constructive 2nd sincere. 


8. L.Soo.7. The writer, who has been a student of the author’s 
many brilliant papers, has the highest regard for him as a pioneer 
in the field of free-piston machines. 

It is highly illuminating that in the present paper he considers 
a comparison of the supercharged and unsupercharged free-piston 
turbine plant. The supercharged-and-intercooled cycle amounts 
to operating « simple cycle in an atmosphere at the equivalent 
state of that at the outlet of the intercooler with the added ad- 
vantage of reduced power-iurbine back pressure. The latter 
fact is that, owing to current figures of machine efficiencies (80 
per cent blower efficiency and 82 to 85 per cent blower-turbine 
efficiency ) equilibrium running of the turbocharger set [Fig. 5(a) of 
the paper by Morain and Soo]* at ordinary generated gas tempera- 
ture of 1000 F, the blower-turbine pressure ratio will be lower 
than the blower pressure ratio. 

In this view, the net output of the supercharged-and-inter- 
cooled cycle would be greater than the proportionate increase in 
the air density at the reciprocating compressor inlet. The re- 
duced firing pressure rativ (permissible firing pressure/scavenging 
air pressure) is the source of reduced ideal cycle efficiency. How- 
ever, the factors contributing to increased thermal efficiency are 
as follows: 


1 Reduced percentage power-cy\inder cooling loss. 
2 Increased power-turbine pressure ratio. 


The problems in regard to optimum charging pressure ratio, in- 

7’ Assistant Professor of Mechanical Engineering, Princeton Uni- 
versity, Princeton, N. J. Assoc. Mem. ASME. 

**‘Some Design Aspects of the Free-Piston Gas Generator Turbine 
Plant,”” by W. A. Morain and 8. L. Soo, ASME Paper No. 55—A-155. 


1763 


— 


ZZ 


WIT ITI 


Fic.6 Oscitiatine Weicst a Gas-Cuarcep CYLINDER 


IN CYCLES PER MINUTE 


FREQUENCY 


2 26 3 a5 
CYLINDER LINEAR CLEARANCE IN INCHES 


NO SUPERCHARGING 
SUPERCHARGED TO 16 ATM 
SUPERCHARGED TO 20 ATw 
NUMBERS SHOW RECIPROCATOR PRESSURE 
RATIOS 


Fic.7 Typicat Frequency Diacram 


tercooler requirement, and combustion loading were clarified in 
the reference cited.* 

There is probably a typographical error in the statement re- 
garding the change in operating frequency of a given machine due 
to supercharging: The simple cycle would have lower operating 
frequency. By considering the simplified system depicted in 
Fig. 6 of this discussion a frictionless and leakproof piston in a 
cylinder closed at both ends with identical amounts of perfect 
gas at identical states to start with but insulated from each other 
and the surroundings, it can be shown that a small disturbance 
would result in an oscillating frequency of (linearized solution) 


Frequency = 1 = 


where 
g = gravitational acceleration 


cycles per unit time 
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k = ratio of specific heats of gas 

po = initial pressure at equilibrium position 
A = piston area 

w = weight of piston 

2 = dimension shown in Fig. 6 


Therefore, with given weight of piston and stroke length, an in- 
urease of the pressure level represented by po (due to supercharg- 
ing) would increase the frequency of oscillation. This is further 
confirmed by a typical frequency diagram shown in Fig. 7, here- 
with, showing the variation in operating frequency at various 
supercharging pressures. Supercharging gives higher mean pres- 
sures in the power, compressor, and bounce cylinders. 


AvutTHorR’s CLOSURE 


Mr. Ehrat points out that the issue has been “clouded” by the 
fact that the paper limits consideration to only two points of 
view. The issue that Mr. Ehrat has in mind—“which of the 
two cycles can be employed more advantageously to improve on 
the present state of the art’’—was not dealt with specifically. 
However, it is apparent that once having it formulated, he was 
very readily able to pull his answer out of the results presented 
in the paper. 

His viewpoint is quantitized by the statement that the pressure 
rise across the reciprocating compressor is limited to a ratio of 6. 
In terms of commercially available equipment, possibly a better 
demonstrated “‘state-of-the-art”’ figure would be 5. In any event, 
for a given-size gas generator, with an arbitrary limit on this 
pressure ratio, an improvement in specific output can be realized 
by supercharging; and the extent of the gains will be given by an 
analysis paralleling that given in Table 5. 

Mr. Morain, in his illuminating discussion of ways of improving 


specific output, does not consider another practical method, 
namely, the use of multicylinder arrangements. The conven- 
tional crank-type engine has its specific weight substantially 
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improved thereby; and there are reasons to believe that this 
procedure is even more advantageous for the free-piston engine 
concept. 

It is encouraging that the Cooper-Bessemer studies indicate 
the gains from supercharging an existing model are well worth 
the complexity of the turbocharger and intercooler auxiliaries. 

Professor Soo’s initial comments are to the effect that the hot 
gas pressure expansion ratio across the turbine of the turbo- 
charger may well be less than the pressure rise across the com- 
pressor of the turbocharger. The fact that P;, = Py is specified 
in the flow diagram of Fig. 1 does not obviate this possibility, 
because of the existence of the No. 3 turbine, which was intro- 
duced for convenience in analysis. The arbitrariness of the 
specification of Ps. = Py is, in effect, compensated for by the 
degree of freedom the third turbine provides for Py. This 
pressure may be greater or less than atmospheric pressure. If 
the Nos. 2 and 3 turbines are combined into a single unit to drive 
the supercharger, which would be the case for any practical 
system, then one cannot arbitrarily make P;, = Py», because the 
exhaust pressure is fixed at atmospheric. In this case P;, would 
be established by the requirement of providing the necessary 
supercharger input work. 

In agreement with Professor Soo’s analysis, the author indi- 
cated that supercharging a given machine will increase its oper- 
ating frequency. Evidently, this more or less obvious conclusion 
was confused with a later statement made in respect to the com- 
parison afforded by Table 6, where two different machines, one 
operating on the simple cycle and the other on the S-and-I cycle, 
both with a P* = 8, are considered. Here, the “‘on-the-fence”’ 
position assumed by tne author was—‘With respect to operating 
frequencies of the two systems, no definite statement can be made. 
One might venture, however, that the simple cycle would tend to 
have the higher operating frequency.”” The studies reported 
in Fig. 7 do not apply to this situation involving two different 
machines, each designed for its own cycle. 
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The Thermodynamics of Cooled Turbines’ 
Part 1—The Turbine Stage 


By W. R. HAWTHORNE,* CAMBRIDGE, MASS. 


A procedure has been obtained for calculating the effect 
of cooling on turbine-stage efficiency by visualizing the flow 
in the blade passages as one-dimensional compressible 
flow in a conical tube with heat transfer and friction. The 
use of Reynolds’ analogy between friction and heat transfer 
permits the results to be correlated in terms of the blade- 
profile loss coefficient in low-speed flow, the change of pas- 
sage area in the blade section and the ratio of average blade- 
surface temperature to the stagnation temperature of the 
gas relative to the blades. Simple expressions are obtained 
for the amount of heat abstracted in a cooled row of blades 
and the drop in turbine-stage efficiency resulting from 
cooling. Calculations for some typical stages show that, 
with blades cooled appreciably below the gas temperature, 
the amount of heat removed may be as much as 5 per cent 
of the calorific value of the fuel per row of cooled blades 
and the decrease in turbine-stage efficiency as much as 3 
per cent when both nozzles and blades are cooled appre- 
ciably. The use of impulse and low reaction stages re- 
duces toa small fraction of a per cent the effect on the stage 
efficiency of cooling the rotor blades only. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
1— T./Te 
1 + 
passage 
cross-sectional area of turbine blade or nozzle passage 


loss coefficient for three-dimensional flow through blades 


equal to 
We 


assumed to be constant in turbine-blade 


absolute velocity entering blades or leaving nozzles 

absolute velocity leaving blades 

specific heat at constant pressure 

specific heat at constant volume 

axial velocity (subscript 1 identifies axial velocity entering 
rotor blades; subscript 2 identifies axial velocity leav- 
ing) 

wall-friction coefficient 

gravitational constant 

enthalpy 

ratio of specific heats, c,/c, 


1 This paper contains work done under the sponsorship of the Office 
of Naval Research Contract N5ori—78 to 21, March, 1949. The 
work was carried out when the author was George Westinghouse Pro- 
fessor of Mechanical Engineering at the Massachusetts Institute of 
Technology. 

? Hunsaker Professor of Aeronautics, Massachusetts Institute of 
Technology, on leave from the Professorship of Applied Thermody- 
namics, University of Cambridge, England. 

Contributed by the Gas Turbine Power Division and presented at 
the Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Tae American Society or MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood.as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
29, 1955. Paper No. 55—A-186. 


blade height 

conversion factor from ft-lb to Btu 

Mach number 

1 
tan 6/2 
loss coefficient for three-dimensional flow through nozzles 
hi In, 

equal to 

static pressure 

heat transferred to cooled surfaces 

entropy 

perimeter of duct 

gas constant 

absolute temperature 

average wall temperature of cooled blade or nozzle 

velocity of blades 

film coefficient of heat transfer 

stream velocity 

relative velocity entering blades 

relative velocity leaving blades 

work done by turbine stage 

work done in an ideal process at constant entropy without 
cooling in which inlet and outlet velocities (c; and cz) and 
inlet and outlet pressures (p, and p.) are same as in 
actual process 

distance along blade passage 

fraction of temperature drop across stage which occurs 
across blades 

angle between velocity vector w; and plane of rotation 

angle between velocity vector w, and plane of rotation 

nozzle angle between velocity vector c, and plane of rota- 
tion 

angle between velocity vector c; and plane of rotation 

deflection of gas stream going through rotor blades 

deflection of gas stream going through nozzles 

mass density of stream 

angle of convergence of conical duct equivalent to blade 
passage 

stage efficiency 

profile loss factor (two-dimensional) 


loss factor normally measured in low-speed cascades; 
used here to define loss characteristics of blade 


Subscripts 
applied to h, p, or T refers to stagnation conditions 
refers to stagnation conditions at nozzle inlet 
refers to stagnation conditions at nozzle outlet 
refers to relative stagnation conditions corresponding to 
state 1 in rotor blades 
refers to relative stagnation conditions corresponding to 
state 2 in rotor blades 


refers to stagnation conditions at rotor-blade outlet 
refers to conditions at inlet to blades or outlet of nozzles 


J= 
M 
i= 
N= 
Q = 
s= 
= 
R= 
=> 
: = 
U = 
: V 
= 
m= 
= 
= 
y — 
a = 
a = Be = 
a= = 
= = 
Cy = p = 
= 
Qt = 
t= 
g => 
k= 
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refers to conditions at outlet of blades 

refers to conditions at state 1s which is the state at p; 
reached from state 0i by an isentropic process (see Figs. 
2 to 6) 

similarly defined for isentropic expansion through blades 

state reached in isentropic expansion through stage from 0i 
to ps 

refers to blades 

refers to nozzles 


refers to cooled turbine stage 
INTRODUCTION 


The use of cooled blades in gas turbines should make possible an 
increase in turbine-inlet temperature and hence output and ther- 
mal efficiency. However, the removal of heat from the gas pass- 
ing through the turbine blading may reduce the work output from 
the turbine and thereby appreciably offset the gain in thermal 

' efficiency arising from an increase in turbine-inlet temperature. 

Some estimates of the effect of removing heat on the turbine 
performance have already been made (3, 4). It is possible, if the 
heat removed and work done per stage and the stage efficiency are 
known, to calculate stage by stage the effect of cooling. The 
calculation of the effect of cooling on the stage efficiency is more 
difficult and forms the subject of this paper. By regarding the 
blades as conical tubes and using the techniques of handling one- 
dimensional flow problems (1), a method of calculation is derived, 
assuming a knowledge of profile loss coefficients and the amount of 
heat transferred in the blading. Results are presented in such a 
way that calculations may be made for any stage. Making esti- 
mates for the loss coefficients, a number of typical stages are 
studied primarily to determine which types of stage show the 
smallest effect of cooling. 

A turbine stage consists of a row of fixed nozzles followed by a 
row of moving blades shown developed in Fig. 1. Fig. 1 also con- 
tains a diagram showing the nomenclature used in the velocity 
triangles. The velocities and physical geometry of the blading 
usually vary with radius, but these variations will be neglected in 
the following analysis. 

The method of determining the effect of cooling on the stage 
efficiency will be illustrated by analyzing and discussing, in turn, 
(a) the uncooled stage with losses, (6) the reversible and cooled 
stage, and (c) the cooled stage with losses. Solutions for these ex- 
pressions will then be obtained by treating the flow through the 
blades as one-dimensional flow in a conical tube. 

A value of k, the ratio of the specific heats, of 1.4 has been as- 
sumed throughout the calculations because accurate tables for 
compressible flow functions with k = 1.4 are available. 


1 Tue UNcooLep TurRBINE Stace 


The enthalpy-entropy diagram is shown in Fig. 2. Point 
Oi represents stagnation conditions before the nozzles; point 1 
represents the condition of the fluid after expansion through the 
nozzles; point 2 represents the condition of the fluid after expan- 
sion through the blades. 

Applying the steady flow-energy equation to flow through noz- 
zles and blades 


3 Numbers in parentheses refer to the Bibliography at the end of the 
paper. 
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and across the stage 


ho — hoy = hoi — 


Note that the constants g and J have been omitted from the fore- 
going equations to simplify the presentation. 

There are numerous ways of expressing the turbine efficiency, 
involving comparison of the actual work with that obtainable in 
some ideal process. It is customary to choose a reversible process 
as the ideal, i.e., the one at constant entropy when there is no heat 
transfer between the fluid and its surroundings. We shall select 
such an isentropic process with the same pressures and velocities 
at inlet to, and outlet from, the stage as the actual process. Then 
the ideai work W, is given by 
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and the stage efficiency 


Equation [3] may be rewritten 
2 
Wy = — — F + — + — 


= W + (he — has) + — have... [5] 


Now 
hes — hase (Oh/Os) 
and since 
Oh 
Equation [5] becomes approximately 
W, = W + (2 — hae) + [8] 


Defining thermodynamic-loss coefficients N and B for flow 
through nozzles and blades, respectively, by 


and 


Oa 
W/(u*/2) 
or 
| ~ [106] 
Net W,/(u*/2) 


2 Tue ReveERSIBLE AND CooLep TuRBINE STAGE 


The performance of this idealized stage will depend on the con- 
ditions under which the heat is removed from the fluid. These 
conditions will be examined in detail later, but for purposes of 
illustration it will be assumed for the moment that the heat is re- 
moved reversibly at constant pressure. A further assumption is 
necessary for the value of the pressure at which heat is removed. 
Two cases have been examined, one in which the pressure at which 
heat is removed is the stagnation pressure (corresponding 
roughly to nozzle and blade-inlet conditions) and the other in 
which the pressure is the pressure at outlet from the nozzles or 
blades. 

Reversible Cooling at Constant Stagnation Pressure. The en- 
thalpy-entropy diagram is shown in Fig. 3. An amount of heat 
Quy per lb of fluid is removed‘ between points 0i and Oc, and an 
amount Qz is removed at the stagnation pressure relative to the 
.otor. 


‘In this analysis heat removed from and work done by the fluid 
will be accounted positive. 
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Fic. 3 DiacramM or REVERSIBLE AND COOLED 
Torsine Srace. Heat Removat at Constant STaGNATION 
PRESSURE 


Applying the steady flow-energy equation across the stage 
2 
W + Qp + Qy = — —.......... [11] 

The ideal process with which the foregoing will be compared is 
still a reversible but uncooled process, i.e., an isentropic one. 
The work done in this latter process is then given by 

2 

W, + = hes hess 


= hos — he + he — has + hae — hae 


W, = W + Qs + Qn — (he, — he) — (hose — hae). . . [12] 
Now, from Equations [6] and [7] 


On [13a] 
and 
ho — he 
whence 
a 
T: 
W, = w + Qx(1— {14] 
Toe 
and 


1's T: 
1 + av (1 7) 
W, 


Reversible Cooling at Constant Outlet Pressure. The enthalpy- 
entropy diagram is shown in Fig. 4. An amount of heat Qw per 


1— 


wrQ, 
02 is 
h 
2s 
1 2 ore 
| | 
and combining Equations [4], [8], and [9] 
Bw (2) 
or 
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Fie. 4 DiaGRAM REVERSIBLE AND COOLED 
Tursine Stace. Heat Removat at Constant OuTLeT PRESSURE 


lb is removed between points 1s and 1, and Qz is removed between 
points 2s and 2. We have, by the same method as before 


W + Qe + Qn = hoi 


3 
We + = hos 


= hos — he + he — has + — 


or 


W, = W + Qn + Qv—Qn— 


Discussion of Reversible and Cooled Turbine Stage. Some 
tentative conclusions may be drawn from the foregoing analysis. 
Assuming that a turbine stage is to be designed for given inlet 
conditions and outlet pressure and velocity, it is apparent from 
Equations [15] and [18] that the work output from a cooled tur- 
bine will be less than that from an uncooled one. The amount 
of decrease in work due to cooling will be less than that given by 
Equation [15] and greater than that of Equation [18]. The effect 
of lowering the pressure or temperature at which heat is remove’ 
is to increase the amount of work obtainable. This may be seen 
by noting that’ 


5 dQ is assumed positive when heat is removed in this expression. 
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for a reversible process and that for a given amount of heat re- 
moved, the larger the decrease in entropy, the larger the work ob- 
tainable. 

In an impulse stage the temperature entering the blades is 
nearly the same as that leaving; consequently, the heat will be 
removed at a low temperature in the blades. This is equivalent to 
cooling at constant outlet pressure so that the effect of cooling 
the blades will be negligible. The maximum effect of cooling the 
nozzles will be, from Equation [15] 


A real effect will be intermediate between that shown in Equa- 
tions [18] and [19], depending on the exact process of heat re- 
moval in flow through the nozzles. With no cooling of the noz- 
zles, the value of (1 — W/W,) for an impulse stage is reduced al- 
most to zero. As the reaction is increased, the value of (1 — 
W/W,) also will increase. From this it may be deduced that the 
smallest effect due to cooling on the work output will occur with 
the impulse stage. As velocities and, therefore, temperature drops 
are decreased (W, — W) also will decrease. 

The foregoing discussion is based on an analysis of the re- 
versible stage. However, it may be used as a guide to interpret 
qualitatively the more exact analysis given in the following. 


3 Tue CooL_ep TurBINE Stace 


The procedure is similar to that used in the previous para- 
graphs. Fig. 5 shows the enthalpy-entropy diagram. Applying 
the steady flow-energy equation, in turn, across the nozzles, rotor 
blades, and complete stage 
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C2? 
W + Qu + Qe = — 


As before 


We = hes — haw — 


=W+Qvt+Qs+ t+ 


New thermodynamic-loss coefficients for the cooled stage may 
be defined 


and 


whence 


1 


and defining Nt’ = W/ WwW, 
1 


2 2 
+N’ Tate + + 


or 
i— Nat" med 


2 
{ [Qn /(c*/2)] + N’ + { [Qn/(ws?/2) 


2 
WwW, 
Combining Equations [20], [21], and [22] to eliminate terms in h, 
we obtain 


[265] 


a? — w;? 
2 


W-= 


from which it is concluded that, provided the velocities are the 
same, cooled and uncooled stages give the same work. Comparing 
the efficiencies of cooled and uncooled stages on this basis, Equa- 
tions [26a] and [10a], and using a prime (’) to designate the 


[Qw/(e:*/2)] + N’ —wN 


2 


+ { [Qn /(ws*/2)] + BY — 
W 


(28) 


which to a first approximation gives 
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The losses in a row of blades or nozzles are made up of profile or 
skin-friction losses, secondary losses, and tip clearance and 
annulus-wall effects. If it is assumed that the only loss factors 
affected by the cooling are those due to profile or skin-friction 
effects (sometimes called the two-dimensional losses), then 


N'—WN = — fy and B’ — B = — és... .(30] 


Equation [29] may then be rewritten approximately in the 
form 


Net — Ane _ Net C1 


Nst 2 
+ 2*/2)] + & 


The second term on the right-hand side of Equation [31] is the 
contribution arising from cooling of the blades. The first and 
third terms arise from cooling of the nozzles, the third term being 
due to the reduction of the reheating effect in the nozzles. It is to 


be noted that the term 
Net 
W/(u?/2) 


is similar to the conventional velocity ratio, being equal to the 
wheel speed divided by the velocity equivalent to the isentropic 
enthalpy drop from a stagnation state at inlet to a state at outlet 
from the stage where the enthalpy is (he. + c.*/2) and the en- 
tropy is the same as the value at inlet. 

The remaining problem in this analysis is to determine the 
values of the terms in brackets for any conditions. This will be 
done by treating the nozzles and blades as passages in which the 
flow is one-dimensional. 


4 One-DIMENSIONAL FLow IN Passages 


A method of solving the equations of continuity, energy, and 
momentum for a comprersible gas flowing in one dimension along 
a duct with friction, area change, and heat transfer has been pre- 
sented in reference (1). The solutions may be obtained by con- 
sidering a differential length of the duct. Expressions have been 
derived for changes in Mach number, velocity, pressure, etc., in 
terms of the changes in area, frictional drag, and changes in stag- 
nation temperature. A table of these expressions for a gas with 
constant specific heats and molecular weight is given in reference 
(1), Table 2, part of which is shown here as Table 1. Solutions of 
interest here can be obtained by integrating expressions obtained 
from this table along the length of the blade passage. 

Ancilogy Between Heat Transfer and Friction. In order to relate 
the heat transfer to distance along the duct, use is made of 
Reynolds’ analogy between skin friction and heat transfer, 
namely 


For an element of the duct of length dz, perimeter S, and wall 
temperature T,,, the heat-balance equation is 


| 
2 
cooled stage 
Nat 


TRANSACTIONS OF THE ASME 


NOVEMBER, 1956 


TABLE | INFLUENCE COEFFICIENTS FOR FLOW WITH CONTINUOUS CHANGES, 
CONSTANT SPECIFIC HEAT, AND MOLECULAR WEIGHT? 


a + me) 


__ kk — 1)M* 


a 


1—M? 


2(1 — 


vit 


* Reference (1). 


US(T» — To)dx = ApVc,dT» 
whence, from Equation [32] 


To To 


This equation may be integrated to give 


assuming 7’, remains constant along the blade passage. This lat- 
ter is a reasonable assumption for liquid-cooled blades. 

The enthalpy-entropy diagram for the flow through a cooled 
blade passage is shown in Fig. 6. If the blades are uncooled ho 
= hoz, and from Table 1 


Oh k—1 v2 
2 = 
T, and M 


when the Mach number M is small, then 
|S dz 
A 


Noting that 


Ia — hin A 


an approximation which gets better as M gets smaller. 
Comparing the foregoing equation with the definition of two- 
dimensional loss factor, viz. 


* A wall-recovery factor of unity has been assumed. In practice 
the recovery factor is somewhat less than unity, but a value of unity 
is taken because of the great simplification made possible in the 
analysis. The use of a factor of unity gives an overestimate of the 
heat transferred, and is, therefore, on the conservative side. 


2(1 — 
—kM? 
2 
(k — 1)M? 


Fic. 6 Diacram ror FLow a Two- 
Diwenstonat Coo.ep Passace 


he — ha 


we find that 


*V? Sdz 


a [37] 


= 


This latter loss factor is the one normally measured in low-speed 
cascade tunnels and conveniently defines the loss characteristic 
of the blade. It varies in value between 0.02 and 0.08. Abbrevi- 
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ating it to £, it will be used as a basic parameter in the later 
analysis of turbine stages. 
In addition we shall define another important parameter 


When the area change is zero, & = £. When a finite area change 
occurs through the blades, V becomes inversely proportional to the 
area A. Then, assuming that the blade passages may be treated 
as conical tubes and using Equations [54] and [55a], it may be 
shown that 


1 — A;?/A;* 


A curve of £,/& versus A;/Az2 is shown in Fig. 21. 
Equation [35] may now be written 


Ta — (: 


and since Q = ¢,(T'n — T'v2), one of the terms in Equation [31] is 
obtained in the form 
1+ 
Q/(V-4/2) = 


or approximately 


Q 


The right-hand side of this expression varies between 2.5 and 3.0 
as M; increases from zero to unity. 

Effect of Cooling on Loss Factor. A comparison will be made be- 
tween two cascades of identical shape and values of Me, 72, To, 
V2, pe, Por, and approach angle. One cascade will be uncooled and 
the other cooled, the superscript (") being used to indicate the 
cooled cascade. 

From the definition of loss factor 


From Fig. 6 


te = cp (7; — Tx’) 


Now for the uncooled cascade Ty: = Tm, hence 


T: 
k and —= 
To 


Similarly, from Fig. 6 


Mat = 


2 
yr 
Te Poi’ 
In this equation T/T. may be obtained from Equation [39] 
and is very closely given by 


k-1 
Po Pa 


may be obtained by integration of the one-dimensional equations 
of flow along the blade passage. 

Before the accurate method of performing this integration is 
outlined, an approximate solution will be given. 

From Table 1 the stagnation-pressure change with heat trans- 
fer and friction is given for a differential length of duct by 


To 


Po 2 
From Equations [34] and [46] 


‘ 


very approximately where Apo’ = po: — pu’. Whence using 
Equation [45], Equation [44] becomes approximately 


2 
Te) 
14? [1 + | Ape 


k Doe 
From Equation [47] 


4 Tea & 


The same blade passage when uncooled gives 7',, = 7'o, and 


where the M’ and M denote the appropriate average Mach num- 
bers in the two cases, i.e. 


0 


S de 

A 

With these substitutions Equation [48] becomes, neglecting terms 
in 
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dz 
k—1 
Now 
Por’ Poe 
_T. 
= Cp (T:— Tx) 
&§ 
or 
1— T. 
Apo kM? 
1 — T7,,'/T: 
Ta Pa 
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In many instances, particularly when the change in passage 
area ‘s large, it may be possible to ignore the difference between 
M and M’, i.e., to assume that the cooling has small effect on the 
variation in Mach number. Then Equation [49] yields the ap- 
proximate result 


The right-hand side of Equation [50] varies from 2.5 to 3.0 as 
M, increases from zero to unity. This approximate solution may 
be compared with the accurate solutions shown in Fig. 7. 


Fic. 7 VARIATION OF — 


fo(1— Tw / Tm) Wirs Area Ratio, Me, AND fo 


Two of the terms in the square bracivets in Equation [31] may 
now be obtained by combining Equations [41] and [50j 


Tox’ 


The right-hand side of this equation varies numerically from 
zero at small values of M: and small changes of area to nearly 0.5 
when Mz is unity and the Mach-number change is large. The 
change in Mach number is likely to be large when there is con- 
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siderable convergence of the blade passage in the direction of flow 
as, for instance, in a reaction blade. 

When the velocities are small so that density changes are 
negligible, M varies inversely as A and it may be shown that the 
right-hand side of Equation [51] becomes 


(: 11 —(A2/Ai)? 

2 2 loge 

i.e., M becomes the log mean of M; and My. This ne is 
hots by the curve marked Mz — 0 in Fig. 8. 


/wa — Tw/Tn) 
Arga Ratio, f, Mz 


Q 
Fra. 8 VARIATION OF 


One of the difficulties in the accurate calculation becomes ap- 
parent from Equation [51]. The expression on the left-hand side 
is the difference between two quantities—Equation [41] and 
Equation [50}—which vary between 2.5 and 3. The accurate 
calculation of M is, hence, essential to an accurate determination 
of the effect of cooling on stage efficiency. 

Accurate values are shown in Fig. 8, which it will be noted 
cover the range from zero to '/: as predicted by the approximate 
relation of Equation [51]. 

Accurate Calculation of Loss F=ctors. This section describes in 
outline the main features in the caiculation of the curves shown in 
Figs. 7 and 8 for which approximate expressions were derived in 
the preceding section. Equations [44] and [47] are used, viz. 


Po 4 


From Table 1 
(1 — M?*)dM? 


(: 


Substituting for d7'9/T> from Equation [34] 


> 
| 
| 
| 
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(1 — M*)dM? 


T. S dz 


where 

As f f(Sdz/A) is < 0.15, T.,/T> and a may be taken as con- 
stant. If a suitable geometric relation between S dz and dA is ob- 
tained, and M: is chosen, Equation [53] may be solved to give Mi, 
the inlet Mach number. Elimination of S dx/A from Equation 
[47] then gives an equation between p) and M which also may be 
integrated to obtain (po2/po’). The value of poz/pm is obtained by 
putting 7, = 7, whence Equation [44] may be solved. 

For reaction blading and nozzles a relation, which is suggested 
by analogy with tapered circular pipes, is 


For the conical pipe 1/n = tan 6/2, where @ is the total inciuded 
angle of the cone. Hence assuming n is constant 


Sd 2dA A; 


(see Fig. 1) and hence 


"ina 


sin 

sin as 

Values of & — &’ have been calculated for Mz = 1, Me = 0.5, 

T/T. = 0.25, 0.5, and 0.75, for values of £& = 0.02 and 0.08 and 

for various values of A,/A»:. These are shown in Fig. 7. The 

calculations showed that good correlation of the results for the 
various values of 7',,/T': is possible by using the parameter 


To) 
which was found to be practically independent of 7/72. The use 


of this parameter was suggested by the approximate solutions 
given in the section, Effect of Cooling on Loss Factor.? 


(§— 


In Fig. 8 values of 


1 


have been plotted. - The use of this parameter also permits good 
correlation of the results for various values of 7/7. The 
curve for M; = 0 obtained as described is also shown in Fig. 8. 
To enable interpolation of the results of the calculations for an im- 
pulse blade row to be readily achieved, Fig. 2) has been included. 

Finally Equation [42] has also been solved to give the loss factor 
for uncooled blades with varying A;/ As for M2 = 0.5 and & = 0.02 
and 0.08. The results for these uncooled blade-loss factors are 
shown in Fig. 21. 


7 Both Figs. 7 and 8 were constructed for T'~/To: = 0.5. 
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5 Discussion AND APPLICATION oF Resutts To TypicaL 


TURBINE STAGES 


In the foregoing sections enough results have been obtained to 
permit fairly approximate estimation of two problems of im- 
pertance in the design of cooled turbines. The first is the amount 
of heat required for cooling which is abstracted from the gas pass- 
ing through the blades and nozzles. The second is the effect of 
the cooling on the turbine-stage efficiency. 

The amount of heat removed per lb of gas passing through 
turbine blade row is 


— To) 


which from Equations [39] and [45] is given by 
1 


The value of the average wall temperature requires estimation 
Guidance for this estimate may be obtained from reference (4). 
The value of 17>, is easily obtained for the nozzles. 

As an example, the gas-temperature drop 


(Ta — To) = Toe = 
Tos 

may be calculated for blades at a wall temperature of 300 F (760 
R) and a gas-stagnation temperature of 2000 F (2460 R) at the 
outlet. A value of & = 0.06 is assumed. The gas-temperature 
drop is 51 deg F. For a fuel-air ratio of 60 to 1 and a typical hy- 
drocarbon fuel this represents an amount of heat to be removed 
equal to about 4.5 per cent of the calorific value of the fuel per row 
of cooled blades. If the cooling medium is water with a permissi- 
ble temperature rise of 100 deg F, the water flow required is ap- 
proximately 15 per cent of the gas flow. 

It is to be noted that the amount of heat removed is dependent 
only on the profile-loss factor £,, the area change, and the wall 
and gas-stagnation temperature. Apart from their effect on the 
profile loss and wall temperature, shape, size, and number of 
blades are not significant. 

The decrease of turbine-stage efficiency due to cooling may be 
obtained from Equation [31], viz 


An: pes. “1 ° 
W /(u?/2) [Qn + évi(2) 


Net W2 
Whut/2) + Ep 
Nee 


W/(u*/2) 


The first two terms in the square brackets of Equation {31 | 
may be obtained by interpolation in Fig. 8, which covers the use- 
ful range of variables. The last term on the right-hand side re- 
quires some rearrangement. Approximately 


Ev’ 


The term on the right-hand side in the square brackets may be 


— 


Whut/2) Ey 


dA 
(1 + 
2 
sin @, 
| 
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obtained from Fig. 7 noting that Ma is the Mach number leaving 
the nozzles. 

Another approximation is possible if it is noted that (w.? — 
w,*)/W is approximately equal to the fraction of the reaction y 
(100y is the percentage reaction) and that 


(Ev — En’ — 1)Ma?* 
— 


from Equation [50] lies between unity and 1.2. Then the last 
term in Equation [31] becomes approximately 


The foregoing relations and Fig. 8 permit calculation of 
Ans/%.: for any turbine stage. Some generalizations may be 
made from Fig. 8 which add further to the remarks in the section, 
Discussion of Reversible and Cooled Turbine Stage. 

When the rotor blades only are cooled and the velocities are 
low the value of An,;/7,; is negligible for an impulse stage (A; = 
A; in the rotor blades). 

At higher outlet velocities the difference between reaction and 
impulse stages depends on the variation in £ between the stages. 
In impulse blades & = &,, but in reaction blades Fig. 21 shows 
that & is greater than £,. It is probable that the loss factor for 
reaction blades is smaller than that for inipulse blades, whence £ 
may not be much different for the two types of blading. 

In the absence of more precise information, it may be assumed, 
for instance, that £ is the same for both types of blading, in which 
case it is clear from Fig. 8 and Equation [31] that cooled impulse 
blading gives appreciably lower values for An,./y.. than cooled 
reaction blading. The assumption of the same values of profile- 
loss coefficient £, for impulse blades and reaction blades gives 
even larger differences in An,:/.: for impulse and reaction blades, 
in favor of the impulse blade. With either assumption it appears 
that cooling the rotor blades in an impulse stage gives a lower de- 
crease in efficiency than that to be expected from a cooled reac- 
tion stage. 

Some Examples of Turbine Stages. For purposes of illustra- 
tion and orientation the results of the analysis have been applied 
to three typical turbine stages. These are shown in Fig. 9 and are 
designated as symmetrical, axial, and impulse-type stages. The 
axial velocity is assumed to be unchanged in flow through the 
rotor. The work done may be expressed in terms of the nozzle 
angle 6, and the value of c,/u for these three stages as follows: 


[56a] 


Symmetrical 


Axial 


Curves for these expressions are given in Figs. 10, 11, and 12. 
The values of the deflection angles €g in the rotor blading are 
shown on the curves. 

A generalized expressicn for the profile-loss coefficient £, has 
been assumed giving the coefficient in terms of the deflection angle 
only 
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AXIAL STAGE 
Ce* Cy 


SYMMETRICAL STAGE 
Ww, Ce 
We * C, 


IMPULSE sTace ~ 
Ww, 


Fie. 9 Typrcat VeLocrry TriancLes SHOWING THE RELATION 
Between ABSOLUTE AND RELATIVE VELOCITIES 


In view of the remarks in the preceding section, this assumption 
leads to the result that £ is larger for reaction blades than for im- 
pulse blades. The effect of this assumption which favors the 
impulse blade will be discussed later. 

The stage efficiencies have been calculated from Equation 
[10a], assuming T; * T; and loss factors N and B given by the 
relation 


B= (: +32" 


N = tw (1 +327 


where b equals the blade width and / the blade height. In addi- 
tion to the foregoing allowance for boundary-layer effects, the 
stage efficiency has been reduced to 0.96 times the value obtained 
from Equation [10a] to allow for tip leakage. 

For purposes of calculation b/l has been put equal to 0.4 c,/u. 
The resulting curves for the efficiency of the three stages are 
shown in Figs. 13, 14, and 15. Maximum values are given in 
Table 2. 

Effect of Rotor Blade Cooling Only. The curves obtained in the 
previous section have been used to calculate the effect of cooling 
the rotor blades only on the stage efficiency. The decrease in stage 
efficiency given in Equation [31] may be written as 


Ame (2) (1-7) + — 
 W/ut/2\u/) Te — T./Te) 


the term in the bracket being obtained from Fig. 8. The value 
of this term depends only slightly on £3 which has been esti- 
mated for each point from Equations [58a] and [38a]. The re- 
sults are shown in Fig. 16 for Mach numbers of 0.5 and unity rela- 
tive to the rotor blades at outlet. The impulse stage is affected 
least, the effect on the symmetrical stage being several times that 
of the impulse stage. 


ER 
SS" 
= 0.0251 + 1880 
Ww Ce 
Ww Ce 
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Fic. 12 Work 1n Stace 


If the values of fog are the same in both impulse and reac!‘on 
stages, it will be seen that the symmetrical stage has values of 
Ans:/Ne: three to six times as large as the impulse stage. In Fig. 
17 the results are shown plotted for values of fog obtained from 
Equations [58a] and [38a], i.e., on the assumption that the pro- 
file losses, £,, depend only on deflection and not on area change. 
This tends to make the difference between An,,/7,: for the two 
types of stage larger and gives a 1 per cent or more decrease in 
efficiency of the symmetrical stage when the outlet Mach number 
relative to the rotor is unity. 


It will be seen that tie minimum effect of cooling occurs above 
values of the “velocity ratio’ giving maximum stage efficiency 
(cf. Table 2). As the outlet Mach number decreases, the effect 
of cooling on the stage efficiency is lessened. 

A few points for the axial stage are shown on the curves. 

Effect of Cooling Nozzles and Blades. Calculations of the effect 
-t cooling both nozzles and blades have been made for the three 
typical stages for Mach number of unity at outlet from the noz- 
zles. The results are shown in Figs. 18 and 19. In Fig. 18 the 
values of & have been obtained from Equations [38a] and [58a], 


0 2 
Fic. 11 Stace Work Impucse Stace 
2.0 
° 02 04 0.6 & os 10 1.2 14 16 
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10 


Fic. 15 Errecr or Nozzite ANGLE ON VARIATION or Stace Er- 
FICIENCY cz /u FOR A SYMMETRICAL 


conical tubes with friction factor f independ- 
ent of area ratio and Mach number is a 


gross oversimplification. It implies that the 


blade boundary layer is unaffected by entry 


conditions, blade profile, or favorable pressure 


gradient. By assuming that blades are 


normally designed to minimize form-drag 


effects, the effect of blade profile is mini- 


mized. The effect of pressure gradient is 


shown by a reduction in &, with increasing 


area ratio and Mach number, Fig. 21. Such 


effects have Leen noticed but are better at- 


tributed to the favorable influence of the pres- 


sure gradient on the boundary layer than to 
the change in dynamic head with constant 


friction factor assumed in the one-dimensional 


Fic. 14. Errect or Nozzte ANGLE ON VARIATION OF Stace Erricirency cz /u 


FOR AN AXIAL STAGE 


i.e., on the assumption that &, depends only on deflection. A 
few points for the axial stage are shown on the curves. 

The results for the symmetrical stage are shown in Fig. 19 in 
terms of 


Ans 
— TwZ0) 


permitting introduction of other assumptions for &. For 7T'y/Toz 
= 0.25 the values of An,:/n,: range from about 1'/: to over 3 per 
cent. The difference between symmetrical and impulse stages is 
less marked than for blade cooling only. 


6 Discussion AND CONCLUSIONS 
In a general analysis of this type it is necessary to make a 
number of assumptions for the sake of simplification. Several of 
the assumptions made here when taken separately are clearly in 


error. 
The assumption that the blade passages can be treated as 


analysis. The data presented in reference (5) 
show that the profile losses for reaction blades 
and nozzles are appreciably less than for im- 
pulse blades. Increasing Mach number re- 
duces & for impulse blades but does not have 
the marked effect shown in Fig. 21 on reaction 
and nozzle blades. Hence values of £/£, 
taken from Fig. 21 for reaction blades and nozzles are too low. 
The ratio &,/£ is used in this analysis as a means of estimating 
heat transfer by means of Reynolds’ analogy. Reynolds’ analogy 


MAXIMUM VALUES OF UNCOOLED TURBINE-STAGE 
EFFICIENCY* 


TABLE 2 


Velocity ratio 


V net/(W/(u?/2)) 


W/(u®/2) 
IMPULSE 


0.29 2.6 0.886 
0.55 2.0 0.867 
0.87 2.0 0.835 


Sym™erricat (50 Per Cent Reaction) 


Nozzle angle ez/u 


* From results of Figs. 13, 14, 15. 
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Cy 
— 
20 0.66 
10 0.14 1.1 0.93 0.92 
20 0.275 1.02 0.92 0.95 
30 0.43 0.97 0.905 0.97 
40 0.62 0.95 0.88 0.96 
a 
10 0.11 1.22 0.93 0.88 
20 0.21 1.18 0.92 0.883 : 
30 0.31 1.04 0.912 0.936 
40 0.41 1.0 0.903 0.951 
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in its simple or more complex forms is, however, of only restricted 
validity, e.g., to flat plates and tubes in the absence of marked 
pressure gradients. Smith (2) has correlated experimental meas- 
urements of heat transfer and low speed-loss factor, —,, by sub- 
stituting x, for £ in Equation [45]. Values of the factor x 
ranging between 1.0 and 1.7 are deduced, the larger value being 
obtained with nozzles. Such values are to be compared with 
values of £/£, from Fig. 21 which have been used here to derive 
the amount of heat transferred. Compared with the experimental 
results this analysis overestimates the heat transferred in nozzles 
and reaction blades and tends to underestimate the value in im- 
pulse blades. Smith (2) has calculated a value of x = 1.35 fora 
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ven '—2)/a — Te/Tu) With & 


anv M; ror 4 ConsTaNnt-AREA PassaGE 


Fic. 20 VARIATION OF Ges 


nozzle profile by assuming that, as a result of the favorable pres- 
sure gradient, the boundary layer is laminar. 

Errors in the assumptions for the detailed mechanism of the 
heat-transfer and frictional-loss processes will affect the results 
of the calculations of the change in stage efficiency due to cooling. 
The errors will alter the value of M in Equation [51], since the 
temperature level at which heat is removed from the moving 
stream has an important effect on the thermodynamic results. 

Clearly the magnitude of the error introduced by the treatment 
of the blade passages as conical tubes with constant friction factor 
and the use of Reynolds’ analogy can only be determined by ex- 
periment. The need for experimental work is apparent. How- 
ever the qualitative conclusions which may be drawn from this 
analysis are probably satisfactory. 

The first such conclusion is that unless the nozzles are cooled to 
fairly low temperatures, such as might be achieved by the use of 
liquid water at low pressures, the effect of cooling on the stage 
efficiency is slight. This has been assumed in reference (3) and is 
to some extent confirmed by this analysis. However, the per- 
formance of a yas turbine is sensitive to the efficiencies of its 
components and it is desirable to emphasize some other con- 
clusions. 

As may be expected, the cooler the blade surfaces the larger the 
losses and cooling requirements become. This suggests that if 
liquid cooling is used it should, where possible, be confined to 
rotating blades and that with water cooling the use of a blade 
material of low thermal conductivity or the introduction of a 
layer of such material between the liquid and the gas may be de- 
sirable. The major effect sought here would be a reduction in 
coolant-flow requirement, which is an appreciable fraction of the 
gas flow when using water under conditions in which no evapora- 
tion is permitted anywhere within the blade or disk passages. 

The analysis also shows the importance of using blades with 
low profile losses, which may be difficult to achieve with hollowed 
shapes. 
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The results of the examination of the effect of cooling on the 
typical stages indicate that a decrease of turbine-stage efficiency 
of 1 per cent or more is possible when rotor blades only are cooled 
considerably. This decrease can amount to as much as 3 per cent 
for certain stages in which both nozzles and blades are cooled to 
low temperatures. Fortunately the impulse stage is markedly 
better than the reaction stages, suffering only a very small reduc- 
tion in efficiency when the rotor blades only are cooled consider- 
ably. The impulse stage has the added advantage of a con- 
siderable drop in relative stagnation temperature between the 
nozzles and the blades. 

The analysis also shows that the use of lower Mach numbers 
tends to reduce the effect of cooling on the stage efficiency. Un- 
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fortunately this leads to a reduction in work output per stage, 
which, as emphasized in the following, is not desirable in cooled 
turbines. 

These conclusions suggest that in the most effective cooled tur- 
bine stage the velocity diagram should be of the impulse or small 
reaction type, the blade profiles should be shaped for minimum 
frictional loss, and the nozzles should be cooled slightly, for 
example, with low-pressure air. The blade speed should be 
high both to insure a large temperature drop between nozzles 
and blades and to obtain a large work cutput. This will involve 
the use of high gas speeds in the blades, together with some diffu- 
sion 9/ter the last stage to reduce leaving losses. Large work out- 
put per stage is important both to minimize the number of stages 
and, hence the amount of coolant required and because the cooling 
in any one stage reduces the work available in expansion through 
subsequent stages. 

With the type of stage suggested the most important effect on 
the work output in the turbine will occur as a result of the reduc- 
tion in work available in the expansion in the following stages. 
This may be regarded as a “negative reheat” effect and, as shown 
in Part 2 and reference (3), is clearly a much more important 
effect than the small drop in the stage efficiency in a cooled im- 
pulse stage. 

These considerations also point to the desirability of keeping 
the pressure ratio low in a plant with a cooled turbine. By re- 
ducing the number of turbine stages, this reduces the amount of 
coolant required and the effect of cooling on the turbine work 
output. Cycles with pressure ratios of the order of 5:1 using re- 
generators, therefore, seem to be the most desirable from the 
standpoint of minimizing coolant requirement. 
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The Thermodynamics of Cooled Turbines’ 
Part 2—The Multistage Turbine 


By W. R. HAWTHORNE,’ CAMBRIDGE, MASS. 


The reheat factor and the turbine efficiency can be cal- 
culated from the stage efficiency for an uncooled turbine 
and for one in which the blades are cooled. A chart has 
been prepared for rapid computations and the results are 
compared with those obtained from stage-by-stage calcu- 
lations, showing good agreement. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
A = cross-sectional area of turbine blade or nozzle pas- 


sage 

absolute velocity entering nozzles 

absolute velocity entering blades or leaving nozzles 

absolute velocity leaving blades 

specific heat at constant pressure 

specific heat at constant volume 

axial velocity (subscript 1 identifies axial velocity 
entering rotor blades, subscript 2 identifies axial 
velocity leaving) 

enthalpy 

Cy/Cy, ratio of specific heats 

static pressure 

heat transferred to cooled surfaces per stage 

p./P» over-all pressure ratio for turbine 

entropy 

absolute temperature 

average wall temperature of cooled surface 

velocity of blades 

relative velocity entering blades 

relative velocity leaving blades 

work done per stage per pound 

2W, work done per pound for the whole turbine 

work done per pound in an ideal process at constant 
entropy with same inlet and outlet pressures 

nozzle angle between velocity vector c; and plane of 
rotation 

DAA,, 


stages 

Nu = Np Stage efficiency 

= + q/W) for a cooled turbine 

turbine efficiency 

& loss factor normally measured in low-speed cas- 

1This paper contains work done under the sponsorship of the 

Office of Naval Research Contract N5ori—78 to 21, March, 1949. 
The work was carried out when the author was George Westinghouse 
Professor of Mechanical Engineering, Massachusetts Institute of 
Technology. 

? Hunsaker Professor of Aeronautics, Massachusetts Institute of 
Technology, on leave from the Professorship of Applied Thermody- 
namics, University of Cambridge, England. 

Contributed by the Gas Turbine Power Division and presented at 
the Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Tae American Society or MecuanicaL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
29, 1955. Paper No. 55—A-191. 


h 
k 
Pp 

q 

r 

T 
Te 
u 
w, 
We 
Ww 
We 


(1+ p)y , reheat factor for turbine consisting of N- 


cades, used here to define loss characteristics of 
blade 
g, 
1 = A,*/A;',’ 
hw — h,,, isentropic enthalpy drop for the turbine 
from inlet stagnation pressure p,°, to final pressure 
P., and zero velocity 
h, — h,,, isentropic enthalpy drop for turbine from 
inlet static pressure p,, to final pressure p,, and 
zero velocity 
ho — he, isentropic enthalpy drop per stage from in- 
let pressure po to outlet pressure pz 
= deflection of gas stream going through blades 
= deflection of gas stream going through nozzles 


Subscripts and Superscripts 
( jo = refers to inlet conditions to a stage 
( )» = refers to inlet conditions to turbine 
= refers to conditions at outlet of a stage 

refers to conditions at outlet of turbine 

refers to stagnation conditions 

refers to state reached in isentropic expansion through 

turbine from p, to p, 


see reference (1)® 


INTRODUCTION 


In Part 1 (1),* the effect of cooling the nozzles and blades of a 
turbine stage on its efficiency has been examined. In a multi- 
stage turbine, the cooling in each stage reduces the gas tempera- 
ture at entry to the next stage, thereby reducing the amount of 
work available in this and subsequent stages. 

A method of calculating the effect has been published by 
T. W. F. Brown (3) and methods of calculating reheat factors in 
uncooled turbines have been published by Kaye and Wadleigh 


%’ Numbers in parentheses refer to the Bibliography at the end of 
the paper. 


ABSOLUTE VELOCITIES ———~ 
RELATIVE VELOCITIES-—- — 


Fic. 1 Dtacram or Nozzies anp Biapes anp CORRESPONDING 
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(4). The treatment follows closely that used in references (3) 
and (4), but includes an allowance for the effect of cooling on the 
stage efficiency and a chart for computational purposes. The 
assumption for k, the ratio of the specific heats, isk = 1.4 since 
in reference (4) it is shown that this only slightly overestimates 
the reheat factor. Equal pressure ratio per stage and equal ratio 
of heat removed to work done per stage are assumed. 

The notation of Part 1 will be used. Fig. 1 shows the velocity 
diagram for the stage. The amount of heat removed per stage 
may be estimated by the methods of Part 1. 


THERMODYNAMICS OF FLow IN A MuttistaGe TURBINE 


Fig. 2 shows the enthalpy-entropy diagram for a multistage 
turbine. By the definition of stage efficiency 7,; used in Part 1 
the work per stage W is 


W = (a1, 


To define an efficiency 7; for the whole turbine the total work 


Fie. 2. D1raGrRaM For A Muttistace TURBINE 


done per pound, W, (where W, = ZW), may be compared with 
the work done W,, in a reversible process. There are a number of 
ways in which such a reversible process may be done. 

(a) A-reversible expansion from initial pressure p, and initial 
velocity c, to final pressure p, and final velocity c,. 

(b) A similar expansion to final pressure p, and zero final 
velocity. 

(c) An expansion from initial pressure p, and initial velocity c, 
to a final stagnation pressure p,’. 

These three methods will give different values for W,, and tur- 
bine efficiency. The choice of method depends on the duty for 
which the turbine is intended. When only a fixed amount of 
work is required from the turbine, as in a turbojet aircraft engine, 
and the kinetic energy leaving the last stage may be usefully em- 
ployed, then method (a) or (c) is generally used. Method (c) 
gives a somewhat larger value to W,, than method (a). When the 
exhaust pressure is fixed, e.g., atmosphere pressure in an “open- 
cycle’’ gas turbine and the maximum work is required, method (b) 
is generally used. 


Referring to Fig. 2, method (a) gives 
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and method (b) 


Ah,, + 2 


“Ah, 


In the following the efficiency expression for method (b), Equa- 
tion [3], will be developed. 

In order to develop the expression it is necessary to assume that 
”,, is the same for all stages; then Equations [3] and [1] give 


From the h-s diagram, Fig, 2, it will be seen that ZAh,,/Ah,, is 
greater than unity. This factor is known as the “reheat factor.” 

Suppose the turbine consists of a large number of stages of 
efficiency 7,, = 7», 80 that the pressure drop Ap,, and work W 
across each stage is small. Then since Tds = dh — vdp, for any 
stage 


But by the definition of stage efficiency given in reference (1) 


2 
W= 


| 
whence he — + 


If the fluid is a perfect gas, he — he = c,(T,— T2), and pv = RT. 
Then in the limit as po — ps, W — 0, co > cz, we have 


RT 
c,dT = > dp 


aT (: —1 
or T Np k 


Hence the equation of the line of state is 


T 


T, 
Now the reheat factor for an infinite number of stages is 


DAh,, 
+ P)e “Aha vdp/c,(T, — se) 


(T./T;) 
Np 1 — (T,,/T») 


& 
(1+ 


Pi—rk 


where r = p,/Dp. 


+ ah, — 
2 2 = 
Co/2 
Wy 
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If the turbine consists of a finite number of stages N with the 
same equation for the line of state as Equation [9] and with equal 
pressure ratio per stage 


Ah, = Tu) 


= E (2) 


N 
Pr 
and 


Then by the definition of 7,,, reference (1), if (co? — c:*)/2 is negli- 
gible 


Now the reheat factor for N-stages of equal stage efficiency* 


ram hy 8. h, 
Ah,, Ne hy hy, 
T, 


(1 + = 


k 
Net >) 
—rk 
and substituting for 7,, from Equation [13] 
1 k-1 


(1+ ply = 
l1—rN 
Plots of (1 + p),. as defined in Equation [10] are given in Fig. 3 
against r for different values of , and for k = 1.4. 
These plots may be used to determine (1 + 9), by noting that 
Equation [14] is equivalent to 
(1 + for n, and r 
(1 + for 9, and 


(1 + p)y = 


If n,, is known », may be obtained from Equation [13] which 
gives the approximate relation (4) 


1 k-1 
(Sted 


Reneat Facror ror a Tursine Coo.ep BLapEs 


The treatment for the normal uncooled turbine may be ex- 
tended to the turbine with cooled blades. 


* The analysis is due to Prof. C. R. Soderberg (see reference 4). 
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= + 7 


2 3 45 67890 20 4 


Fic.3 Reseat Factor Versus Pressure Ratio anv 
Erriciency—k = 1.4 


The procedure is the same until Equation [7] is reached which, 
to allow for heat removal equal to g Btu/Ib per stage,’ is modified 
to 


hee — + (1 = — pa). 
It is now assumed that ¢/W and the stage-pressure ratio are the 
same for all stages. Hence Equation [8] becomes 
dT k—I1dp 


> 


The substitution of », for 7, follows throughout the remainder of 
the expressions derived in the previous section. However, 
Equation [13] should be written 


. . [20] 


ah, . [21] 


giving for an infinite number of stages 


n= 


5 @ is positive when heat is removed. 


fer 
= te 
/ 
Net = Mh,, 
l—rN & 
1—rN 
| 
Defining 
| 
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“Np = Dh,, 
for the cooled stage and for a finite number of stages approxi- 
mately 


st Ww 2 


Nese Ah,, 


where 


where 


for the cooled stage. 

The curves in Fig. 3 may be used to find the new reheat factor for 
the cooled turbine, substituting 9, for n». It will be seen that », 
can be greater than unity, since it is possible that (1 + ¢/W) is 
greater than 1/7,. 

The turbine efficiency defined as the ratio of actual work out- 
put to that obtained in a reversible and adiabatic expansion from 
initia] pressure p, and initial velocity c, to final pressure p, and 
zero final velocity is 


Ahy { ZAh,, 
UE Net Ah, A hy 


where 7,, is the efficiency of the cooled stage. 
The difference between the efficiencies of the cooled and un- 
cooled stages may be found from Part 1, reference (1). 


EXAMPLE 


Taking as an example a turbine consisting of five impulse stages 
with stage inlet and outlet velocities axial and the rejative inlet 
velocity to the rotor equal to the relative outlet velocity, the re- 
heat factor and turbine efficiency were calculated for an uncooled 
turbine and for one in which the blades were cooled at a ratio of 
blade wall temperature to stagnation gas temperature relative to 
the blades, 7,,/7> = 0.25. The nomenclature and methods 
of Part 1, reference (1) were used and the following conditions 
were assumed: 


£,, profile loss factor = 0.06 (= & in an impulse stage) 

u, wheel speed = 800 fps 

T,°, inlet stagnation temperature = 2960 F abs 

B,, nozzle angle = 20 deg 

From Part 1, reference (1), Figs. 14 and 17, it was found that 
for an axial impulse stage, with 8; = 20, 7,,, the stage efficiency 
= 0.845 for an uncooled stage and 0.842 for a cooled stage (as- 
suming the relative Mach number at the rotor outlet is equal to 
unity). Equation [16] gives 7, == 7.: with an error of less than 1 
per cent so that for the purposes of the computation the error will 
be neglected. 

Also from reference (1), W/(u*/2) for an axial impulse stage is 
equal to 4 where W is the work per stage, so that W = 51.20 
Btu/Ib. 

The reheat factor and the turbine efficiency were calculated for 
the cooled and uncooled turbines with the help of reference (2) in 
a stage-by-stage computation as outlined in reference (4), and 
the results were compared with those obtained by using Fig. 3. 
In both methods of calculation the working fluid was assumed to 
be air. 

Uncooled Turbine. Since the work per stage is equal to 51.20 
and the stage efficiency is 0.845, the isentropic enthalpy drop per 
stage is 60.59. By use of the gas tables (2) these values and an 
inlet stagnation temperature of 2500 F showed that the over-all 
pressure ratio for the turbine was equal to 5.98 in a stage-by-stage 
calculation. 
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Then the isentropic enthalpy drop for the turbine was 295.45 


and the turbine efficiency was found to be equal to 
(5)(51.20) 


0.866 
The reheat facto. ms 
e reheat factor was 0.845 1.025 


For a pressure ratio of 5.98 in a 5-stage turbine, Fig. 3 yields 


0375 


1. 
(1 + p)y = 1.008 = 1,029 


and 
7, = (1.029)(0.845) = 0.870 


Turbine With Cooled Rotor Blades, T,,/To = 0.25, Again the 
work per stage is equal to 51.20, but the stage efficiency this time 
equals 0.842, so that the isentropic enthalpy drop per stage is 
60.81. By using the gas tables and the fact that (Part 1, 
reference 1) 


where A7> refers to the drop per stage in stagnation temperature 
of the gas caused by cooling, it was found that in this case the 
over-all pressure ratio was equal to 6.68, so that the isentropic 
enthalpy drop for the turbine was 309.84. Then the turbine 
efficiency was equal to 


5(51.20) 


0. 
309.84 


and the reheat factor was 


0.826 
(1+ p)y = ise 0.981 


In order to use Fig. 3 for a cooled turbine g, the heat per stage 
removed by cooling, has to be computed. Assuming the same 
amount of heat was removed in each stage and using an average 
value of the stagnation temperature in Equation [25], it was 
found that the total drop in stagnation temperature due to cool- 
ing was 270 deg F. Then 


q/atage = ~ 1/5(270) = 15.37 Btu/Ib 


and 


Consequently 
= nl + ¢/W) = (0.842)(1.3002) = 1.095 
Using this value and a pressure ratio of 6.68 in Fig. 3 


0.976 
(1 + p)y 


and 
7, = (0.980)(0.842) = 0.825 


The results are summarized in Table 1. The different methods of 
calculation show substantial agreement. 


TABLE 1 RESULTS OF CALCULATIONS 
8 bys calculation From . 3 
Cooled Uncooled led 
0.826 0.870 0.825 
0.981 1.029 0.980 


| 
15.37 
q/W = 51.20 = 0.3002 
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ConcLusions 


A method of calculating the effect of cooling on the eficiency of 
a multistage turbine has been presented and found to give results in 
substantial agreement with aecurate calculations. The results 
show the importance of the effect in turbines with blades cooled 
substantially below the gas temperature, a 4-5 per cent reduction 
in turbine efficiency being obtained in the example quoted. 
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Discussion 


L. 8. Dzune.* Professor Hawthorne’s papers are certainly a 
much welcomed contribution to a timely subject. The treatment 
is accurate and the assumptions and limitations are well recog- 
nized and defined. 

The assumption of constant friction coefficient is justified on 
account of its simplification. The mathematics could be further 
simplified by making another assumption, which is perhaps just 
as good, namely, by assuming constant polytropic efficiency. 

Using the author’s symbolism (except the obvious difference in 
sign of heat and work) one may write in differential form the 
First Law (K = c*/2 is the kinetic energy) 


dh + dK = dw + dq 
the Second Law (d,s is the internal irreversible entropy produc- 
tion) 
Tds = dq + Td;s 
the Gibbsian fundamental equation 
dh = Tds + vdp 


and define for a steady-flow process the three inexact differentials, 
ie., the hydraulic work (per unit mass) 


the internal energy transformation 
dz = [27] 
the dissipation 


which is essentially positive. In case of turbine, it is more con- 
venient to define y and z with the opposite sign, so that 


dz = dy + dj 


where the minus sign is used for turbine. 
The polytropic efficiency for turbine may be defined as 


Now assume . 
6 Brown, Boveri & Company, Ltd., Baden, Switzerland. 


? is negative in case of cooling. The polytropic coefficient g, de- 
fined by’ 


can be expressed as 
[32] 


which is identical with Equation [22] of author’s second paper. 
The “reheat factor,’’ being the ratio of hydraulic work (inte- 

gration of Equation [26] along actual state path) to isentropic 

work (integration along isentropic path) can be written as 


F “1 — r'/*) 
ACL — 
\ = k/(k — 1), k is isentropic exponent, v depends on A and ¢.’ 
For ideal gas, this formula reduces te Equation [10] in author’s 
second paper. The present formula is applicable to a stage or to 
the whole turbine. Correction to finite number of stages is not 
necessary. This formula would be useful if ¢ and & were constant 
along the whole turbine, which is seldom the case. Actually, it is 
necessary to take the variation of # and ¢ into account as follows. 
The change of state in a cooled turbine with constant blade wall 
temperature 7’, may be obtained by writing 


b takes care of cases where Reynolds’ analogy does not strictly 
apply. St is Stanton’s number defined by the left-hand side of 
author’s Equation [32], first paper. K’ is the kinetic energy of 
the relative flow, r’ is the recovery factor. 

Substitution of Equation [33] into [30], [31], [82] and using 
ideal-gas equations pp = RT, dh = c,dT result in 


dr n dp 
tly + B(r — 1)] p [34] 
where 
r=T/T, 


This integrates readily between inlet 1 and exhaust 2, assuming 
constant 8, itito 
Br, — (8 — 


log 


57, —(8— T2 


= (B— 7) log (8 [35] 


This gives a relation between temperature and pressure along the 
state path. 

The hydraulic work can be obtained by integrating Equation 
[26] using [34]; the energy transformation is then obtained by 
multiplication by 7. The result is 


™“Thermostatische Zustandsinderungen des trockenen und des 
nassen Dampfes,” by L. 8. Daung, Zeitschrift fiir angewandte Mathe- 
matik und Physik, vol. 6, 1955, p. 207. 
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z ny 1 Br, — (8 — y) 


The turbine work w is just z corrected to change of kinetic energy 
between inlet and exhaust. 

Equations [35] and [36] together give the turbine work as 
function cf pressure ratio with one of the 7’s as parameter. The 


special case of 8 = y in Equation [35] and 8 = 0 (adiabatic) in 
Equation [36] can be easily deduced. 

By nondimensionalizing the turbine work as in Equation [36] 
it is emphasized that the work is increased by cooling at constant 
blade wall temperature and hence constant thermal stress. 
Author’s (adiabatic) efficiency makes this point obscure. 
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Effect of Turbine-Blade Cooling on 


Efficiency of a Simple Gas- 
Turbine Power Plant 


By W. M. ROHSENOW,' CAMBRIDGE, MASS. 


The efficiency of a simple gas-turbine cycle can be in- 
creased by designing it to operate at higher turbine-in- 
let temperatures. In order to operate these turbines at 
higher temperatures it is necessary to cool the blades and 
possibly the casing and rotors in the earlier stages until the 
gases are reduced to a value between 1000 and 1500 F de- 
pending on the kind of metal employed. Various methods 
of cooling turbine blades have been investigated by the 
NACA and published in various unclassified technical re- 
ports since 1947. A survey of some of this work is presented 
by Ellerbrock (1).2_ The present work is an investigation of 
the effects of blade cooling on the thermodynamic per- 
formance of a simple gas-turbine plant. A companion 
paper (9) extends the present analysis to include the 
effect of cooling-system losses. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


A = heat-transfer surface, sq ft 

c, = specific heat at constant pressure, Btu/lb deg F 

G = rate of flow per unit cross-sectional area, lb/hr 
cu ft 

32.2 lbm ft/lbs sec*, conversion factor 

enthalpy, Btu/lb 

isentropic enthalpy difference across a stage 

778 ft lb/Btu 

defined in Equation [4] 

number of stages in a turbine 

wetted perimeter for flow through the blade pas- 
sage 

relative pressure as used in reference (5) 

= heat transfer to cooled blades per unit turbine 
work 

heat transferred to cooled blade per pound of 
fluid 

pressure ratio, less than unity 

pressure ratio across cooled part of turbine, p,;/ps 

pressure ratio across uncooled part of turbine, 

cross-sectional area for flow through blade pas- 
sage, sq ft 

T; = exit temperature of turbine part A 

= stagnation temperature 

T.. = wall temperature taken equal to 7; 


1 Associate Professor of Mechanical Engineering, Massachusetts 
Institute of Technology. Mem. ASME. 

2 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Gas Turbine Power Division and presented at 
the Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Taz American Society oF MEecHANICAL ENGINEERS. 

Norse: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscrijt received at ASME Headquarters, August 
29, 1955. Paper No. 55--A-120. 


u = blade speed, fps 
Vaxiai = axial velocity leaving last stage 
V, = velocity of jet leaving turbine-stage nozzle 
blades 
W, = work per lb of fluid done by cooled part of tur- 
bine 
W, = work per lb of fluid done by uncooled part of 
turbine 
We = compressor work per lb of fluid 
W, = turbine work per pound of fluid 
(W, — We) = cycle net work per pound of fluid 
@ = surface coefficient of heat transfer, Btu/hr sq ft 
deg F 
8 = nozzle angle 
Ahs: = isentropic enthalpy difference across a turbine 
Ahstg = enthalpy drop across a stage 
7 = cycle efficiency 
". = compressor efficiency 
n, = polytropic turbine efficiency (efficiency of an in- 
finitesimal stage) 
NM = (1 + Q/W,) for a cooled part of turbine 
(reference 4) 
stg = stage efficiency of a finite turbine stage 
= turbine efficiency 
&, = loss factor defined by Equation [23] of Appendix 
2 
&, = profile-loss factor 


R, = reheat factor 


INTRODUCTION 


With currently available metal alloys, gas turbines can be ex- 
pected to be operated uncooled at temperatures around 1500 F. 
In the region where the gases exceed these temperatures, the tur- 
bine must be cooled. Hence, in this analysis, the turbine is con- 
sidered to have two parts—A, a cooled part, and B, an uncooled 
part, Fiz '. “he turbine is cooled until the temperature 7’; is 
reached ni 5» condition curve. The magnitude of 7; depends 
upon the kind of metal used in the turbine construction. 


o 
+ 


er -¥Y 


Fig. 1 anp Caarr or Simpie Gas- 
Tursine Process With Part A or THe CooLep 
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The following three conditions were investigated for the effect 
on thermal efficiency and specific air consumption for turbines 
with an infinite number of stages: 

(a) T; = 1500 F, 

(b) T; = 1000 F, 

(c) 7, = varying, 
Also the effect of finite number of stages was investigated for con- 
ditions (a) and (b). 


T; varying 
T; varying 
7; = 1500 F 


MeEruHop or ANALYSIS 


For this analysis the compressor efficiency was assumed to be 
85 per cent, and the turbine polytropic efficiency (efficiency of an 
infinitesimal stage) was assumed to be 88 per cent for both the 
cooled and uncooled portions of the turbine and for a turbine with 
a finite number of stages the stage efficiency was assumed to be 
85 per cent. Hawthorne (3) showed that the difference in 9, for 
a cooled and an uncooled stage was probably of the order of 1 to 
2 per cent, changing slightly with Mach number and type of stage. 
The actual turbine efficiency for the uncooled part of the turbine 
was calculated from 


where the reheat factor is given by 


For the cooled portion of the turbine Appendix 1 shows that 
Equation [2] would apply if , and rg in this equation is replaced 
by 7, and r4 where 


assuming Q/W,, is uniform along the length of the cooled portion. 
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Fie. 2. Cycie Errictency-Pressure Ratio Pior ror Q/Wa = 0.1 
AND 0.3 Wits T; = 1500 F 


Sample results of calculation employing these equations along 
with the Gas Tables (5) are shown in Fig.2 for Q/W, = 0.1 and 0.3 
in the cooled part of the turbine. In each of these curves the tur- 
bine was cooled to 7; = 1500 F. Of course, when 7; = 1500 F 
there is no cooling in the turbine. 
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In order to interpret the results of these calculations it is neces- 
sary to investigate how Q/W, changes as the design value of 
T; changes. The required amount of cooling, hence Q/W,, in- 
creases as 7’; is assumed higher because the rate of heat transfer 
increases with the difference between gas and metal temperature. 
The following spproximate analysis i¢ made to aid in this in- 
terpretation. 

The maximum work per stage of infinite-staged turbine or best 
efficiency of a single-stage turbine is obtained when the magnitude 
of the term 


is approximately K, = 4 for impulse blading and K, = 2 for reac- 

tion blading (6). Actual values will be slightly less than these. 
An approximate relation for the heat tran-fer per pound of 

fluid flowing in a cascade of blades is shown in Appendix 2 to be 


Q To — — 1) 


or approximately twice this value for a turbine stage. This rela- 
tion assumes the Reynolds’ analogy between friction and heat 
transfer to exist. 
Then dividing Equation [5] by Equation [4] an expression for 
Q/W for a stage can be written as 
Q 2c,(T> — — 1) 


& 


If all stages of a multistage turbine have the same velocity dia- 
gram the enthalpy drop (and hence temperature drop) per stage 
of an uncooled turbine is uniform throughout the turbine. Then 
the temperature varies nearly linearly with axia! distance for a uri- 
form blade width for all stages. This is also approximately true 
for a cooled turbine. If the blade temperature in the first part of 
the turbine is to be maintained at 7, = 1500 F to a point where 
the gas temperature is 7; = 1500 F, then the heat-transfer rate 
will vary linearly with axial position for this part of the turbine. 
To obtain an average value of Q/W,, the temperature 7) may be 
interpreted as the mean value between 7; and 7,, (or T;). Then 


1 
To = 9 (7s + T;) 


By using Equations [1] through [7] in conjunction with the con- 
dition curve (Fig. 1) a series of calculations were made for various 
values of u and &. Figs. 3 through 12 show the results of these 
computations for both impulse and reaction stage. 

The foregoing results were for a turbine having an infinite 
number of stages. In actuality these results have neglected the 
effect of the leaving loss normally associated with turbines having 
a finite number of stages. To investigate the effect of the leaving 
loss associated with turbines having finite-size stages the calcula- 
tion proceeds in the same manner as before excep* that the reheat 
factor for the uncooled turbine is calculated from Equation [2] 


1k-1 
Ry = k—1 
1 


For a cooled turbine an analysis similar to that in Appendix 1 
will slow that Equation [8] is valid if », is replaced by n, and rz 
by 

In the finite-staged-turbine calculations the stage efficiency ns: 
was selected as 85 per cent. Then to calculate Ry above, 4, and 
n, are found from the following relations (Appendix 3) 


W 
1—r, * q 
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Also, for a turbine with a finite number of stages there will be a 
“leaving loss’’ associated with the velocity of the gas leaving the 
last stage. If the blade speed is selected to cause this leaving 
velocity to be in the axial direction and if the axial velocity is 
assumed to be uniform throughout the turbine the kinetic energy 
of the leaving gas for impulse stages will be approximately 
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since the nozzle velocity neglecting frictional effects is given by 


V/ 290 J Aho = Ahs:/N, and Vasiei = V, sin 


This kinetic energy must be subtracted from the turbine work 
calculated by neglecting the leaving loss in order to obtain the 
turbine work with a finite number of stages. 

The results are shown in Figs. 13 and 14 showing the effects on 


cycle efficiency of magnitudes of 7, T;, N, and &. For each 
point on these curves the blade speed wa. taken as 
1 
u = 5008 8 V 2g) [12] 


which is the approximate relation required to have an axial leav- 
ing velocity. 
Discussion or RESULTS 


The values of efficiency plotted in Figs. 3 through 6 are the 
maximum efficiency points of curves similar to those of Fig. 2. 
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The dashed lines represent constant Q/W, and T; values. From 
Equations [6] and [7] values of Q/W, associated with a 
value of 7; may be obtained. Then, the heavier solid curves of 
Figs. 3 through 6 may be drawn showing the effects of £ and u. 
Areasonable design value for u isaround 1000 fps and areasona- 
ble value for & to obtain 9, = 0.88 is probably in the range 
0.02-0.08 (Appendix 3). The effect of changes in the magnitude 
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of the loss factor £ on the value of n, is not great since the profile 
loss is only '/; to '/: of the stage-loss factor. From Figs. 3 and 5, 
it appears that with 7; = 1500 F the maximum eyele efficiency 
occurs in the temperature range of 3500 to 4000 F for the cooled 
impulse turbine and in the temperature range of 3000 to 3500 F 
for the cooled reaction turbine. Here it was assumed that only 
the blades (rotor and stator) were cooled and that the blades 
could be designed for the minimum loss factor. If any part of the 
casing is also cooled or if the value of £ is higher than 0.02-0.05 the 
peak of these efficiency curves would be at lower values of 7’. 
The efficiency of the cycle employing the uncooled turbine with 
T; = 1500 F is about 35 per cent. Depending upon the blade 
design and consequently the loss factor, it appears feasible, with 
cooling, to attain efficiencies in the rang: 45-50 per cent. This 
ean be done by raising the turbine-inlet temperature 7; to 


values in the range 2500-3000 F. Simultaneously, the specific 
air consumption decreases as shown in Fig. 8 and the pres- 
sure ratio at maximum cycle efficiency rises from around 15 to 
between 50-80. This reduction in specific air consumption re- 
sults in smaller turbine and compressor diameters but the large 
increase in pressure ratios requires more stages and thicker 
casings and piping. Because of this it might be desirable to avoid 
the use of high-pressure ratios. Curves for cycle efficiency and 
air consumption were prepared for a pressure ratio of 15 in Figs. 7 
and 8. Under these conditions the maximum cycle efficiency 
occurs at 7 between 2500-3000 F and shows an increase of 
efficiency from 35 to about 41 per cent. 

Figs. 11 and 12 show the effect on efficiency of lowering the 
magnitude of 7'; for a constant value of 7; = 1500 F. 

Figs. 9 and 10 are drawn for 7; = 1000 F and are similar to Figs. 
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3 and 7 which were drawn for 7; = 1500 F. These curves are 
applicable to a cooled turbine constructed of less expensive and 
more readily available material. Of course, the cycle with an un- 
cooled turbine at T; = 1000 F has much smaller efficiency (y = 23 
per cent) than with 7; = 1500(7 = 35 percent). When a cooled 
turbine is employed with 7; = 1000 F and 7; raised to 2500-3000 
F the cycle efficiency is in the range 40-47 per cent depending 
upon the loss factor. This is only about 5 per cent less than the 
efficiency of the turbine constructed of more expensive materials, 
Similarly, if r = 15 and 7; is allowed to take on a value of 2500 F 
an efficiency of about 39-40 per cent is obtained which is only a 
few per cent less than attainable values at r = 15 and 7; = 2500 F 
with T; = 1500 F. 

It should be noted that specific air consumption is a measure of 
machinery size. For this reason the reduction in size accompany- 
ing the increased inlet temperatures makes blade cooling quite 
attractive aside from the gains in efficiency. 

The effect of the leaving loss associated with a finite-staged 
turbine is shown in Fig. 13. The upper curve of each set is for the 
uncooled turbine and shows a decreasing efficiency as number of 
stages is decreased. This is due to the increased leaving loss as 
number of stages is decreased. For the cooled turbine the 
efficiency passes through a maximum value for some finite num- 
ber of stages because as the number of stages increases, the effect 
of the heat loss becomes greater and offsets the effect of the de- 
creasing leaving loss. Furthermore, the point of maximum ef- 
ficiency occurs at a smaller number of stages as the turbine-inlet 
temperature is raised since the heat transferred increases with 7’; 
for a fixed 7;. From the curves of Fig. 13 it is observed that the 
cycle-efficiency change is less than 1 per cent for cooled turbines 
having numbers of stages in the range of 2 to 10 for the cycle con- 
ditions investigated. 

Fig. 14 shows the effect of different values of loss factor £ 
on the cycle efficiency. It is observed that the cycle-efficiency 
curves level off as turbine-inlet temperature increases. 


CoNCLUSIONS 


The results of this analysis suggest that blade cooling will in- 
crease the efficiency of the gas turbine considerably. However, 
the increase in temperature will cause an increase in pressure ratio 
in order to obtain maximum efficiency. 

Reduction in size of the gas turbine due to decreased specific air 
consumption will be offset somewhat by the adverse effect of in- 
creasing strength of casings and number of stages to account for 
increased pressure ratios. 

The cooling-loss factor £ has considerable influence on the per- 
formance of the cooled turbine. Poorly designed blading could 
increase the loss factor to such a degree as to cancel the beneficial 
results of increased turbine-inlet temperature. 

The turbine requiring cooling to 1000 F obtains efficiencies 
which are within 2 or 3 per cent of those obtained by the turbine 
using more expensive materials when the two performances are 
compared at similar inlet temperatures or pressure ratios. 
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Appendix 1 


Derivation oF Equations [2] [3] ror 4 Cootep TuRBINE 
or INFINITE STAGES 


A stage efficiency for the cooled part of the turbine with an 
infinite number of stages may be defined as (4) 


neglecting kinetic changes across the stage. Also for the cooled 
turbine a polytropic efficiency may be defined as 


Ny = Np (: + [15] 
which is Equation [3]. 
For an infinitesimal stage 
dh = (6W + 6Q) = dhe = nydp......... [16] 


since for an isentropic process dhs. = vdp. 

Substituting C, d7 for dh and RT’/p for v in Equation [16] and 
integrating between any two points, m and n, along the condition 
curve of the turbine 


k 
Pn 
The reheat factor for a cooled turbine with an infinite number 
of stages is defined as 
(1/0, )e,(T: — T;) 
—r* | 


Then substituting Equation [17] into [18] 


Re 


[19) 


W+ 
k—1 
: 1—(r,) * 


ROHSENOW—TURBINE-BLADE COOLING EFFECT ON SIMPLE GAS-TURBINE POWER PLANT 


which is the same form as Equation [2] with 9, replaced by 9, and 
rp by rg. 


Appendix 2 


DERIVATION OF Equation [5] 

Hawthorne (3) suggests the following approximate analysis for 
determining the heat transfer per pound of fluid flowing across a 
turbine-blade row. 

The Reynolds’ analogy relating momentum transfer and heat 
transfer is 


An energy balance for an element of length dz along the blade 
surface in the direction of flow is 


dq = aP(T, — T,,)\dx = SGc,dT, 


Substituting Equation [20] into Equation [21] and integrating 
between points 1 and 2 at inlet and outlet of the blade passage re- 
sults in 


Ta ee To: 
To: 


Define a loss factor & by 


Then since the heat transferred per pound of fluid is 
Q = ef Tn — 
Equation [22] with Equations [23] and [24] becomes 
Q = — — 1) 


which is Equation [5]. 

Initial calculations for this study were made with a loss co- 
efficient in the range 0.05 < & < 0.08. Because of the varying 
opinions as to the correct value of & and because of it’ vonounced 
effect on cooled turbine performance, the range was extended to 
include 0.02 < & < 0.08. It is believed that this range will ade- 
quately bracket the actual value of £ for any particular blade 
design. It will also bring the data into closer agreement with 
more recent work completed on profile-loss factors as mentioned 
subsequently. 

A discussion on the determination of & is presented here to 
show some of the reasoning behind the variance of opinion and to 
verify, if possible, the use of a loss coefficient in the range 0.02 < 
& < 0.08. 

For low Mach number and for the case in which (P/S) does not 
vary along the flow path, Hawthorne (3) shows that & = &,, the 
profile-loss factor. This would correspond to the case of impulse 
blading. For reaction blading and nozzles having decreasing area 
in the direction of gas flow, and for values of Mach number greater 
than zero, £, becomes less than £p. 

Hawthorne (3) combined the following equation for the heat- 
transfer coefficient from gas to blade 


Nu = 0.14(Re)-* 
with the heat-balance equation for a blade passage 
aA(T, = SpVeTa To) 


and Reynolds analogy to obtain 
(ef/2 1) = 0,14 (Pr) 


where [ = A/S = heat-transfer surface/cross-sectional flow area. 
Equation [28] yields £& = 0.026 — 0.084 for Reynolds number 
of 5 X 10° > Re > 2 X 10‘ where I varies from 5 < I’ < 10 for 
most blade shapes. 
Subsequent to Hawthorne’s analysis, Van Le (7) completed a 
study of loss coefficients in turbine passages. His results showed 
that 


& fi, / Ota, 6, Re, 8/C) 


Data taken from charts in reference (7) show the following 
trends: 


(a) &, decreases as a/a, Re, and S/C increase. 

(b) &, increases as @ and ¢ increase. 

(c) &, for reaction blades is less than £, for impulse blades. 

(d) For normal variations in turning angle 0, degree of reaction 
@/, pitch chord ratio S/C, incidence angle i, and blade Reynolds 
number Re, the profile-loss coefficient was found to vary within the 
limits, 0.02 < & < 0.14, 


These values of £, would seem to agree fairly well with Haw- 
thorne’s analysis that = &,, particularly at the higher values of 
Reynolds number. 

Smith and Pearson (8) define a heat-extraction coefficient € for 
a turbine stage 


By comparison with Equation [27] for a cascade of blades, where 
K, = 4 for impulse blades the followiag relation can be estab- 
lished 

Reference (7) includes plots of € versus flow coefficient which 
show that € varies between 0.01 < ¢ < 0.03. These values show 


good agreement with Hawthorne’s values for £/2 between 0,012 
< < 0.042. 


Appendix 3 


Derivation oF Equations [9] anv [10] 
The definition of stage efficiency is 
Wate 
Neve 


if the difference between the kinetic energy of the gases entering 
and leaving the stage is negligible. Then 


Q 

Assuming equal pressure ratio per stage and the condition curve 
Equation [17] defining n,, Equations [32] become Equation [10]. 


Then if Q/W is zero (uncooled stage) n, = , from Equation [15) 
and Equation [10] reduces to Equation [9]. 


A T ste ) 
ss) 


Discussion 


J. B. Esear.* One of the main questions in determining the 


3 Aeronautical Research Scientist, Lewis Flight Propulsion Labora- 
tory, National Advisory Committee for Aeronautics, Cleveland, 
Ohio. 
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desirability of using turbine-blade cooling to permit increasing 
gas temperatures in gas-turbine engines is whether the quantity 
of heat removed from the cycle by cooling will cause losses that 
would cancel performance gains due to increased gas tempera- 
ture. Most cycle analyses of cooled engines have required a 
knowledge of the engine configuratior and rather tedious heat- 
transfer analyses to determine the quantity of heat removed 
from the cycle. The author presents a unique type of solution 
to determine the quantity of heat rejected by cooling without use 
of extensive heat-transfer analyses. To make intelligent use of 
his results, however, a knowledge of the magnitude of his loss 
factor ) is required. The range considered (0.02 < & < 0.08) is 
probably greater than will be encountered on most cooled tur- 
bines. 

Using methods of calculating heat-transfer rates for turbine 
blades that have been published in unclassified NACA reports, 
corresponding values of £ have been calculated at NACA using 
the relation between £ and heat-transfer rate presented by the 
author. These calculations were made for a wide variety of 
engines and it was found that £ was in the range 0.023 to 0.045. 
In most cases it was found that £ was less than 0.03. These 
results used in conjunction with the curves presented in the paper 
should give a reasonable indication of the effects of heat rejection 
on cooled turbine-engine performance. 

It also should be stated that the analysis presented in the paper 
cannot be generalized to cover the effects of all types of turbine- 
cooling methods. The method applies only to the case 
where heat is removed from the turbine blades and is rejected to 
a sink that is external to the engine. A simple liquid-cooled sys- 


tem where the coolant circulates through the turbine blades and 
then carries the heat to a radiator or cocling tower would be one 
example of a type of cooled-turbine engine where this analysis is 


applicable. The analysis does not apply to air-cooling systems 
where air is bled from the compressor and used for cooling turbine 
blades. In general, air-cooling systems will result in somewhat 
poorer performance than presented in the paper. 

In conjunction with the efficiency results presented for finite- 
staged turbines where “leaving losses” must be considered, it 
appears that some confusion might result owing to the fact that 
the efficiency levels are so very low compared with results pre- 
viously presented. If the number of stages is greater than 2 or 3 
the efficiency is probably approaching the efficiency that would 
be obtained with an infinite number of stages. The primary 
cause of the low efficiency shown for the finite-staged turbine is 
due to the fact that the curves are presented for very much lower 
pressure ratios than the results presented for turbines with an 
infinite number of stages, 

In conclusion it can be said that the concept of the loss factor 
& is not easy to understand completely, but by using the recom- 
mended values of this factor the paper presents a rather compre- 
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hensive picture of the effect of heat removal by turbine cooling 
on liquid-cooled gas-turbine power plants. 


Davin G. Wuson.* In the past I have been alternately 
encouraged and disillusioned, during some elementary work on 
blade cooling, by people who could prove conclusively that tur- 
bine cooling could either endow prize-winning efficiencies or 
crippling losses on gas-turbine power plants. In this paper 
most disadvantages of cooling are taken into account; in fact, 
some assumptions, such as the compressor efficiency of 85 per 
cent, would seem pessimistic for design point values. However, 
the heat losses connected with duct cooling and the power losses 
due to coolant pumping had been ignored, which could be signi- 
ficant factors. On the cther hand, it is conceivable that the 
heat losses could be turned partly to heat gains by transferring 
the heat removed from blades and ducts to the air stream before 
combustion; or power could be recovered by using a steam tur- 
bine with liquid cooling. I should much appreciate the author’s 
views on the general magnitude of the favorable and unfavorable 
effects of both extremes on their conclusions. 


AvuTHor’s CLOSURE 


It is indeed gratifying to receive the discussions of Messrs. 
Esgar and Wilson, both of whom have devoted a considerable 
amount of energy to the practical solution of the turbine-cooling 
problem. When our analysis was begun some years ago the mag- 
nitude of & was not well established; so we used a rather wide 
range of values, 0.02 to 0.08. It is quite pertinent to the in- 
terpretation of the present results to know the proper reasonable 
range, 0.023 to 0.045, as suggested by Mr. Esgar. 

Mr. Esgar and I seem to have some disagreement regarding the 
efficiencies of the finite-staged turbine but I suspect they can be 
resolved when we see each other. The results in Figs. 13 and 14 are 
presented to show the effect of number of stages on turbine per- 
formance. To keep the calculations from being too lengthy a 
lower pressure ratio was chosen; so the level of cycle efficiency is 
lower than in the previous curves. Nevertheless, the effect of 
number of stages is clearly shown. As number of stages increases 
the leaving loss decreases but the heat-transfer loss in the cooled 
part increases. These two opposing effects result in a maximum 
efficiency at a particular value of N for given design conditions. 

Some of the questions regarding auxiliary losses are discussed 
in a companion paper, reference (9). We have not investigated 
the suggestions of Dr. Wilson regarding the recovery of some of the 
heat removed in cooling. They obviously would increase the 
efficiency and should be investigated to determine their economic 
feasibility. 


‘ Visiting Fellow, Commonwealth Fund, Gas Turbine Department, 
Massachusetts Institute of Technology, Cambridge, Mass. 
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Analysis of the Effect of Blade Cooling 


on Gas-Turbine Performance 


By J. C. BURKE,’ B. L. BUTEAU,? anp W. M. ROHSENOW? 


This paper is an analytical study of the effects on specific 
air consumption and thermal efficiency of three types of 
blade-cooling systems. The methods considered are: (a) 
Air forced-convection cooling; (6) air transpiration cooling; 
(c) liquid forced-convection cooling. 

The analysis was applied to a simple gas-turbine power 
plant containing a cooled turbine and an uncooled turbine 
both of which were composed of an infinite number of 
infinitesimal stages. Certain general design parameters 
were chosen for each coolant system and the effect of 
variation of these parameters on power-plant performance 
was studied. The three cooling methods also were com- 
pared against one another for otherwise identical condi- 
tions in the basic power plant. 

The results of this work make it possible to predict, in a 
semiquantitative manner, the effect of cooling-system 
design on power-plant performance. In particular, the 
results of this paper show that for well-designed cooling 
systems operating at design conditions, appreciable net 
gains in performance can be realized by increasing turbine- 
inlet temperature beyond the temperature which the un- 
cooled blades can withstand. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
A, (A)w = (A,)z, total transpiration area for blades, ft? 
Cc, specific heat at constant pressure, Btu/lbm-deg R 
Cn, average for cooled turbine, 0.283, Btu/lbu-deg R 
Cy, average for mixing process, 0.277, Btu/lba- 
deg R 
C,s, average for coolant in blades, 0.264, Btu/Iba- 
deg R 


De = =! , equivalent diameter of blade-coolant passages, ft 


P 
f = 2 friction fector 


> or coolant flow per unit area, lbm/sq ft-sec 


rs or ie coolant flow per unit area, lbm/ft*-sec 
t 
= mixing loss per unit mass of main working fluid, Btu/Ibm 
= enthalpy, Btu/Ibm 
= impulse-blade factor (defined in reference 8)* 
= M/S, turbine constant, lbm/sq ft-see 
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thermal conductivity, Btu/sec-ft-deg R 

ratio of specific heats 

blade length, ft 

main working fluid mass flow, lbm/sec 

my + mg, total coolant mass flow, lbm/sec 

(P’)y = (P')g, total perimeter of coolant passages, ft 
power, ft-Ib;/sec 

power output of turbine B, ft—lbr/sec 

heat flow, Btu/see 

heat flow per unit mass to infinitesimal blade row, 

Btu/Ibm 

heat loss to blades per unit mass of M, Btu/lbm 
power-plant heat input per unit mass of M, Btu/lba 
reheat factor for turbine A 
‘reheat factor for turbine B 

P. Ba 
Pos 
Poe i 

PP.’ expansion ration turbine B 

turbine wheel-blade root radius, ft 

turbine wheel-blade tip radius, ft 

(S)y = (S)g — total cross-sectional flow area for blades, 

sq ft 

blade wall temperature, deg R 

average temperature, deg R 

turbine-wheel tip velocity, fps 

u(r, + Tr) 

2rr 

tangential velocity, fps 

velocity relative to rotor coolant passages, fps 
maximum work for infinitesimal stage, Btu/Iba 
aE a work output turbine A, Btu/Ibm 

(M +m)J 
Pco,|/M + mJ, work input main compressor, Btu/lbm 
work required to circulate liquid coolant 


, total power-plant pressure ratio 


, expansion ratio turbine A 


— mean blade velocity, fps 


work output turbine B, Btu/Ibm 


— net power-plant work output, Btu/Iba 
power-plant cycle efficiency 


main-compressor efficiency 


== f f -F dz, loss factor (defined in reference 8) 
z=0 


torque, Ibr-ft 

angular velocity, rad /see 

heat-transfer coefficient, Btu/sq ft-sec-deg R 
turbine polytropic efficiency 

turbine efficiency 

blade-coolant passage effectiveness 

apparent effectiveness (defined in Appendix 2) 


Subscripts 
0 = total stagnation conditions 
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K 
k 
M 
m 
° P’ 
P 
Pe 
Q 
Q; 
Qin 
Rs 
Rs 
? 
Ta 
Tr 
'r 
8s 
T. 
T 
u 
a 
Ww 
We 
G, We 
Wea 
AH ( 
h Waee 
= 
T= 
a= 
= 
= 
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relative stagnation conditions 
constant entropy process 
nozzles 

blades 

zero transpiration mass flow 
states of main working fluid 
states of total coolant 
states of bucket coolant 
states of nozzle coolant 
states of total mixture 

main working fluid 

coolant 


INTRODUCTION 


In reference (8) the performance of a simple gas-turbine power 
plant utilizing cooled blades was analyzed for a vi? range of 


operating conditions. This analysis considered only the effect of 


heat loss from the working fluid to the cooled blades and did not 
investigate the losses which might be incurred in circulating the 
coolant. In this paper the analysis is extended to include the 
over-all effects on power-plant efficiency and specific air consump- 
tion of three types of cooling systems: 


1 Forced-convection air cooling—air is pumped through 
radial passages in the blades and discharges into the working 
fluid. 

2 Transpiration air cooling—air is forced through hollow 
porous blades and discharges into the working fluid. 

3 Liquid cooling—liquid is circulated through passages in the 
blades in a closed circuit and cooled externally. 


Forcep Power PLANT 
Description of System. The basic power plant studied in this 


investigation is composed of a compressor C,, a burner D, a cooled 


turbine A, and an uncooled turbine B, Fig. 1. Each turbine is 
composed of an infinite number of infinitesimal impulse stages of 
polytropic efficiency n,. The coolant air is supplied by a bleed 
connection from the discharge of C;. The expansion ratio of tur- 
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bine A varies so that the inlet temperature to turbine B remains 
constant at the maximum allowable blade temperature. 

The coolant m is compressed in C,, passes through a heat ex- 
changer E, and is ducted to coolant passages leading to the 
buckets and nozzles. Appropriate portions of the coolant, my 
and mg, emerge from the nozzles and buckets, and, at states 6e 
and 6d, respectively, mix with the main working fluid in the mix- 
ing chamber F. The resultant mixture, now at state 7, expands 
through the uncooled turbine B. 

This viewpoint assumes that any work done by the coolant 
within turbine A would be counterbalanced by the aerodynamic 
losses which it causes. According to this hypothesis, the coolant 
would discharge against local turbine pressure—which for the 
limiting case would be the inlet pressure of turbine A. 

In this power plant it is seen that, in addition to the heat loss 
to the blades, other losses are present; such as, (a) the work input 
to the cnolant in the compressor, (b) the pumping work done on 
the coolant as it passes through the rotor and blades, and (c) the 
enthalpy loss of the main working fluid due to mixing with the 
coolant at F. However, to some extent, energy will be recovered 
when the coolant expands through the uncooled turbine B. 

The two design parameters listed in the following were chosen 
as being important to the cooling system and its effect on the 
over-all power plant. The base value represents the value at 
which each was fixed when either of the other two parameters was 
varied. 


Range studied 
0.4-0.8 
500-1500 R 


Base value 


0.6 
1200 R 


Design parameter 
nr-coolant-passage effectiveness 
Ts coolant inlet temperature 


n, is defined as (see nomenclature) 


As just shown, 7, may be written immediately in terms of noz- 
zle-coolant temperatures but the effect of centrifugal temperature 
rises must be considered (see Appendix 2) in order to relate n, to 
bucket-coolant temperatures. 

The coolant temperature 75x, in this analysis is maintained in- 
dependent of the outlet conditions of the auxiliary compressor 
by the heat exchanger E. The power plant is not, however, 
charged with the heat added or subtracted from the coolant in E. 
The base value of 7'o:,, 1200 R, corresponds to what would be the 
available coolant temperature if the coolant air were bled from 
the top of the main compressor without passing through the heat 
exchanger. 

Method of Analysis—F orced-Convection Air-Cooled Power Plant. 
The general expression for the efficiency of a heat engine is 


Referring to Fig. 1, the efficiency of the forced-convection air- 
cooled power plant may be written as follows 


Wa + Wa — Wer 
Qin 
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The term W, in Equation [5] is the pumping work done by the 
rotor on the coolant flowing within the rotor, 

As shown in Appendix 1, n,,, the efficiency of the main working- 
fluid cycle, may be determined by the method outlined in ref- 
erence (8) if the values of Q:/Wa and AH/W, are known. Qi 
represents the heat loss from the working fluid to the cooled 
blades. AH represents the enthalpy loss to the main working 
fluid caused by mixing with the coolant. The analysis used to 
evaluate Q,/Wa and AH/W.4 is described in the following. 

Reference (8) presents a relation for the ratio Q,/Wa for a 
cascade of blades. To obtain average values of this ratio for the 
nozzle or bucket rows, 7’) should be interpreted as the average 
stagnation temperature relative to either nozzles or buckets. 
Making use of the average stagnation temperatures (Equations 
[7] and [8]) and noting from Fig. 2(@) that Tus = 7, + 4H/Cy: 
where 7',, = expressions for (Q:/Wa), (Q:/Wa),, and Q:/Wa 
are determined 


C,(T. — T.)(e/? — 1) 


Ww 

K, 


a Q 
Wa 


AH/Wa, the enthalpy-loss term, is found by applying an 
energy balance to the adiabatic mixing at F. This derivation is 


carried out in Appendix 3 and results in Equation [12]. The 
terms € and ¢, which are defined and tabulated in Appendix 3, 
account for temperature rises due to rotational work. The term 
n,’ (see Appendix 2) is an apparent effectiveness which includes 
rotational effects as well as heat transfer 


Wa Cys Wa N 
B 
Equations [9] to [12] have been solved by iteration for Q:/Wa« 
and AH /Wa, employing the additional relation that 


Wa Wa 
Having obtained values for Q,:/Wa and AH/Wa, ny was calcu- 
lated as indicated in Appendix 1. The values of ny, obtained are 
plotted in Fig. 3. 
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m/M, the total coolant ratio required to maintain the blades in 
the cooled turbine at 7’, is obtained by applying energy balances 
to the coolant flows in the buckets and nozzles, see Fig. 4(a). Im- 
plicit in this analysis is the assumption of infinite-blade thermal 
conductivity; i.e., cooled-blade temperature is everywhere con- 
stant and equal to 7,. The coolant ratio for the nozzles is deter- 
mined from a simple heat balance and the definition of effective- 
ness (Equation [1 ]}) 


(Qi\/Wa)wWa 
Tose) 
The required coolant ratio for the buckets is found by the same 


general technique but the details are complicated by centrifugal 
effects. The derivation is carried out in Appendix 2 


1/Wa) 


2C 'r 

The total required coolant ratio, the sum of Equations [13] and 
[14], is plotted in Fig. 5 as a function of turbine-inlet temperature 
and the cooling-system design parameters. 

The quantity 7,, is shown in Equation [5] to depend on Ws, 
Qin, W,, and We. Ws and Qia are determined by the methods of 
Appendix 1. W,, the pumping work, is expressed by the following 
equation derived in Appendix 4 


(m/M)y ut 


(m/M)y = 


The work done by compressor C,; on the coolant is a function of 
both the net stagnation pressure drop in the coolant-flow path 
and the stagnation pressure at the blade tips, pos. For simplicity, 
the"pressure drops in both nozzies and buckets are considered to 
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be similar. It is further assumed that the stagnation pressure at 
the turbine-inlet nozzle tips is low enough to permit positive flow 
from the compressor-bleed point. This reasoning permits the 
use of a single compressor-bleed connection. This study assumes 
that all of the coolant will be bled at compressor discharge pressure 
and the correct distribution of coolant will be maintained by 
throttling the paths of lower resistance. This assumption 
furnishes a conservative estimate of the compressor work ac- 
complished in the coolant cycle. 

Nm, 28 calculated in accordance with the preceding discussion, is 
plotted in Fig. 3. Now, in conjunction with the values of ny and 
m/M previously obtained it is possible to determine 9 per Equa- 
tion [3]. The power-plant efficiency 7 and specific air consump- 
tion are plotted in Figs. 6 and 7. In this investigation specific 
air consumption is based on total air flow as follows 


__ (2545)(1_ + _m/M) 


hp-hr) oa) 


Results of Analysis—Forced Convection. In Fig. 3, ny and n, 
are plotted against turbine-inlet temperature for a range of cool- 
ing-system design parameters. It is seen that ny, the efficiency of 
the main working-fluid cycle, is primarily a function of yn, and 
turbine-inlet temperature. This is because, at constant T's, 
changes in ny result from variations in the mixing loss AH /Wa. 
AH/W<, is relatively unaffected by coolant-inlet temperature 
since, say, increasing 7'9 tends both to increase coolant flow and 
increase coolant-discharge temperature. Both of these effects 
work in opposite directions and tend to be mutually canceling. 

Nm, Which may be thought of as a measure of the efficiency of 
the coolant cyele is, to a first approximation, a function of n, and 
Toe. This is because, at constant 7'., changes in 9,, result pri- 
marily from changes in Wg. These changes in Ws are the result 
of variations in the mixing loss AH/Wa, which is relatively un- 
affected by changes in 73». 

The coolant ratios required at various turbine-inlet tempera- 
tures are plotted in Fig. 5. As might be expected, increasing 7, 
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and reducing 7g, help to minimize the coolant ratio. The effect 
of coolant-inlet temperature is especially marked. At Tu, = 
3000 R, decreasing the coolant-inlet temperature from 1500 to 
500 R reduces the required coolant ratio from 71 to 18 per cent for 
& = 0.08. For & = 0.02 the coolant ratios are much less, 

In Fig. 6 the effect of turbine-inlet temperature and coolant- 
passage effectiveness on power-plant design-point performance is 
shown. Throughout the range of turbine-inlet temperature 
studied, increasing 7, improved thermal efficiency, and lowered 
specific air consumption. The gains arising from increasing 7, 
are due to the increases in yy and decreases in m/M which result. 
The greatest gains in performance appear to lie in eliminating 
very low values of 7, rather than in attaining near 100 per cent 
effectiveness. 

The effect of coolant-inlet temperature on power-plant per- 
formance is shown in Fig. 7. 7's is found to have little effect on 
maximum efficiency, but reducing 79, does result in much lower 
minimum specific air consumption and much better efficiency at 
high turbine-inlet temperatures. The beneficial effects of reduc- 
ing To» are due mainly to the decreased coolant ratios required. 


TRANSPIRATION-COOLED PowEeR PLANT 


The basic transpiration air-cooled power plant is shown in 
Fig. 8. 

It is assumed that the addition of the coolant mass has no net 
effect on the expansion process within turbine A; that is, the 
work done by the coolant mass is exactly counterbalanced by the 
enthalpy losses caused by mixiag and the aerodynamic losses re- 
sulting from boundary-layer thickening. : 

In general, the losses for the transpiration-cooled power plant 
are similar in nature to those in the forced-conveection-cooled 
power plant. Two major differencés exist, however: (a) As men- 
tioned previously, it is assumed there is no net enthalpy loss due 
to mixing of the coolant and working fluid (i.e., AH/Wa = 0); 
(b) The heat flow to the blades Q, will be reduced materially be- 
cause of the insulating film produced by the transpiring coolant. 

The design parameter governing the operation of the trans- 
piration cooling system is listed in the following. The parameter 
7, used in the forced-convection system is now dropped because 
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the contact between coolant and wall is so great that no significant 
temperature difference exists between the emerging coolant and the 
blade wall. 


Range 
500-1500 


Base value 
1200 R 


Design parameter 
coolant-inlet temperature 


Tos has approximately the same effect on the transpiration 
system as on the forced-convection system. The discussion at 
the beginning of the preceding section for 79 also applies here. 

Method of Analysis—Transpiration. The efficiency of the 
transpiration-cooled power plant may be expressed by Equations 
[3], [4], [5]. However, because of the differences in the physical 
processes the determination of the component terms of these equa- 
tions is different from the methods developed in the second part 
of the preceding section. 

The calculation of ny for given values of Q,/W a is similar to 
the method for forced convection. The details are outlined in 
Appendix 1. As will be shown later, however, the term Q:/Wa 
can no longer be evaluated solely by the equations developed in 
the preceding section. 

In a transpiration-cooled power plant, the coolant forms an in- 
sulating layer which reduces the gas-to-blade heat-transfer co- 
efficient. Allowing starred terms to denote heat-transfer condi- 
tions for zero transpiration mass flow, the following equations are 
written 


(Q:1/Wa)w = 


(Q:1/Wa)p = 


Now (Q:/Wa)y* and (Q:/Wa),* can be evaluated from Equa- 
tions [9] and [10]. (Noting that, for transpiration, AH/C, = 
0.) 

Several methods are given in the literature for determining the 
ratio a/a* (references 1, 2). A simple relation is the “film- 
theory’’ expression proposed by Mickley (7) 


In Appendix 5, Equation [19] is rewritten in terms of the 
nozzle-coolant ratio and the loss factor £. This equation applies 
well for the buckets if (a/a*)y and (m/M)y are replaced by 
(a/a*), and (m/M) 


'M) y/(e®*/2 —1 
(a/a%)y = 
[ | 


The coolant ratio for the nozzles is determined from a simple 
energy balance applied to the cooling process, see Fig. 4(b). It is 
assumed in this energy balance that the coolant leaves the blade 
wall at wall temperature 


(m/M)y = Q:/WayWa 


The coolant ratio for the buckets is obtained in a similar man- 
ner. The energy balance is applied at a mean blade radius such 
that the blade tangential velocity is 


tr 
u( ) 


Therefore the absolute stagnation temperatures of the coolant 
before and after the porous wall are 
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Te = T, d Tue =T 


(Q:1/Wa)aWa 
Cos (r. — Tow — 


(m/M), = 


From Equations [17] through [22] the coolant ratios and heat- 
loss terms (Q:/W4) are calculated. The resulting curves of ny 
and m/M are plotted in Figs. 9 and 10. 

7, is determined by evaluating Ws, Qis, W,, and Wa. We, 
Ws, and Qin are calculated as shown in Appendix 1. An expres- 
sion for W,, the rotor pumping work is derived in Appendix 4, 
assuming that the rate of transpiration per unit radial length is 
constant in the buckets 


2 
W, = 0.739 


Results of Analysis—Transpiration Cooling. In Fig. 9, ny and 
7, are plotted against turbine-inlet temperature for various 
constant values of the cooling-system design parameter. It is 
seen that increasing coolant-inlet temperature causes a small in- 
crease in the quantity ny. This is because higher values of To, 
result in larger coolant flows which in turn increase the coolant 
insulating effect and reduce heat loss to the blades. 

The required coolant ratios are plotted in Fig. 10. As in the 
case of the forced-convection cooling system, increasing To in- 
creases the coolant ratio. The most important feature of these 
curves is the low coolant ratios required for transpiration as com- 
pared to those required for forced convection. When 793 = 1200 
R and 73. = 3000 R, the coolant ratio required for transpiration 
is less than one third of that required for forced convection. 
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In Fig. 11 the effects of the design parameter 7'o4 on power- 
plant performance is shown. As in the case of forced convection, 
reducing coolant-inlet temperature tends to increase efficiency and 
lower specific air consumption. However, the transpiration- 
cooled power plant is much less sensitive to variation in 7'y_, than 
was the forced-convection power plant. 

It should be noted here that the results as predicted for the 
transpiration-cooled power plant are probably considerably better 
then could be obtained in practice. The assumptions (see be- 
ginning of this section) are considered to be adequate for this 
semiquantitative analysis. In practice, however, the large 
wakes caused by transpiring coolant would increase the aerody- 
namic losses and the low energy level of the coolant would create 
higher enthalpy mixing losses in the initial stages of turbine A. 
These losses probably would overbalance the work done by the 
coolant mass in expanding through the cooled turbine. Further- 
more, transpiration cooling requires that the coolant be at a higher 
pressure than the main working-fluid pressure. This would 
create the need for a small auxiliary compressor to supply coolant 
to the first-stage stator at pressures somewhat higher than main- 
compressor discharge pressure The use of such a compressor 
would tend to reduce the optimistic results obtained in this 
analysis. 

Liquip-CooLep PowEr PLANT 


The liquid-cooled power plant considered in this study is 
cooled by a closed liquid circuit. The liquid flows through loop- 
type passages in the blades and is cooled externally in a heat ex- 
changer. If the coolant flows through both nozzles and buckets in 
series, the analysis of Appendix 6 shows that, for a wide range 
of operating variables, the net coolant pressure rise in the buckets 
and rotors is sufficient to overcome all the system frictional pres- 
sure drops and no circulating pump is necessary. Also, since the 
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coolant flows both outward and inward in the rotor and buckets 
no net pumping work is done by the rotor. 

From the foregoing discussion it is seen that the quan- 
tity 7,, (Appendix 6) is zero and 7 is just equal to ny. The cycle 
efficiency for the water-cooled power plant is then calculated 
according to the methods of Appendix 1. The results of these 
calculations are plotted in Fig. 12. 


CoNcLUSIONS 


1 The results of this investigation show that appreciable net 
improvements in gas-turbine performance can be attained by the 
companion processes of increasing turbine-inlet temperature and 
blade cooling. 

2 Liquid-cooled turbines are capable of lower specific air 
consumption than air-cooled turbines. 

3 Transpiration air cooling results in lower specific air con- 
sumption and less sensitivity to cooling-system design parameters 
than forced-convection air cooling. 

4 For both types of air-cooled power plants, decreasing 
coolant-inlet temperature and reducing coolant-discharge pressure 
improved power-plant performance. For the forced-convection 
system, blade internal geometry (i.e., coolant-passage effective- 
ness) has significant effects on performance. 
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Appendix 1 
CALCULATION METHOD FOR Ny 
In accordance with Equation [4], ny is expressed as 


Wa + Wa — Waa 
Qin 


By use of Table 1, reference (4), it is possible to determine Wo, 
and Qin as follows 


Reference (8) shows that the work output of turbines com- 
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posed of an infinite number of infinitesimal stages may be calcu- 
lated using the reheat factors 


Wa = — hos.) 


1 np(l —Qi/Wa) 
=) 
Ta 


Ra = 


[26] 


Also, Wa may be determined independently by reference to 
Fig. 2: 
(a) For a forced-convection cooling system 


.. [80] 


.. 31] 


Now, having once determined Q,/W, and AH/Wa, it is possi- 
ble to calculate ra by “‘trial and error’’ from Equations [26], [28]. 
(or [31]) and the Gas Tables (4). Since rp = r/ra, We can 
at this point be evaluated from Equations [29] and [27]. A sam- 
ple calculation employing this method is given in reference (8). 


Appendix 2 


ANALYsis OF CooLant FLow In Rotor anp BLapEs—Forcep- 
Convection Arr-CooLep Power PLANT 


1 Analysis of Bucket-Coolart Flow 


(a) General—flow in rotating coolant passages with heat transfer. 
Consider a stationary annular control volume enc‘ »sing the rotor 
from r to r + dr, see Fig. 13. Applying the steady-flow energy 
equation to the coolant within the control volume 


+ dQ = ATs 


From the theorem of moment of momentum (assuming slip 
factor = 1.0) 


dP 2m gw* 


7 ool rdr 


Therefore 


*In evaluating Ra and Rp, the following average values of k were 
employed: 


k(cooled turbine) = 1.32 
k(uncooled turbine) = 1.35 


Wa = npRa(hese — 
where 
(28) 
(1 
BRE 
1—{— 
Rs = (29) 
Np 1—(+) 
TB 
: Wa Wa 
a (b) For a transpiration air-cooling system or liquid cooling 
: Wa 
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At any radius r the relative (to coolant passage wall) stagnation 
temperature and total stagnation temperature may be written 


] 
CyJ 


C,J 9 
1 (Vrei)* 
To = T + 2 


mC AT, = dQ + 
1 


Therefore 
w? 
dTy, = rdr 


Equation [32] can now also be written in terms of relative tem- 
peratures 


mC AT = dQ + rdr 


(6) Flow in rotor (8b to 4d). Assuming adiabatic flow in the 
rotor, Equations [32] and [33] are integrated to show 


— 2 
= Tow + — 


2 \ re 


(c) Flow in buckets (4d to 5d). Tntegrating Equation [33] from 
4d to 5d 


Q = M(Qi/Wa)gWa = Ta — Tore) — (rz? — 


and 
(Q:1/Wa 


Torsa — Tosa) — = 


Defining an apparent effectiveness for the bucket-coolant pas- 
sages as 


(m/M), = 


(Q:/Wa)aWa 
Cys — Tow 
2 


(d) Relation of 7,’ to coolant flow conditions. Combining New- 
ton’s law of cooling with Equation [33] 


(m/M), = 


dQ = aP(T, — Te)dr = mgC,ATe — mg — rdr. . (38) 


Assuming aP’/m ,C, and T,, do not vary with r the Equation 
[38] is integrated to yield 


Cp De 


8 is later integrated assuming a linear variation of To, with 
radius; however, for the moment, comparing Equation [39] 
with [36] it is seen that 

4a 
= 1 (az; De +6) 


Neglecting the effect of free convection on the heat-transfer 
process within the blade-coolant passage, the Stanton number is 
expressed by the empirical pipe-flow reference (6) 


a G.De\ 


The same reference relates the friction factor to the Reynolds 
number (for 5000 < G,De/p <200,000) as follows 


f = 0.046 ‘Ga 


Assuming that C,u4/K = 0.69, Equations [40], [41], and [42] 
result in 


2 Analysis of Nozzle-Coolant Flow 

The equations corresponding to Equations [32] through [43] 
can readily be attained for the flow through the nonrotating 
nozzle-coolant passages by equating w = 0. The pertinent results 
are as follows 


Toss) 


3 Evaluation of 7,’ 


The nozzles and buckets in this power plant are assumed to 
have identical coolant-passage construction. The coolant flows 
for nozzles and buckets will certainly be of at least of the same 
order of magnitude. Therefore it is assumed that the term, f 1/De 
is nearly the same for both. Comparing Equations [43] and [46] 


‘ 1803 
(2) 
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» a 1 
Orad 
where 
Jn Te— To 
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Now, returning to the definition of 8 (Section 1), and per- 
forming the integration, assuming that 7, is linear with r 


8B = E(F log. A — 1) 


where 


Fic. 14 Puror nz’ VEKSUS nz 


The combination of Equations [47} and [48] determines 7,’ 
in terms of 7,, 7'os, and certain power-plant operating constants. 
In Fig. 14, 7,’ is plotted against 7, for the three values of 7's, used 
in this investigation. The values of n,’ used in the calculations 
are as follows: 


Tw, deg R 
1200 
12006 
1200 


500 
1500 


Appendix 3 


DERIVATION oF Expression FoR Loss To 
Mrxine (AH/Wa) Forcep-Convection Arr-CooLep PowER 
PLANT 


Assuming adiabatic mixing of coolant and working fluid, and 
neglecting variation in specific heat, the steady-flow energy equa- 
tion applied to the mixing chamber F is written as follows 
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my T + mpl + MT (my + + M)T a. [49] 


But by definition AH = Cy2 (Toe — Tn) 
and also 


Ta = To; Tose = Tose; = Tosa 


Cpe 


+ (m/M),(T., — Tosa)l 


Equation [50] is further modified by introducing the expres- 
sions for the coolant ratios (Equations [36] and [37]}) and the 
definitions of n, and n,’ (Equations [1] and [40]) 


Wa 


Th 2 
— 
— Tow — 


2 
go 


2C 
Values of € and o used in this investigation are as follows: 
Tow 
500 0.0488 0.0253 


1200 0.096 0.0497 
1500 0.164 0.0847 
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Derivation or Equations For Rotor Pumrina Work 
General Analysis—Varying Coolant Flow in Rotating Passages. 
Consider stationary annular-control volume which encloses rotor 
between r and r + dr (see Fig. 13). For this derivation only, the 
following definitions exist: 


n == mass flow within coolant passages at radius r 
6,, = mass leaving coolant passages between r and r + dr 
(i.e., due to transpiration) 


From the theorem of moment of momentum: 
Net external torque = net efflux of angular momentum from con- 
trol surface 


2 
2 go 


+ [»+(*) ar + 
dr Jo go 


From the continuity equation 


Combining these two equations, and neglecting terms containing 
(dr)? results in 


1804 
+ Wa)p {51} 
where 
Tgp 7 2800 °R 
o3b Y 
7 500 °R 
4b 
7 
0,2 0.4 0.8 
| 
Nz 
0.438 0.4 
0.630 0.6 
0.820 0.8 
} 0.617 0.6 
| 
dn 
— (8) 
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Forced-Convection Cooling: n = mg = const 
go 
mpl mp gol 


Pp (m/M)p 


Wp’ 


Wp = 


Transpiration Cooling 
O<r< Tr 


™<T< Tr 


(assuming that n varies linearly with r within the blades). 
Integrating Equation [54], using this variation in n results in 


go 3 1 —r,/rr Tr Tr 
2 
= 0,730 
Jo 
(m/M)_ 
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DERIVATION oF Equation [17] 


Equation [19] (film thecry) expresses the effect of mass transfer 
on the heat-transfer coefficient as 


GAC, 
Cc 
a/a* = (242) /(. ) 
a 
In reference (8) the heat transfer to a cascade of blades (no 
mass transfer present) is expressed 
MQ:* = MC,(T. — — 1) 


Newton’s law of cooling relates the heat transfer to the tem- 
perature difference 


MQ,* = a*Af{T, — T,) 
From Equations [57] and [58] 


MC, 
a*A, 


Noting that for the nozzles, say 


( MC, GC, 
N (m/M )ya* 


therefore 


) = (m/M)y/(e#*/? — 1) 
N 


(m/M)y/(e#*/2 — 1) 
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ANaLysis or WaTER-CooLep Power PLANT 


The efficiency of a cooled power plant is, as seen from Equation 
[3], exactly equal to ,, if the quantity 7,, is zero. For the water- 
cooled power plant studied, since the coolant does not mix with 
the working fluid ; 


Nm( water-cooled) = — 


The term Wp, rotor pumping work, is zero since the coolant 
flows both inward and outward in the rotor. Therefore, in order 
that 7,, be zero, We. the work required to circulate the liquid cool- 
ant also must be zero. This condition is fulfilled if the net centrifu- 
gal pressure rise of the coolant as it passes through the rotor 
and blades is equal to, or greater than, the net pressure loss in the 
remainder of the circuit. It is assumed that any excess pressure 
rise will be dissipated in throttling rather than converted into 
useful work. 


Flow ~ 


Exchenger 


Fie. 15 Coorant-FLow ScHematic 


The net pressure rise caused by the centrifugal field and density 
change is obtained by assuming the outward flowing coolant is all 
at density p; and the inward flow coolant at density po, see Fig. 
15. Successive application of Bernoulli’s equation yields 

u* pu* pr 
Ap rise 1 2 = —— (pi — pr) = 102) 
290 290 pr 


The total frictional pressure loss in the covlant circuit is ap- 
proximated by multiplying the nozzle pressure drop by 6 since 
the nozzles, buckets, rotor, stator, heat exchanger, and coolant 
lines may be thought to cause approximately equal pressure 
losses ) 


Ap friction = 6(Ap)y = 24f De a 


From combination of Equations [62! and [63] it is seen that 
We is zero if 


. (63) 


— 


The coolant ratio required for the nozzles is obtained by apply- 
ing a heat balance to the nozzle-coolant passages 


(Q/WayWa 


(m/M)y = T,, 


T: —T: 


= T. T; 
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The term f l/De is obtained by an analysis similar to that carried 


in Appendix 2 


where @ is a ratio of Prandt! numbers 


2) 


) at T = 510 deg R 


Petts 
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In order to prevent boiling in the coolant system, it is necessary 
to limit the temperature rise in the blades and hence the effective- 
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1.0 


ii 107 


Fic. 17 8 Versus Tursine-Intet TEMPERATURE 


ness. Assuming equal temperature rises in nozzles and buckets 
the maximum effectiveness as limited by 7; is 


Nzlmax = 


In Fig. 16 the foregoing relation is plotted for the case where 
T; is limited to the boiling point of water at atmospheric pressure 
(T; = 670 R). Larger values of 7’; could, of course, be obtained 
if the system were pressurized. 

B, the ratio of frictional pressure drop to centrifugal presssure 
rise, is plotted in Fig. 17 for two values of coolant-inlet tempera- 
ture, T;. In this plot 7,, is assumed equal to 72imsx a8 per Fig. 16. 
It is seen that throughout the range of turbine-inlet temperatures 
investigated, B is considerably less than unity. Hence the re- 
quired pumping work, Wc», is zero and 7 is just equal to ny. 
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Test of an Experimental Coal- 
Burning Turbine 


By D. L. MORDELL' anv R. W. FOSTER-PEGG,? MONTREAL, QUEBEC, CANADA 


In 1949 one of the authors suggested ‘that, by the use of 
the exhaust-heated cycle for a gas-turbine power plant, 
the new problems and difficulties then besetting those who 
were trying to produce a coal-burning gas turbine, includ- 
ing (a) feeding of pulverized coal under pressure, (b) burn- 
ing pulverized coal under pressure, {c) gasifying coal 


under pressure, (d) separating ash from high-tempera-— 


ture gases, (e) establishing the tolerance of turbine blades 
toash erosion, might be replaced by two problems different 
in degree but not in nature from those encountered in the 
design of boilers, namely, (1) combustion of coal in a fur- 
nace at essentially aisnospheric pressure; (2) heating of a 
compressed gas by trensfer of heat from hot combustion 
preducts. It appeare:' that adaptation of the existing 
technology to the gas-turbine conditions should prove 
easier than the evolution of a completely new technology. 
It was recognized, however, that the differences in degree 
made it impossible to design, with confidence, a power 
plant which might be expected to be immediately success- 
ful. It was, therefore, suggested that a purely experi- 
mental plant should be designed, constructed, and tested 
to lay the foundations for a future successful design. 
Representatives of the two major Canadian railroads con- 
sidered that this proposal might lead to the evolution of a 
coal-burning gas-turbine locomotive that would play a 
useful part in their operations. The Dominion Coal Board 
felt that such a program might lead to the development of 
improved ways of utilizing coal and thereby effectively 
help the Canadian coal industry. The Department of 
Mines and Technical Surveys then placed a contract with 
McGill University for such a program to be carried out 
under the senior author’s direction. Since that time, a 
vast amount of work has been done. The experimental 
plant has been built and has now completed its first series 
of tests. A great deal of theoretical design and economic 
consideration has been given to possible applications. 
The present paper reviews what has been done, and dis- 
cusses the lessons that have been learned and their ap- 
plication in the future. 


Tue Main Prosiem 


HE major problem of the exhaust-heated gas turbine is 
that of designing a suitable furnace and heater to transfer 
the heat liberated from coal, burned in preheated air, to 
compressed air, at pressures of about 60-90 psia and tempera- 
tures of 1250-1350 F (650-730 C). By comparison, in a modern 


1 Chairman, Department of Mechanical Engineering and Director, 
Gas Dynamics Laboratory, McGill University. Mem. ASME. 

2 Engineer, Department of Mines and Technical Surveys—Canada, 
Gas Dynamics Laboratory, McGill University. 

*“The Exhaust-Heated Gas-Turbine-Cycle,” by D. L. Mordell, 
Trans. ASME, vol. 72, 1950, pp. 323-329. 

Contributed by the Gas Turbine Power Division and presented at 
the Diamond Jubilee Annual Meeting, Chicago, Ill., November 13— 
18, 1955, of Taz American Society or MecHANICAL ENGINEERS. 

Norse: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
30, 1955. Paper No. 55—A-158. 


steam-generating unit, heat is transferred to steam at pressures of 
about 1000-2500 psia and temperatures of 1000-1100 F. 


EXPERIMENTAL DesIGNn 


The Heat Exchanger. In considering the design of the heat ex- 
changer it was clear that, apart from the obvious mechanical 
problems arising from thermal expansion and pressure loading, 
and the problems of pressure loss and heat transfer, there were 
three basic problems that would be encountered in the design: 

1 Strength of materials at elevated temperatures. 

2 Deterioration of heat transfer and increase of pressure loss 
resulting from ash depositions. 

3 Attack on the tubing by substances contained in the coal or 
ash. 
Of ell the problems, (2) and (3) were the only ones which were 
not really amenable to exact calculation and precise design. 

Avai'able evidence suggested that chemical attacks from 
vanadium and sulphur were to be feared. However, vanadium is 
not found in significant quantities in the coals which were to be 
used. In so far as high-temperature sulphur attacks in boilers 
are not too serious, in spite of low excess air, and tests had shown 
that sulphur attack is in general much less serious as the free oxy- 
gen in the gas is increased, we did not anticipate too much trouble, 
as in the exhaust-heated cycle there is much excess air. 

The question of deterioration of performance by fouling was 
considered the most serious. As a result of this the decision was 
made to use a simple gas-tube-type heater, in which the combus- 
tion products passed straight through the inside of circular tubes, 
which it was considered would be least likely to suffer from foul- 
ing, and would be the easiest type to clean. Rig tests carried out 
in the Fuels Research Laboratories of the Department of Mines 
and Technical Surveys confirmed these opinions. It might be 
mentioned at this time that the use of a gas-tube heater involves 
certain mechanical and thermodynamic penalties which will be 
referred to later. 

The Furnace. From the beginning it was recognized that 
practically any conventional furnace might be used and the use 
of a traveling-grade furnace was independently recommended 
by the late Mr. W. A. Newman of the ‘ ‘anadian Pacific Railway 
and by the Locomotive Development Committee. However, at 
that time the Fuels Research Laboratory of the Mines Department 
was experimenting with the cyclone furnace, originally developed 
by The Babcock & Wilcox Company, and in use in many utility 
applications. The cyclone appeared to offer advantages, includ- 
ing compactness, flexibility in choice of fuel, absence of moving 
parts, and its need for and ability to use the highly preheated air 
which is available in the exhaust-heated cycle. It appeared, 
therefore, to be a natural choice, and in view of the work already 
done, the decision was taken to use the cyclone furnace. Owing 
to unforeseen circumstances, the Mines Department program 
was slowed up, and some preliminary tests of a furnace were 
made on a rig in our own laboratory which showed a combustion 
performance that appeared satisfactory, although it was not 
good mechanically. These tests already have been reported.‘ 

*“*Tests of a Furnace for a Coal Burning Turbine,”’ by D. L. Mor- 


dell, R. E. Chant, and R. W. Foster-Pegg, The Engineering Journal, 
vol. 36, September, 1953, pp. 1122-1130. 
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MORDELL, FOSTER-PEGG—TESTS OF AN EXPERIMENTAL COAL-BURNING TURBINE 


Fic. 3 Tae CompLetep Piant, Macuinery anp Heaters 


Fic.4 Compietep PLant, Furnace 


The mechanical faults appeared susceptible of solution by re- 
design, and a rebuilt furnace was used for engine tests. It should 
be pointed out that the combustion section was essentially as 
specified by B & W, except that we had deleted a re-entrant throat 
to determine if the pressure loss could be reduced, without undue 
penalty. 


ENGINE TEsTs 


The plant was ready for test in November, 1953. A complete 
description together with an account of many of the design prob- 
lems has already been given,’ and Figs. 1 to 4, reproduced from 
that paper, show the general layout of the plant in its original state. 
The first five months of operation showed up various mechanical 
problems incident to the use of an aircraft engine as a test engine, 


5 “An Experimental Coal Burning Gas Turbine,” by D. L. Mordell, 
Proceedings of The Institution of Mechanical Engineers, vol. 169, 
no. 7. 1955. pp. 163-180. 
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but these were satisfactorily overcome, and since May, 1954, the 
plant, excluding the furnace and heater, has given no trouble 
whatever and has required very little maintenance. During this 
preliminary period certain faults in the heat-exchanger aerody- 
namic and thermodynamic performance became evident, but these 
were and are not regarded as being important as they are all 
accounted for to make sure that they will not be repeated. How- 
ever, the cyclone furnace and coal system were definitely unsatis- 
factory in many respects. As soon as the mechanical troubles 
had been overcome, attention was concentrated on improvement 
to the furnace and a great many tests have been run. 

Before describing the results of engine tests in mere detail, it 
should be pointed out, as described previously,’ that the main 
object of the plant was to serve as a detailed test of the perform- 
ance of the furnace and heat-exchanger system, and their inter- 
action on the gas-turbine unit. The plant was not designed as a 
prototype power plant, but as a research engine, ea which it 
would be possible to determine fairly precisely the individual per- 
formances of all its elements. This requirement, together with 
the equelly important one of having great facility in inspection, 
modifications, or rearrangement of components, led to a layout 
being adopted which incurred considerable penalties in terms of 
heat losses from ducting and hot casings, and pressure losses in 
interconnecting ductings. 


REsULTS 


Operation. The exhaust-heated gas turbine has demonstrated 
that it possesses many advantages. Perhaps the most striking is 
the fact that the machine is not critically affected by deterioration 
of combustion by any reason. Circumstances that would necessi- 
tate or cause the immediate shutdown of a conventional gas tur- 
bine may result in a gradual deterioration of over-all performance 
and can frequently be corrected without, in fact, any significant 
performance loss although such deterioration is likely to lead to 
increased maintenance. We would sum it up in the words that 
the exhaust-heated machine possesses a great capacity to with- 
stand abuse or maloperation, which we regard as a most impor- 
tant characteristic in an industrial engine and especially in a loco- 
motive power plant, where gradual deterioration is much to be 
preferred to abrupt stoppages. 


TABLE 1 SUMMARY OF TROUBLES EXPERIENCED 


————Number of i 
(6) Test 
stop continued 


(a) Emergency (ce) Test 
in spite 


necessary 
. of trouble 


Nature of trouble 


Slag flushing system 
Coal entry 

Coal processin, 

Gas leak from furnace 
Refractory failure 
Combustion 


Tube-plate deposit 
Leaking heater tubes 
Heater shell cooling 

Cold exchanger expansion 


AWS 


Betw*: 1 November, 1954, and April, 1955, the plant was run 
under power for a total of 314 hr, and 56 starts and stops have 
been made. The longest nonstop run was of 56-hr duration. It is 
perhaps noteworthy, for an experimental plant, that only on one 
oceasion has an immediate stop been enforced by considerations 
of plant safety. Table 1 summarizes the more serious troubles 
which occurred during running. 

Starting Procedure. The gas-turbine unit is rotated by a gaso- 
line starting and barring engine to produce a flow of air through 
the plant and furnace. A propane-gas burner is then ignited by 
an electrical spark and used to light off an oil burner. The 
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plant is then brought up to self-sustained running on oil fuel 
by increments of 0.0) lb/see of oil at 5-min intervals up to a 
maximum quantity during starting of 0.1 lb/sec. A start from 
cold usually takes about 1 hr. When the plant is hot it has been 
restarted from stationary in 15 min. The time required before 
applying load naturally depends on the temperature from which 
the start is made. Typical start records are shown in Fig. 5. The 
plant usually became self-sustaining at a turbine-inlet tempera- 
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ture of about 600 C and, after declutching of the gasoline engine, 
would accelerate up to about 9000 rpm. The oil-fuel supply was 
increased to maintain this turbine-inlet temperature and the 
plant was adjusted to run at 9000-10,000 rpm (69-77 per cent of 
full speed). The change from oil to coal is effected very simply by 
opening the coe! shutoff valve and progessively reducing the oil 
supply while the coal is increased until no oil is being used and the 
plant is operating entirely on coal. 

Stopping and Shutdown. No difficulty or danger is experienced 
in a stop from full temperature in a few minutes and this has been 
done on many occasions to allow a change to be made for test 
purposes or for adjustments. The plant is normally run for a few 
minutes at no power before shutting, off the fuel completely. Fol- 
lowing most tests an inspection of the inside of the furnace or 
heater has been required as soon as possible when the plant was 
movored by the gasoline engine for several hours for quick cooling. 
To prevent recycling of heat by the heaters during motoring for 
- ling the access door of the furnace is opened so that air is dis- 
cuarged at its hottest temperature. Fig. 6 illustrates a quick 
stop and motoring for cooling. 

Control. Overspeed protection is afforded by a valve arranged 
to spill compressor delivery air directly into the furnace inlet and 
operated automatically by high-pressure oil from a modified air- 
craft-propeller governor. This is necessary to protect the plant 
in case of overfueling or failure of the dynamometer or water 
supply. The speed at which the governor operates may be 
selected mannally so that power may be cut instantaneously by 
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reducing the governed speed to below the previous operating 
speed. The governor then opens the blowoff valve so that the 
useful power is dissipated in compressing additional air and the 
plant continues to run at the selected governed speea. An over- 
ride also is provided which will fully open the blowoff valve at any 
speed. This control stops the plant in a few seconds in an emer- 
gency. The air discharged by the blowoff valve was ducted into 
the furnace inlet so that the air flow through the furnace would 
be increased rather than decreased by blowoff operation and 
heater-entry temperature consequently reduced. 

Changes in the power output of the plant were exceedingly 
rapid following a change in the fuel-supply rate and were 
more rapid than the response of the pyrometry equipment which 
was by no means slow. As described previously, power could be 
dropped instantaneously by use of the governor and blowoff 
valve but this method normally was not used. By control of the 
fuel supply only, full power (250 bhp) could be thrown off and 
restored in about equal intervals of 15 sec. 

During the present tests no attempt has been made to de- 
velop a coupled control system, and the plant has been driven by 
the fuel flow and the dynamometer torque controls. 

Gas Turbine and Compressor. In so far as the gas turbine is not 
exposed to violent temperature changes or combustion products 
no trouble was anticipated, nor has it been experienced. Apart 
from replenishment of lubricating oil and checking filters, the 
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turbine, compressor, and reduction gearbox have received no 
attention at all. 

Hot Heat Exchanger, Fig. 7. The original design used a com- 
bined counter and parallel-flow heater. This was adopted partly 
to keep tube temperatures down at the hot end and partly to in- 
sure a uniform distribution of the air at the hot end. The thermal 
design was based on standard results for longitudinal flow within 
and outside tubes. No allowance was made for the effect of the 
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tube-supporting baffles which were regarded as a safety factor on 
the right side. Owing to the difficulty of a precise determination 
of a representative tube temperature it is not easy te sort out the 
individual heat-transfer coefficients. Fig. 8 plots the observed 
values of the over-all gas-to-air coefficient plotted against a 
parameter representing the flow conditicns. 

For the parallel and counterflow sections, the dotted lines on 
the curves show the design value based on the McAdams’ corre- 
lation. The discrepancies are due to the effects of the baffles 
which increase the counterflow transfer and to the effect of an ex- 
cessive amount of tube-plate cooling air. This is used to cool the 
rear surface of the tube plate and by-passes the heat exchanger, 
reducing the outlet temperature and the useful parallel-flow 
transfer. The pressure losses in the tubes are closely in accord 
with the values estimated by the usual methods. The air-side 
losses are a lot higher than was first estimated, but a detailed 
calculation of the exact flow path, making full allowance for the 
changes in direction and velocity induced by the baffles and the 
reversal necessary to combine the counter and parallel flow 
showed good agreement with the measured values, which are 
about three times higher than the original design values. It is 
now clear that the parasitic losses introduced by this arrange- 
ment are such as to require considerable justification by its other 
advantages, 2 point which will be referred to later. 

The front tube plate is exposed to the hottest gas, and to main- 
tain a reasonable temperature, a cooling system using water in- 
side a “hollow” plate, and cooling air on the rear side was adopted. 
This has worked very well but is costly. The cooling water ex- 
tracts some 9 per cent of the heat supply, while the effect of the 
cooling air has already been mentioned. 

The deterioration of performance by fouling that was feared 
has not occurred. The gas velocity is high enough to keep the 
tubes clean under normal circumstances. Severe corrosion of the 
Nimonic tubes has occurred. Investigations are still proceeding 
so that conclusions must necessarily be tentative. It appears 
that sulphur in an oxidized state does not cause trouble, but there 
have been occasions in which reduced sulphur has been in contact 
with the tubes, causing severe local penetration. The influence of 
temperature is not precisely known and on occasion our tubes 
have been hotter than was anticipated when designed. In view 
of the relatively large excess air the presence of unoxidized sulphur 
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is at first sight surprising. It must presumably arrive in the tubes 
in unburned or incompletely burned coal carried over. Provided 
there is a strong flow of gas through the tubes, there should be ‘an 
oxidizing atmosphere, but circumstances can arise in which the 
gas flow through the tube is arrested by a blockage at the front 
end, and then clearly the circumstances are favorable for attack. 
The first indication of the corrosion was a deposit on the inside 
of the tubes first noticed after 170-hr running. Up to this time, 
the tubes had been clean, free from any trace of corrosion, and any 
particles of slag or ash had been easily removed. The deposit was 
an even coating around the tubes and when first noticed ex- 
tended for about 12 in. inside the hot end: During each run the 
deposit extended further down the tubes. Attempts were made 
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to remove the deposit with very little success because of the ex- 
treme hardness and strong adhesion to the tube. It was not until 
a further 100 hr had been run that the tubes were found to be 
leaking and it was realized that the deposit was really caused by 
the corrosion which produced sticky nickel sulphide on which ash 
and slag stuck like flies on a fly paper. 

The serious nature of the corrosion of the heater tubes was not 
discovered until 250 hr of operation had been accomplished. To 
allow testing to continue for the last 60 hr the tubes which were 
leaking were plugged in the tube plates. Pressure tests were car- 
ried out at intervals thereafter and additional leaking tubes 
plugged as discovered. On the final test before the plant was dis- 
mantled for rebuilding, it was run with 71 tubes (14 per cent) 
plugged and an additional 73 tubes (14.6 per cent) leaking. In 
this condition the plant was still capable of delivering power. 
On many oceasions the front tube plate of the heater has been 
blocked to a greater or lesser extent by slag deposits. The effect 
on the heater is to increase the pressure loss, and it is also believed 
to be partially responsible for the corrosion, as suggested in the 
foregoing. This is primarily a furnace fault and will be discussed 
under that heading. 

Furnace: Combustion. So that the pressure drop in the cyclone 
should be as small as possible, it was originally designed with a 
vestigial throat of 46 per cent of the through area of the main 
cyclone. In all other respects it was a copy of the furnace tested 
at the Department of Mines, which was based on The Babcock & 
Wilcox design. Fig. 9 shows the arrangement. With this arrange- 
ment under almost all running conditions carry-over was excessive 
at up to 10 per cent of the weight of the coal fired, and with about 
70 per cent carbon content. After about 200-hr operation » re- 
entrant throat of 23 per cent of the cyclone area was installed so 
that its effect on combustion and carry-over could be observed. 
So that the installation of the throat would interrupt the test pro- 
gram for the shortest time, a method of construction with a life of 
only a few hours between repairs was used. While the throat was 
complete at the beginning of test runs a big improvement in all 
aspects of combustion could be noticed, even though a considera- 
ble discharge of ash particles through the slag passage in the 
throat must have occurred. After a few hours a deterioration in 
combustion usually took place and at the end of the run the re- 
fractory material of the throat was generally found perforated. 
It is thought that the collapse of the throat was responsible for the 
deterioration of combustion. 

Cinder Formation. The word “cinder’’ is used to describe any 
accumulation of partly burned coal in the form of a lump or lumps. 
Formation of cinders within the cyclone was a frequent source of 
trouble in several ways. Cinders could form in the coal entry to 
the furnace and completely close off the passage, thus shutting off 
the fuel, or worse still, causing the coal to back up into other parts 
of the plant where combustion could occur with damaging re- 
sults. On other occasions cinders would form in the cyclone and 
when they had grown to 2 to 3 in. across, would break away and 
be blown into the mixing section where they would sometimes 
cover the slag drain to a depth of several inches. It is thought 
that these cinder formations are caused when an excess quantity 
of coal is deposited onto a hot surface. The air distribution is by 
no means uniform and the problem is to distribute the coal in the 
correct proportions on the surface of the cyclone. 

Many different designs of entry, all injecting through a bolted 
flange on the closed end of the cyclone, were tried. The first and 
last entries tried were similar to the entry arrangements developed 
by B & W, in which the coal is mixed into a quantity of air ap- 
proximately equal to its weight, the energy of which is used to im- 
part a swirl to the coal-air mixture as it enters the cyclone. Tests 
of the first B & W type entry nearly ended in disaster as coal 
coked in the entry completely blocking the pipe. The coal then 
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backed up into the turbine-exhaust duct where it ignited and, be- 
fore the plant could be stopped, much of the duct work was 
seriously overbeated and had to be replaced. To insure that this 
could not recur, the coal-injection system was separated from the 
turbine-exhaust air until almost the end of the test series when a 
somewhat similar system was again tried. This had a small 
throat to give a high axial velocity to prevent combustion flashing 
back into the swirl chamber which was water-cooled as an addi- 
tional precaution. 

As described in the section on coal feeding, the coal was metered 
and pumped by a compressed-air injector using air either from 
compressor delivery or from the laboratory system. For all 
running except with the B & W type entries, the coal was blown 
directly into the furnace by this air which was equal to 20 to 40 
per cent of the weight of the coal. 

The best conditions for combustion in the cyclone were not ex- 
actly determined because of limitations dictated by the combus- 
tion system being part of a gas-turbine unit with restricted operat- 
ing characteristics. It was established that the lowest carry-over 
and most efficient combustion were obtained with hot combus- 
tion close around the coal entry. Operation in this way increased 
the tendency for obstruction of the coal-entry pipe by coke and 
slag formations and for freedom from these troubles flame was 
best kept away from the coal entry. The smaller the quantity of 
air injected with or around the coal the more intense was the com- 
bustion at the entry. It is evident that sufficient air for combus- 
tion of the fines in the coal reaches the region of the coal entry 
from the main combustion-air port, and that additional quanti- 
ties of air only chill and dilute the combustion of these fines and 
distilled volatiles. Hence control of additional air at the coal 
entry provides a ready means of controlling the flame front. 

Many hours running were with a simple 2-in-diam pipe in- 
clined at an angle of 35 deg to the axis of the cyclone. Best 
operation was with the discharge of the coal directed at a point 
just below the main combustion air port. Rotation of the pipe 
around the center line of the cyclone only a few degrees would 
cause formation of cinders, and with further rotation cinder for- 
mation became so severe as to prevent operation. Following 
success with the single inclined pipe, a similar arrangement using 
four pipes discharging at equal angles equally spaced around the 
axis was tried but completely filled the cyclone with coke in quite 
a short time. Attempts to obtain a workable distribution by al- 
teration of the direction of injection of the four pipes failed com- 
pletely and this system was abandoned. A coal entry in the 
shape of a crescent had similar results to the single 2-in. pipe. 

The satisfactory results of the single inclined-pipe entry may 
be explained by the completely unsymmetrical flow pattern of the 
air in the cyclone to which a symmetrical coal distribution is not 
suited. The air-flow pattern often seen in the frozen slag of the 
cyclone and also traced by carbon deposits following operation on 
oil, indicates that the main path of the air within the cyclone is of 
only */, of a revolution before passing through the throat. Also 
a back flow under the secondary port is indicated. The best 
direction for coal discharge is into this back flow by which it is 
distributed over the rest of the surface of the cyclone. With a 
symmetrical discharge of coal as given by the B & W type entries 
and the other arrangement, it does not seem possible to obtain as 
hot combustion on the end of the cyclone as with the unsymmet- 
rical discharge. It was observed that carry-over was at a mini- 
mum when combustion was against the end with fluid slag on all 
surfaces. However, it is expected that a proper throat will make 
the cyclone less critical in this respect. Fig. 10 shows the cyclone 
and inclined 2-in-pipe coal injector following a test. 

Mizing. It was intended to operate the furnace with all com- 
bustion taking place within the cyclone. The following zone 
called “hot zone” was to he a quiescent region in which residual 
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slag would be deposited in the corner formed by the first baffle 
and in which the slag drain would be located. Dilution air was 
introduced in the wakes formed by the baffles which were to pro- 
duce turbulence for mixing and also to shield the heater and tube 
plate from radiation from the hot parts of the furnace. 

As described later, the coal-feed rate frequently was unsteady 
resulting in operation with alternately more and less air than was 
desirable. As well as the effect of the unsteady coal-feed rate it 
was impossible to maintain the air and coal quantities in adequate 
adjustment during speed and load changes of the plant. Satis- 
factory operation of the furnace depended on precise control of 
the air-fuel ratio in the cyclone between chemically correct and 
20 per cent excess air. A greater excess of air reduced operating 
temperature in the cyclone, caused greatly increased carry-over 
and difficulties with slag drainage. With less air than the chemi- 
cally correct quantity the cyclone operated as a gas producer, 
discharging combustible gases into the mixing section. These 
gases burned in the dilution air, but as this was not introduced 
until after the baffles combustion was stil! proceeding up to the 
heat-exchanger tube plate with bad effects on fusion and deposi- 
tion of slag. 

Provided that all ash particles are below fusion temperature 
when they strike the tube plate no deposition should occur, but it 
was found during plant test that ash would still adhere to the 
tube plate at a gas temperature into the heater of 1650 F (900 C), 
using coal with an ash-softening temperature in excess of 1900 F. 
Fig. 11 shows a bad degree of slagging and a record of the local 
gas-temperature distribution, which indicates clearly the effects 
of gas temperature. The longer the residence time of the gases, 
and hence the ash particles, at the heater-inlet temperature be- 
fore actual entry to the heater, the closer the gas temperature 
may be allowed to approach ash-softening temperature without 
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ash deposition on the heater. Where a uniform velocity pre- 
vails through a space, the residence time of any molecule of gas is 
given by the volume of the space divided by the ra‘« of flow in 
units of volume per unit time. After the plant had been operated 
for some time it became very obvious that any calculations of 
residence time on this basis were completely incorrect because of 
the very high local velocities which were caused by the unsym- 
metrical flow around the baffles. Where the velocity is not uni- 
form the residence time of some of the gas may be of as short a 
duration as the length of the flow path divided by the average of 
the maximum velocities. Undoubtedly a large proportion of the 
gases and carry-over closely approached this minimum residence 
time in the cooler regions of the furnace and thus struck the tube 
plate in a sticky condition. Furthermore, the local gas velocities 
were high enough to sweep large lumps of plastic slag off the sur- 
faces of the furnace including the floor, carry them onto the tube 
plate where they would stick, the larger lumps closing off several 
tubes. Fig. 12 shows a case when plastic slag has been piled up 
by the gas velocity. : 

Slag Removal. Failuve of the slag-removal system stopped test- 
ing more than any other cause, 17 interruptions being experienced 
in spite of over 30 different designs of the slag drain. Some of 
these failures were due to faulty combustion which buried the 


1814 
| 
58 | 
57 
5! 
52a 
568 
52s 
56a 
53 


MORDELL, FOSTER-PEGG—TESTS OF AN EXPERIMENTAL COAL-BURNING TURBINE 


« 
o 


Fie. 12 Pirep-Up Stace 


drain hole in several inches of cinders when no drain could be ex- 
pected to operate satisfactorily, but most of the failures were 
caused by slag freezing in the drain hole. 

The drain was located in the hot zone of the mixing section in 
front of the first baffle. It was thought that in this position slag 
deposited on all surfaces would flow into the drain. The un- 
satisfactory performance of the drain hole in this position can be 
attributed to the following reasons: The region of the drain was 
cool compared to other parts of the furnace so that slag could be 
fluid in other hotter regions and flow to the drain which was not 
yet up to slag-fluid temperature. It would then freeze in and 
over the drain, thus partially insulating it from further heating. 
On no oceasion did the drain melt out after once being blocked 
with frozen slag without some assistance such as heating by 
supplementary external combustion. 

The refractory materials of the furnace were slowly fluxed by 
the slag, the resulting mixture of refractory and slag having a 
melting temperature intermediate between the two constituents. 
On many occasions fusion-temperature checks on the substance 
which had frozen in the slag drain gave fusion temperatures 
several hundred degrees higher than the fusion temperature of 
the coal slag, 2200 F, demonstrating that lumps of the mixture 
had entered the drain. 

It was found necessary to drop the slag direct from a lip at or 
near the level of the internal surface of the refractories straight 
into the water. If the slag was allowed to trickle down the walls 
of the drain it cooled slowly and formed icicles or failed to 
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granulate on quenching in the water. Many designs of drain 
initially operated weil, but after only a few hours running icicles 
accumulated until the drain was completely blocked. This wrs 
due to fluxing or melting of the material of the drain until the 
shape was changed. Of all the refractory materials tried, silicon 
carbide withstood the washing action of the slag longest, but even 
this material slowly vanished under operating conditions. A 
water-cooled carbon-steel design gave the best results but opera- 
tion was always delicate because if once a layer of slag froze on top 
of the drain hole it could not be melted out and could necessitate 
stoppage of the plant. 

The slag flowed into a water tank below the slag drain hole and, 
provided it dropped into the water in a fluid state, it granu- 
lated into pieces the largest of which was 0.250 in. This granulated 
slag was removed by hydraulic flushing with a system of jets 
through a water leg to seal against the internal pressure of the slag 
box. When troubles were experienced with this system, it was 
because of unsatisfactory performance of the drain and formation 
of icicles, which either blocked the outlet pipe or a screen in- 
tended to hold a few small pieces, or because of an excessive 
quantity of cinders entering the box and floating on the water 
surface, a result of poor combustion. The solution to these 
problems is sought in better drain design and combustion control. 

Operating Experience of Refractories. Loss of heat to the cooling 
water from the cyclone reduces the thermal efficiency of the 
plant. It is therefore desirable that the heat lost in this way shall 
be as small as possible. It is regarded as normal for the refractory 
lining of cyclones to be very thin, 0.1 to 0.250 in., and after 100 hr 
of operation to consist almost entirely of pure slag it having 
fluxed away the original lining, which is only applied to provide 
a surface ‘‘wettable”’ by the slag during the starting period. 
There seems to be no problem in obtaining this type of lining, 
both plastic chrome ore and plastic alumina giving good results. 
If a material could be found which wou] operate at a greater 
thickness then the heat lost to cooling water could be reduced, 
but no such material has vet been forthcoming. 

The products of combustion were discharged from the cyclone 
at temperatures frequently in excess of 3000 F and the inside sur- 
faces of the hot zone reached this figure as measured by optical 
pyrometer. No material was found which would completely 
withstand the conditions of the high temperatures and slag attack 
though silicon carbide was better than the other materials. Some 
spalling occurred usually at the maximum penetration of the slag 
into the brick. No difficulty was experienced with refractories 
wherever the slag was frozen. The method of cooling the refrac- 
tories by the air entering the furnace was very successful, and a 
temperature gradient from 3000 to 1200 F was maintained across 
4'/, in. of brick without penalty of a high heat loss. 

Coal-Feed System. A system of pneumatic injection was used 
for most of the operation of the plant in which the energy of a 
stream of air at approximately compressor delivery pressure was 
used to inject the coal against the pressure in the furnace. At 
first a vibrating feeder was used to meter the coal and the injector 
was only called upon to overcome the furnace back pressure. 
However, the particular feeder was not found satisfactory and 
rig tests showed that the pneumatic injector could combine both 
operations at least as well as the dual system by control of the 
forcing air pressure. The feeder was discarded und both opera- 
tions performed by the pneumatic injector for al! running, from 
30 to 290 hr. This system was chosen because of its simplicity 
and its expected suitability for the plant. 

Preliminary small-scale rig tests gave promising results and 
some good engine runs were made. However, resvlts were never 
completely satisfactory and operation of the plant was usually 
adversely affected by unsteadiness of the feed rate and the power 
at which the plant could be operated was often limited by the 
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maximum rate which could be squeezed out of the system. After 
about 150-hr operation the coal-storage hopper was arranged for 
pressurizing to reduce the pressure difference across the injector. 
However, steadiness was not improved and it became important 
that hopper pressure be not allowed to exceed furnace pressure, 
or excess quantities of coal would flow into the furnace, as could 
happen if the plant slowed down. Rig tests and a few test runs 
of the plant showed that the system was capable of operating well 
under ideal conditions of dry loose coal. Experience obtained 
during the rest, of the time showed that the system was also 
susceptible to variations in moisture content, degree of aeration 
of the coal, and was too sensitive to back pressure. Several 
attempts were made in between engine tests to carry out full- 
scale rig tests of the system but no really satisfactory method of 
simulating engine operating conditions was found or of assessing 
the steadiness of the feed rate from the rig test. 

Toward the end of the series of tests various factors con- 
tributed to an increase of furnace pressure. These were plugging 
of heater tubes, reduction in by-pass flow to reduce gas tempera- 
ture into the heater, addition of a throat in the furnace, and fouling 
of the heater resulting from slag carry-over. As a result of these 
factors the furnace pressure against which the coal had to be in- 
jected was considerably increased and the system became more 
and more unreliable. The decision was therefore taken to aban- 
don the pneumatic system and to develop a screw feeder and the 
last 20-hr operation of the plant was with this system. During 
this short period it was not possible to evolve a completely satis- 
factory system or furnace entry to go with it but some very 
steady operation was achieved which holds promise for the 
future. 

Thermodynamic Performance. The exhaust-heated machine 
differs essentially from the conventional simple cycle in that the 
heat is supplied indirectly. In analyzing it, therefore, it is con- 
venient to make a division of efficiency by defining two terms as 
follows. 

Actual Cycle Efficiency. This is the thermal efficiency of the gas- 
turbine set, reckoned as the work output divided by the heat 
actually supplied in the heat exchanger. It includes all losses in 
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the turbine set, and the effects of the heat-exchanger pressure loss 
and, in fact, corresponds to the over-all thermal efficiency of a con- 
ventional set divided by its combustion efficiency. Fig. 13 
shows typical results for the actual cycle efficiency. 

Heating Ratio. This is defined as the heat actually supplied to 
the compressed air in the heat exchanger divided by the heat input 
to the furnace. It should be noted that this can be more than one 
depending upon the amount of surface of the heat exchanger. 
To have a maximum value of unity it should be defined as heat 
input to compressed air divided by the heat supplied in the coal 
plus the excess in sensible heat of the air entering the furnace 
over that finally leaving the heat exchanger. In the split cycle 
used, this excess is designed to be zero. Clearly in the present 
tests it is the heating ratio which interests us. The factors which 
reduce it are as follows: 


(a) Unburned combustible in gas or ash. 

(6) Furnace cooling-water losses. 

(c) Tube-plate cooling-water losses. 

(d) Heat losses by radiation and convection from the heat 
surfaces. 


Table 2 shows a typical heat balance. 


TABLE 2 TYPICAL HEAT BALANCE FOR HEATING SYSTEM 


Heat supply in fuel 
Furnace losses: 
(a) Unburned combustible and heat in slag.................. 
c) Heat loss from casings 
Total furnace losses 
Hot heat exchanger: 
(a) Tube-plate cooling loss 
6b) Heat loss from casings... . 
d heat exchanger: 
(a) Heat loss from casings 
Manifold and ductings 


Discuss10N AND APPLICATION 


In this section the lessons so far learned from operation are dis- 
cussed in terms cf their application to the design of useful power 
plants, and more specifically in the modifications now being in- 
corporated in the experimental plant before starting the next test 
series. 

Thermodynamic Cycle. The simplest exhaust-heated cycle uses 
a single heat exchanger to transfer the heat to the compressed air. 
Assuming a given gas-turbine performance and turbine-inlet 
temperature, the variable factors are three in number. 

(a) The pressure losses imposed by the furnace and heat ex- 
changer. A high value diminishes both power and thermal ef- 
ficiency, but reduces the cost. of the heat exchanger. 

(b) The surface area of the exchanger. Increase of area does 
not affect power, but improves the thermal efficiency at the ex- 
pense of first cost. Decrease, on the other hand, not only cuts the 
efficiency and cost, but forces an increase of exchanger gas-inlet 
temperature. There is thus a limit on the reduction possible 
caused by (1) the increasing tube temperature, and (2) the neces- 
sity of insuring that the gas-inlet temperature is safely below the 
ash-freezing temperature, if heat-exchanger slagging is to be 
avoided. 

(c) Heat losses from the system, which simply reduce the ther- 
mal efficiency and can always be reduced at the expense of insula- 
tion. 

The first and last of these three factors are easily settled. It 
is found that as the pressure loss is increased, although the heat- 
exchanger cost comes down, so does the power output and effi- 
ciency, so that for any required utilization and fuel cost, the op- 
timum pressure loss to be used can be determined quickly. Even 
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more simple is the determina.ion of the amount of insulation to 
use. However, in the choice of the surface area, there are some 
factors which cannot easily be embraced in a formula. 

These are the effects of high-exchanger inlet temperature in 
terms of slagging, tube strength, ducting heat losses, and furnace 
cooling. With the simple cycle as soon as the inlet temperature is 
chosen, the thermal efficiency is fixed. At the time of the original 
design it was desired to use a temperature as high as could be 
contemplated in terms of the factors listed, and at the same time 
obtain a higher value of the thermal efficiency than the simple 
cycle would have given. To achieve this it is necessary to split 
the heat-exchanger surface. Some of the excess air normally used 
to cool the furnace gases is not mixed in until after a first pass of 
the heating surface. The effect can be shown by quoting results 
of a particular analysis. 


‘SPLIT CYCLE 


HEAT EXCHANGER 
SURFACE FACTOR 
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THERMAL EFFICIENCY—% 


ro) 


Fie. 14 Revation Between Excuancer Surrace AREA AND 
Erriciency, Comparison OF anp Spurr Crcies 


Fig. 14 shows a plot of heat-exchanger surface area ratio against 
over-all thermai efficiency from a study of a particular gas tur- 
bine, allowing a constant total pressure loss, and varying only the 
heat-exchanger surface. 

For the simple cycle, the value of 1.0 for heater area corresponds 
to a temperature at heater entry of 1800 F. As the efficiency and 
area are increased, this temperature comes down. For the split 
cycle, the heater-entry temperature is kept constant at 1800 F, 
but the proportion of air by-passed around the first heater unit is 
gradually increased. 

Hence the split cycle will always require appreciably less heat- 
transfer surface for the same thermal efficiency; and it was for 
this reason that the experimental engine was designed to work 
with two heat exchangers. Also for obvious reasons it was first 
desirable to try and operate at the highest temperature which 
could be contemplated. Experience suggests however that the 
less tangible factors mentioned earlier, together with the fact that 
it is always cheaper to put extra surface into one heat exchanger 
than to put the same surface into an additional unit (especially if 
the use of an air tube heater can be considered), lessen the ad- 
vantages of the split cycle. The present plant is being modified 
to run a series of tests with the simple cycle, so that a direct com- 
parison can be made, to facilitate future judgment. 

Heater. The present tests have shown quite clearly that the 
dry fouling of heat-exchanger surface is not nearly as critical as 
was feared, and it is in fact possible to use an air-tube heater with 
considerable savings in size and cost, and the elimination of the 
cooled hot-end tube sheet, with its far from negligible heat loss. 
At the same time the use of an air-tube heater, rather than a gas- 
tube type, permits much better control of tube temperature and 
eliminates the possibility of developing reducing conditions over 
any appreciable fraction of the tube area. It appears that, in the 
absence of gross reducing conditions, high-temperature sulphur 
attack is likely only if unburned or partially burned coal is burned 
out while actually in contact with the metal. Clearly the fur- 
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nace must be designed to prevent carry-over of unburned ma- 
terial as far as possible, but it cannot be expected that none will 
ever come. Experience shows that, provided care is taken to 
avoid dead pockets, the gas velocity will sweep any such un- 
burned matter along with it, and not permit it to remain in con- 
tact with the tube wall for any length of time. Finally, rig tests 
also show that the straight chromium steels of the 440 series 
possess much better resistance to this form of attack than the 
Nimonic which was chosen in the first place by reasons of ready 
availability. The experimental heat exchanger is having six 
tubes of each of twelve different alloys fitted to gain first-hand 
experience on this problem. 

It is concluded that for a future design an air-tube heater will 
be smaller and cheaper than the gas-tube type, have a better 
thermal performance, as there will be no need of tube-plate cool- 
ing, and should give much greater freedom from corrosion 
troubles, 

It is not practical to rebuild our present heater as an air-tube 
type, but it is being rebuilt as a straight counterflow gas-tube type 
to confirm the opinion expressed about the effect of the 
parasitic losses of the combined parallel-counterflow type. Rig 
tests of a small-scale tube matrix have been employed to develop 
a baffle system which, as far as possible, will give a uniform air 
distribution at the hotend. At the same time the shell-cooling ar- 
rangements have been altered to save a little on shell-cooling 
losses, and the front tube-plate cooling-air circuit rearranged to 
insure that the necessary cooling air does not dilute the hot air, 
but that it is mixed into the main stream at the cold end 
of the heater. 

Furnace. The furnace, and especially the mixing section, are 
being modified extensively. An arrangement of the new design 
is shown in Fig. 15. 

The cyclone itself is being rebuilt to provide a continuous re- 
entrant throat, and a slag drain direct from the combustion sec- 
tion. The coal entries which have given the best results will be 
used and with the improvement from the full throat and the 
steadier coal feed are expected to be satisfactory. 

The mixing section is as large as can be reasonably accommo- 
dated in the present plant. The dilution air is introduced through 
jets into the hot gases discharging from the cyclone throat. Oxy- 
gen will be available to complete combustion of any combustible 
gases being discharged from the cyclone at the earliest moment 
and the residence time of gases and carried-over particles after 
injection of the dilution air and before reaching the heater will be 
the longest possibie. The large volume and cross-sectional area 
of the mixing zone and the symmetrical] gas flow should insure a 
uniform low velocity of the gases and the lowest quantity of air- 
borne slag particles. 

The early injection of the dilution air eliminates all other than 
water-cooled surface from contact of the hottest gases and per- 
mits use of cheaper refractory materials with prospects of long 
life. Passage- ‘~r cooling air are provided in the refractory ma- 
terials which jermit the use of a carbon-steel pressure casing. 
Hot products of combustion are separated from all joints, glands, 
and other potential sources of leaks by cooling-furnace-inlet air. 
Thus any small leak will be of this cooler air and not of the hot 
gases which would cause overheating and rapid extension of the 
leak. There is a pressure gradient from outside to inside of all 
refractory materials so that any leakage through cracks or fissures 
will be of cool air inward rather than hot gases outward. 

The design relies upon adequate separation and removal of the 
slag in the cyclone but the large cross-sectional area of the mixing 
section should permit deposition of some slag without deteriora- 
tion of performance. Experience suggests that any slag deposited 
on the refractories in this cooler region will be easy to remove at 
intervals which it is hoped will be of at least 200 hr. The general 
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simplicity of the furnace and connecting duct work should re- 
duce maintenance, leakage, and heat losses. 

The slag drain in the new furnace is in the cylinder of the cy- 
clone section. It is expected that the temperature level in the 
mixing section will not fuse the slag. which will be of a sintered 
nature and easy to remove. The provision of the drain in the 
cyclone eliminates the usual channel for slag through the outlet 
throat of the cyclone and through which considerable carry-over 
must pass. 

The section of the cyclone wall around the slag-drain hole will 
not be water-cooled. The region of the drain hole will thus be 
the least-cooled section of the cyclone and, as such, the slag on or 
in it should melt first and freeze last during transient conditions. 
The low heat inertia of the system and the large motivating tem- 
perature differences should minimize icicle formation. Accessi- 
bility is good and there is great freedom for design changes that 
may be found necessary. The slag is continuously flushed 
onto a screen by a flow of water circulating between the screen 
and slag box. This part of the system has been rig-tested and 
found satisfactory. 

The redesign of the plant so that the whole mass flow passes 
through the furnace and gas side of the heater has increased the 
pressure in the furnace. The estimated maximum rate of coal 
consumption has also gone up from 0.3 to 0.5 Ib/see (1080 to 1800 
lb/hr). It was decided that a new coal feed using a screw feeder 
would be designed and extensively rig-tested while the rest of the 
plant was being rebuilt. At the time of writing these tests are pro- 
ceeding and results are encouraging. It is believed that the re- 
built cyclone furnace and mixing section will give a vastly im- 
proved performance and lead to a design which would be quite 
practical for some applications. 


CoNcLUSIONS 


It is perhaps a little early to make definite conclusions but this 
first test series has firmly established that the exhaust-heated 
cycle is a perfectly feasible mode of operation for a coal-burning 
gas turbine. It has furthermore been demonstrated that it is a 
particularly rugged machine, capable of operating under condi- 
tions of considerable maladjustment and deterioration of com- 
ponents. 

Before it could be claimed to be practical, in a commercial sense, 
as distinct from technically practicable, it remains to be shown 
that the problems encountered can be resolved, and that the 
heater is not too expensive. As a result of the work already done, 
no fear is held that the difficulties cannot be solved, and it is 
hoped that the next test series, commenced January 8, 1956, will 
show a large step forward and at the cad of which manufacture of 
an industrial plant giving every hope of successful commercial 
performance could be considered. It must be remembered that, 
as pointed out in the Introduction, our problems are essentially 
those which the boilermakers have already solved. As to the 
cost factor, our studies show that the heater cost is far from pro- 
hibitive in applications requiring relatively smal! powers, i.e., 
less than, say, 5000-7500 kw. 
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Discussion 


A. J. Bacumerer.* The role of the gas turbine in the field of 
industrial power development has frequently been described in 
rather optimistic terms. The alleged characteristics of the ma- 
chine which have contributed most to this optimism are its basic 
simplicity, low c»;ital cost per unit power, and its ability to make 
use of residus! and even solid fuels, and the extent to which these 
characteristics do not manifest themselves in existing turbine in- 
stallations may be taken as a measure of the degree of development 
yet required. 

The work the authors have described here is valuable as a 
piece of research intended to establish whether in principle an 
exhaust-heated cycle is practical and, as such, complements work 
carried out in the United States and in Britain. Furthermore, the 
scale of the work is large enough to allow component design 
studies to be made without too much danger of being invalidated 
by scaling factors. 

The authors state that their attack on the general problem was 
to substitute a problem different in degree only from the ones 
solved in standard boiler practice for the ones plaguing researchers 
working on a similar program in the United States. When one 
considers that all the energy entering into the cycle must pass 
through the heat exchanger, and that in relation to steam boilers 
which have the same function the over-all conditions for heat 
transfer are not nearly so favorable, the problem still looks fear- 
some enough. Now that they have gone through the first set of 
tests do the authors believe the heat-exchanger costs for a plant of 
this type will be lower than for a steam plant of comparable 
rating? 

The writer is most emphatically in agreement with the opinion 
expressed by the authors concerning the desirability of a unit 
which shows gradual] deterioration in performance such as they 
have on occasion experienced, rather than sudden forced shut- 
downs. It is not clear, however, how one explains the lack of sensi- 
tivity ef the cycle to poor combustion and, in particular, to a re- 
duction in heat-transfer surface unless the remaining com- 
ponents are forced to work at a higher temperature stress as well as 
at a higher pressure loss. If this is so, the apparent reliability of 
plant operation should not really be taken advantage of except 
for very short periods. 

The response time of 15 sec from zero to full load is somewhat 
surprising for a plant with such a large total heat capacity and 
should be adequate for most applications, provided the means for 
power shutoff in emergencies are maintained as at present for 
fast shutdowr . However, the time for start-up from the cold 
condition seems long, especially for locomotive application. Do 
the authors visualize reducing this period and if so, how? 

In the discussion on the thermodynamic cycle, the authors men- 
tion the two-exchanger design in relation to the cycle efficiency. 
It should be pointed out that this increase in exchanger capacity 
is the result of increased temperature differential and therefore 
increased thermal stresses. There is probably some effect on the 
rate of chemical attack as well, though this does noi necessarily 
increase. Inthe same discussion it is concluded that in a futtre de- 
sign of the air heater, air-tube construction would be used. While 
the reasons for going to this construction are set forth, the main 
reasons for going originally to the gas-tube t-- fieeially the 
need for cleaning the gas side, does not ser ive Ren pro- 
vided for. Do the authors feel present expe warrants this? 

With the present experience do the auth. . deem it possible to 
install sufficient heat-exchanger area within the space of present 
locomotive design to give, say, between 2000 and 3000 hp? 


*Gas Dynamics, Division of Mechanical Engineering, National 
Research Council, Ottawa, Can. 
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R. M. Harpe@rove.’? The authors have very kindly admitted 
that the cyclone furnace was not given the best possible chance 
for success and should not be judged by the difficulties they ex- 
perienced with it. 

Some years ago Mr. Hudson of the Fuels Research Labora- 
tory of the Mines Department, discussed with us the use of cy- 
clones as a gas-turbine combustor and we did give him a sketch 
of suggested proportions. Since that time we have had little or 
no contact with this work, so it is not surprising that difficulties 
were encountered as the experience and knowledge gained during 
the development of the cyclone furnace were not utilized. We 
will be interested in the future success of the rebuilt cyclone. 

This cyclone being only 2 ft diam is quite small and the handling 
of molten slag on these very small units is difficult. As the size 
of units is increased, the difficulties decrease and on cyclones 
used on power boilers the handling of the slag is no problem. On 
locomotives, the space is limited, load fluctuates widely, and the 
operation must be entirely automatic, as the firemen and engineer 
can give no time whatever to the equipment, and ash and slag 
removal must be absolutely trouble-free. The cyclone is also very 
close to the heat exchanger and the possibility of sticky slag 
carry-over is greater than with combustors that operate on dry- 
ash removal. In the larger sizes, the cyclone furnace does possess 
advantages such as compact size and a shape that is suitable for 
pressure operation. It also has small ash carry-over and it would 
seem that the cyclone furnace is well adapted to pressurized com- 
bustors for stationary installations. 

Heat exchangers can be made in such a variety of designs that 
studies to optimize the design for lowest cost, weight, pressure 
drop, etc., can be very rewarding. With clean gases which permit 
the use of small tubes on close spaces, exchangers can be built 
that are of such a size that they can be installed on a locomotive. 
The authors’ suggestions for future heat exchangers are in the 
right direction. 


J. I. Ye.uorr.s The authors are to be commended for their 
ingenious and persistent attack upon the problem of using coal 
as gas-turbine fuel. Their work has been followed with particu- 
lar interest by those of us who have been engaged in the parallel 
problem of developing the direct-fired coal-burning turbine. The 
Locomotive Development Committee has consistently followed 
the policy of aiding all efforts to use coal as gas-turbine fuel, and 
it is gratifying to learn of the progress which is being made at 
McGill. 

In their introduction, the authors define The Main Problem 
as the designing of a suitable furnace and heater in which the heat 
liberated by burnin: coal at atmospheric pressure can be trans- 
ferred to compressed air at 60 to 90 psia and thereby heat that air 
to temperatures as high as 1350 F. 

Actually, the main problem turns out to be that of preventing 
the undesirable constituents of the coal from impairing the 
operation of the air heater, either temporarily, as by plugging the 
tubes by ash, or permanently, as by sulphur attack upon the tube 
materials. 

The authors’ selection of the cyclone furnace was logical in 
view of the success enjoyed by this method of coal burning in 
many large utility and industrial applications. The major dif- 
ference between the McGill installation and conventional cyclone 
furnaces for steam generators lies in the distance which the com- 
bustion products must travel before they reach small openings 
where the ash can cause trouble. 


7 Research Consultant, Research Center, The Babecgck & Wilcox 
Company, Alliance, Ohio. Fellow ASME. 

8 Director of Research, Locomotive Development Committee, 
Bituminous Coal Research, Inc., American Locomotive Company, 
Dunkirk, N. Y. Mem. ASME. 


TRANSACTIONS OF THE ASME 


NOVEMBER, 1956 


The writer and his colleagues have found that time must be 
given for suspended ash particles to freeze before they have an 
opportunity to hit a surface. In the direct-fired system, the sur- 
face first encountered by the ash is the screen which protects the 
fly-ash separator. Ash coating of this screen, or of the walls of 
the separator inlet, is annoying but not too serious. Ash coating 
of the air-heater inlet and tubes, on the other hand, causes reduc- 
tion in the heat-transfer rate and gives rise to the possibility of 
the corrosion of the heater tubes. 

The use of a simple stoker might greatly simplify both of the 
major problems of the exhaust-heated cycle. The probability 
of carrying sticky ash over into the air-heater tubes would also be 
greatly reduced by air-cooling the furnace walls, thus giving the 
ash particles a relatively cool surface to which heat could be 
radiated. Some type of ash separator should be considered, how- 
ever, in order to keep the ash emission below the levels prescribed 
by air-pollution ordinances. 

The authors mention that severe corrosion of their Nimonic air- 
heater tubes has taken place. This is probably due to the fact 
that sulphur-bearing ash has been deposited in hot zones where 
localized reducing conditions exist. Despite the large amount of 
total excess air, the solid layer adhering to the tube surfaces may 
well exist with a deficiency of oxygen, and sulphur attack on the 
nickel-bearing tube alloy is then inevitable. 

The authors have given a good account of their operating ex- 
periences; their frank discussion of their troubles as wei! as their 
successes is particularly commendable, because progress can only 
be made by recognizing and then overcoming the difficulties which 
attend every significant development. 

As a final comment on the paper itself, the analysis of the coals 
used in the test program should be given with their ash charac- 
teristics. 

Autuors’ CLosURE 


In answer to Mr. Bachmeier, the question of heat-exchanger 
costs have been gone into quite thoroughly and possible power 
plants investigated. For stationary applications a maximum tur- 
bine inlet temperature of 1250 F is used and air inlet temperature 
of 75 F. Component efficiencies and leakage allowances corre- 
sponding to the guaranteed performance of continental turbine 
builders and heat losses based on our test results have been used. 
For a typical case, 5000 kw, the following results are representa- 
tive: 


Over-all thermal efficiency 27.5 24 21 19 17 
to generator shaft 
Heat-exchanger surface 

area/kw 


16.8 10.2 5.9 3.8 3.0 


Clearly, the highest thermal efficiencies will be economically justi- 
fied only in special cases. At about 20 per cent, however, which 
is unlikely to be exceeded by a steam plant of 5000 kw capacity, 
the total installed cost will be in the region $160—180/kw, or less 
if we can show that ferritic tubing can withstand the sulphur at- 
tack. This figure is comparable with the steam-plant cost in that 
size, and the gas-turbine unit will require less attention and main- 
tenance and virtually no water, so that we believe it can be justi- 
fied. In larger sizes the steam costs are much more favorable and 
the efficiency is higher, so that it becomes necessary to use the ex- 
haust of the gas turbine as the combustion air for a steam plant. 
The combined plant then shows a significant reduction in fuel 
costs. It is agreed that maintaining power in spite of poor com- 
bustion or heater fouling demands increased temperature stress, 
but it was pointed out that we regarded it as better to keep run- 
ning, even at reduced power, rather than stopping altogether. 
Clearly, the power must be reduced to keep the same maximum 
temperature at the heater inlet. Provided this is done, there is no 
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question of operation under these conditions being time-limited. 

At present it is not believed that really rapid starts from cold 
car: be achieved. The necessity of avoiding severe transient ther- 
mal stresses in the heater and furnace is paramount. 

The reasons for the air tube heater have been well established 
in design analysis, and the problems of dry fouling do not appear 
to be serious. We have ourselves experienced no trouble from 
this source, and other workers with coal-burning turbines with 
recuperative heat exchangers report little deterioration due to 
deposition, and, of course, this problem is overcome in most boilers 
by soot blowing. With the air tube heater we have projected the 
design of a locomotive of over-all length 67 feet, 2500 bhp at in- 
put to the generator, thermal efficiency 18 per cent, and contain- 
ing fuel for ten hours’ operation. 

Mr. Hardgrove’s comments are welcomed. As this closure is 
written some time after the paper was written and we have now 
had the opportunity of having several hundreds of hours of opera- 
tion on the modified cyclone shown in Fig. 15, we can now state 
that exceptionally good performance with much improved slag 
removal and reduced carry-over has now been obtained. We 
are grateful to Mr. Hardgrove for his confirmation of our think- 
ing in heat-exchanger design. 
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Throughout our work we have enjoyed the continual help and 
support of Mr. Yellott. His present suggestions, as usual, are 
pertinent and welcome. In the latest series of tests a simple wire- 
mesh screen placed some four feet ahead of the inlet to the heater 
has been able to intercept a large part of carried-over slag. From 
the screen it can easily be shed by an occasional spraying with 
water, which cracks it off. In the rebuilt furnace, as shown in 
Fig. 15, the furnace walls are cooled by the coldest air we can 
use, and this is one of the factors which have reduced the slag 
deposition rate to much less serious proportions. 

We do not consider any ash separator necessary, however, be- 
cause the slag drain accounts for about 90 per cent of the ash in 
the coal fired and the exhaust is clean and usually invisible. 

The detailed coal analysis was not presented as it was given in 
footnote 5. A typical approximate analysis is 38 per cent volatile, 
7 per cent ash, 55 per cent volatile. The calorific value is 14,000 
Btu/lb. The initial softening temperature of the ash is 1900 F, 
and the ash is about 36 per cent SiO., 17 per cent Al,O;, and 36 
per cent Fe,0;. Sodium and potassium account for about 3 per 
cent, and in the coal as fired, the sulphur can be as high as 3.25 
percent. 
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Laminar-Free-Convection Heat Transfer 
From the Outer Surface of a Vertical 
Circular Cylinder 


By E. M. SPARROW! anv J. L. GREGG,' CLEVELAND, OHIO 


A solution of the laminar boundary-layur equations has 
be2n obtained for free convection from the outer surface of 
a vertical cylinder. The temperature of the cylinder sur- 
face was taken to be uniform. Heat-transfer results have 
been found for Prandt] numbers of 0.72 and 1 (i.e., for 
gases) and are presented on graphs. The Nusselt numbers 
for the cylinder were higher than those for the flat plate. 
Also, the deviation of the cylinder Nusselt numbers from 
those for the flat plate was greater for Prandt] number of 
0.72 than for Prandtl number of 1. A quantitative cri- 
terion was established for determining the conditions 
under which the heat transfer from a cylinder could be 
calculated with sufficient accuracy using the flat-plate 
results. An analysis based on replacing the free-convec- 
tion problem by a problem in pure cor duction through a 
fictitious layer of stagnant fluid gave good agreement with 
the boundary-layer solution. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


A = area of surface through which heat transfer is 
taking place, sq ft 
b = thickness of a fictitious layer of stagnant fluid, ft 
C, = constant appearing in definition of 7 
C: constant appearing in definition of & 
C; constant appearing in the definition of f 
. specific heat at constant pressure, Btu/Ib deg F 
f = dimensionless dependent variable, Cy/z'/ 
ey ae coefficients in expansion of f in terms of £, dimen- 
sionless 
Gr, = Grashof number based on z, 
mensionless 
acceleration of gravity, ft/sec? 


loca] coefficient of heat transfer, Btu/hr sq ft deg 
F 


gB(t,, — )z* di 


1 National Advisory Committee for Aeronautics. 

Contributed by the Heat Transfer Division and presented at the 
Diamond Jubilee Annual Meetiag, Chicago, Ill., November 13-18, 
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Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 


of the Society. Manuscript received at ASME Headquarters, June 


20, 1955. Paper No, 55—A-25. 


91, 


1823 


average coefficient of heat transfer, Btu/hr sq ft 
deg F 
thermal conductivity, Btu/hr ft deg F 


local Nusselt number based on z, , dimension- 


less 


average Nusselt number based on z, a dimen- 


sionless 

Prandtl number, a = =, dimensionless 

total rate of heat transfer from surface from z = 0 
to Btu/hr 

heat-transfer rate per unit area, Btu/hr sq ft 

co-ordinate measuring radial distance from cylin- 
der axis, ft 

radius of cylinder, ft 

static temperature, deg F 

wall temperature, deg F 

ambient temperature, deg F 

velocity component in z-direction, fps 

velocity component in r-direction, fps 

co-ordinate measuring longitudinal distance along 
cylinder or plate from leading edge, ft 


thermal diffusivity, =: sq ft/sec 


coefficient of thermal (deg F)-! 
thermal boundary-layer thickness for a flat 
plate, ft 
dimensionless independent variable, ee 
coefficients in series expansion of 8 in terms of £, 
dimensionless 


dimensionless dependent variable, 


_ proportionality constant (in Equation [25]) 


which increases with decreasing Pr, dimension- 
less 
absolute viscosity, Ib/sec-ft 
kinematic viscosity, sq ft/sec 
dimensionless independent variable, 
density, pef 
abbreviation for dimensionless factor 


stream function, cu ft/sec 


flat plate 
cylinder 


i= 
k= 
= 
Pr = 
Q= 
I= 
F 
us 
| 
z= 
. 7 = 
- 
= 
ye 
= 
0 
Subscripts 
fp = 
oi 


TRANSACTIONS OF THE ASME 


INTRODUCTION 


There has been relatively little study of laminar free-convection 
heat transfer from the outer surface of a vertical cylinder. Elen- 
baas (1)? deduced an expression for the average Nusselt number 
using Langmuir’s idea (2) that the free-convection heat-transfer 
problem might be replaced by a heat-conduction problem in an 
annulus of stagnant fluid surrounding the cylinder. Free-convec- 
tion heat-transfer experiments have been carried out by Carne 
(3) on vertical cylinders of various diameters and lengths. 

In the present investigation, a solution for the free-convection 
heat transfer from the outer surface of a vertical cylinder will be 
obtained from the differential equations of the laminar boundary 
layer. Numerical results are given for Prandtl numbers of 0.72 
and 1, that is, for gases. In addition, an analysis based on pure 
conduction through an equivalent stagnant layer of fluid will be 
made which differs somewhat from that of Elenbaas. The sur- 
face temperature of the cylinder will be taken to be uniform. 

A priori, it may be expected that when the thermal boundary 
layer is sufficiently thin, so that the radial co-ordinate of any point 
in the boundary layer is not appreciably different from the radius 
of the cylinder, the heat-transfer results for the cylinder should be 
close to those for the flat plate. As the boundary-layer thickness 
increases relative to the cylinder radius, it is expected that the 
cylinder results would depart more and more from those of the 
flat plate. (An analogous situation occurs in pure conduction, 
where the heat-transfer results for a thin annulus are very close 
to those of a plane slab. As the thickness of the annulus increases 
relative to the inner radius, the results for the annulus depart 
more and more from those of the slab.) AS. 


field 


=| te 


% 


Fie. 1 Psystcat Mopet anp Co-Oxpinate System 


ty < te 


ANALYsIS 


General Considerations. The physical model and the co- 
ordinate system are shown in an elevation view in Fig. 1. Two 
physical situations which come within the scope of the analysis 
are pictured. 

The left-hand sketch depicts the case where the wall tempera- 
ture ¢,, exceeds the ambient temperature ¢,,.. The fluid in the 
neighborhood of the wall bas a higher temperature and lower 
density* than the fluid far from the wall. There will thus be 
established, due to buoyancy, an upward flow of fluid in the 
neighborhood of the wall. The region where the upward flow pri- 
marily occurs is called the velocity boundary layer. The thermal 
boundary layer is defined as that region of space where the tem- 
perature ¢ deviates markedly from the ambient temperature ¢.,. 
In general, the velocity and thermal boundary layers have dif- 


2? Numbers in parentheses refer to Bibliography at end of paper. 
3 These remarks apply to ordinary fluids which have decreasing 
density with increasing temperature. 
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ferent thickness, the relative magnitude depending upon the fluid 
properties. Both boundary layers will be assumed to have zero 
thickness at the leading edge (x = 0). The velocity boundary 
layer is shown schematically in Fig. 1. 

The right-hand sketch shows the situation where the wall tem- 
perature is lower than the ambient temperature. The flow of 
fluid in the boundary layer is downward as shown. 

If the co-ordinates are taken as shown, the distinction between 
the two problems vanishes when the differential equations ex- 
pressing conservation of mass, momentum, and energy are made 
dimensionless; and there will be no need to treat them sepa- 
rately. So the analysis will be carried forward for the case of 
t,, > t..; but it is to be remembered that the results apply to both 
situations depicted in Fig. 1. 

Mathematical Formulation. The equations expressing conserva- 
tion of mass, momentum, and energy for laminar free convection 
in a boundary layer on a vertical cylinder are 


ou Ou 
us tes = —t.) 


In accord with the usual practice in free convection, the density 
has been considered a variable only in formulating the buoyancy 
term g8(t —t,,). All other fluid properties are taken to be con- 
stant. Viscous dissipation and work against the gravity field 
have been neglected. 

The solution of Equation [1] can be written as usual in terms of 
a stream function 


Next, the partial differential Equations [2] and [3] are trans- 
formed from the (z, r) co-ordinate system to the (£, 7) system 
using the following substitutions 


‘—t, 
where the variables 7, &, f, and @ are all dimensionless and the 
constants C;, C2, and C;, which are made up of fluid properties and 
dimensions, are defined in the nomenclature. The equations re- 
sulting from the transformation are 
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Equations [2a] and [3a] constitute simultaneous equations for 
the functions f and @. The coupling of the equations arises be- 
cause the free-convection flow is initiated by density differences 
caused by temperature differences. 

The method‘ used for solving: Equations [2a] and [3a] for f and 
6 is to expand these functions in power series in terms of £, with 
coefficients which are functions of 7. The solution will be found 
when the coefficients are determined. The series expansions are 


S(E, 0) = BL foln) + Efia) + +. [9] 


OE, = O(n) + + +... .. [10] 


These series are introduced into Equations [2a] and [3a] and 
the terms are grouped according to the power of € which multiplies 
them. So 


+ 3Prfobo’] + & 
+ 3fafo” — + + }+. 


where the primes represent differentiation with respect to 7. 

In order that Equations [11] and [12] be satisfied for all values 
of &, it is necessary that each of the brackets be identically zero. 
In this way there is obtained a set of differential equations for 
calculating the various coefficients in the series expansions in 
Equations [9] and [10]. For example, when the first bracket in 
both Equations [11] and [12] is equated t« zero, there is obtained 
a pair of simultaneous ordinary differential equations for calculat- 
ing % and fo. The differential equations derived in this fashion 
from Equations [11] and [12] are given in Appendix A. 

The boundary conditions still remain to be specified. In terms 
of the variable f, the velocity components are 


on 
The boundary conditions u = 0,» = Oatr = roand u =Oatr = 
© give rise to the following conditions on f and its derivatives 


0) 


{2 


From the definition of 6, Equation [8], it follows that 
atn =0, O=1 


When the series expansions for f and @ are introduced into 
Equations [15a] and [15b], the boundary conditions for the fo, fi, 
fa, 9%, . . ., and their derivatives are found to be 


aty =0 fo’ =fi' =fe’... =O 


atn = 


&=1, 6 ==... 
fo =fi' =fr’... =0 

The primes indicate differentiation with respect to 7. 


‘ A similar approach has been used by Seban and Bond (4) to solve 
the forced-convection problem for the circular cylinder. 


= 0 . [16] 


at = 
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It is to be noted that 7 = © corresponds to z = 0 as well as to 
r= @, §o, the conditions ¢ = ¢,, and u = 0 are automatically 
imposed at = O(r > ro). 

The differential equations for fo and , Equations [29], and 
their boundary conditions are identical to those for a flat plate. 
Evidently, then, the succeeding @, and f, give the departures from 
the flat-plate solution which are due to the cylindrical geometry. 

A solution for (fo, 9), (fi, &), and (fe, 6) has been obtained by 
numerical integration of the differential Equations [29], [30], and 
[31] subject to the boundary conditions, Equations [16], using the 
IBM Card Programmed Calculator. Results have been obtained 
for Prandtl numbers of 0.72 and 1. Details of the calculation are 


given in Appendix A. 
Derivation or Heat-TRANSFER PARAMETERS 


Local Heat-Transfer Coefficient. The definition of the local 
heat-transfer coefficient is 


q k 


In terms of the dimensionless variables defined by Equations 
[5] and [8], the expression for h becomes 


on 


The local Nusselt number is obtained from the definition 


hz 06 
Nu, = — = — 


k 
on 
is written in terms of the series expansion for # given in Equation 
[10], and C, is evaluated from the symbol list, giving the result 


i= 


The derivative 


Nu, = — Gr,'/* + + +. ..]..[18a] 


where Gr, is the Grashof number based on z defined as 


Cr, = 


Equation [18a] may be rewritten in the form 


Nu, = — Gr,'/* &'(0) 
(0) 


+e? 


'(0) 


is the local Nusselt number for a flat plate. Introducing addi- 
tional subscripts to distinguish between the local Nusselt numbers 
for the cylinder (cyl) and the flat plate (fp), there is finally > 
tained 


6,'(0) 6,'(0) 
Faro) 
Equation [19] compares the local Nusselt number for the cylinder 
at a location z with that for a flat plate at the same z, under the 
condition that (t,, — ¢..) is the same for the flat plate and the 
cylinder. 


Nu,, cyl 


.. [19] 
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Cc, Of 
of 
| 
Of [150] 


1826 


The quantities )’(0), @2'(0), . . ., depend only on the 
Prandtl number. So, for a fixed Prandtl number, the ratio given 
by Equation [19] is a function only of the variable £. When the 
C2 appearing in Equation [6] defining & is evaluated from the 
nomenclature, it is found that 


Average Heat-Traasfer Coefficient. The average heat-transfer 
coefficient for a length of cylinder between z = 0 and zis 


z Zz 
A(t, te) to) x(ty te) 


The heat fluxq can be replaced by h(t, — t,,), and since (t,, —t,,) 
is uniform along the cylinder, Equation [21] becomes 


.. 


3 6,°(0) 


6,'(0) 
1+ 4 


6'(0) hag 
The factor 


Gr,'/* 


[-3 


is the average Nusselt number for a flat plate. Introducing ad- 

ditional subscripts to distinguish between the average Nusselt 

number for the cylinder and for the flat plate, there is finally ob- 

tained 

+3 9,’(0) 42'(0) 

Equation [23] compares the average Nusselt number for a 

cylinder for the length between x = 0 and z to that for a flat plate 

for the same length, under the condition that (¢,, —¢,, ) is the same 

for both the cylinder and flat plate. 


Nus, eyl 


Nue. fp 


AND Discussion 


Local Nusselt Number. The ratio of the local Nusselt number 
for the cylinder to that for the flat plate is determined as a func- 


tion of 
/2z 
(2) 
when the calculated values of 6:’(0), and 6,'(0) are intro- 
duced into Equation [19]. The results are plotted in Fig. 2 for 
Prandtl numbers of 0.72 and 1. 

Once the ratio of Nusselt numbers is obtained from the figure, 
Nu,, ey: can be calculated as soon as Nuz, tp is given. The results 
for Nu,, tp have been calculated by Ostrach (5) from an exact solu- 
tion of the boundary-layer differential equations for Prandtl num- 
bers from 0.01 to 1000. From reference (5), it is found that 


for Pr = 0.72 Nu,.t = 0.3568 Gr,'/ 
for Pr = 1 Nu,. t» = 0.4010 Gr,'/* 


Thejtwo trends immediately evident from Fig. 2 are: (a) That 
tae cylinder Nusselt number deviates more and more from the flat- 
plate Nusselt number as £ increases (at a fixed Pr); and (6) that 
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Fie. 2 Compartson or Locan Nusse.t Numser ror 
Wits Tuat ror Frat Pirate. Curves Are Given ror PRaNDTL 
Numbers oF 0.72 anp 1 


at a fixed £, there are greater deviations of Nuz, eyi from Nuzg, tp a8 
Prandtl number decreases. The trends become plausible as soon 
as the physical interpretation of the variable £ is considered. For 
the flat plate, the thickness A of the thermal boundary layer is 
given by 


\(Pr) is a number which increases with decreasing Prandtl num- 
ber. It then follows that 
AlAs 


To 


Gr,'/* To 


So £is proportional to A/ro. Fora fixed Prandtl number, when A 
is small compared with ro (small £), the cylinder results are close to 
those for the flat plate; and as A increases relative to r» (increas- 
ing £), the cylinder results deviate more and more from those of 
the flat plate. Ata fixed &, A/rp increases with decreasing Prandtl 
number, so the cylinder results depart more and more from those 
of the flat plate at a fixed and decreasing Prandtl] number. 

Average Nusselt Number. Ratios of the average Nusselt num- 
ber for the cylinder to that for the flat plate are calculated from 
Equation [23] and are plotted in Fig. 3 with 


2 
Gh =) 
as abscissa for Prandtl numbers of 0.72 and 1. Once the ratio of 
the Nusselt numbers is obtained from the figure, Nuz. ey: can be 


calculated as soon as Nuz. ¢p is given. From the solution of 
reference (5), it is found that 


for Pr = 0.72 Nuts. tp = 0.4757 Gr,'/* 
for Pr = 1 Nuz. tp = 0.5347 Gr,'/* 


The trends of the curves in Fig. 3 are the same as those noted for 
Fig.2. It may be noted that at a given £ and Pr, Nus. eyi/Nuz. tp 
is less than Nug, cyi/Nug, tp; or in other words, the cylindrical 
geometry has a lesser effect upon the average Nusselt’ number 
than on the local Nusselt number. This result is completely 
plausible, since the average Nusselt number integrates effects up- 
stream of the location z, where the boundary layer is thinner than 
at x. 


[27] 
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Comparison of Nu, Results With Those From an Analysis Based 
on Pure Conduction Through an Equivalent Stagnant Layer. 
Average Nusselt numbers have been deduced in reference (1) by 
replacing the free-convection heat-transfer problem by a heat- 
conduction problem in an equivalent annulus of stagnant fluid. 
An analysis based on this idea is also made in Appendix B. The 
basic difference between the analysis in the Appendix B and that 
of reference (1) is in the manner in which the thickness of the stag- 
nant layer is determined. Although the method of the Appendix is 
more straightforward than that of reference (1), it cannot be said 
a priori which method is better. 

In Fig. 4, average Nusselt numbers from the stagnant-film 
analysis are compared to those from the boundary-layer solution 
for a Prandtl number of 1. The same compariron is made in Fig. 5 
for Prandt! number of 9.72. The relatively good agreement of the 
results of the stagnant-film theory of Appendix B and those from 
the boundary-layer theory gives a measure of confidence for ex- 
tending the solution of the Appendix B to other Prandtl numbers 
for which the boundary-layer solution is not available. 

The analysis of the Appendix uses Equations [27] for Nuz. tp 
while reference (1) uses the expression 


Nuz. tp = 0.6(Pr Gr,)'’*.. . 


which is an average of experimental results. If Equations [27] 
had been used for Nug tp in the analysis of reference ‘1), the re- 
sults of that analysis would have differed from the boundary- 
layer solution even more then is shown in Figs. 4 and 5. 

Limitations on Results. Equations [19] and [23], which give 
the heat-transfer results, are truncations of infinite series. Of 
course, no positive statements about convergence can be made 
because the behavior of the neglected terms is unknown. For 
those terms which have been calculated, the coefficients of powers 
of & decrease as the power of £ increases; also there is a sign 
change in the coefficient of § and £%. Presuming these encourag- 
ing trends continue, convergence will be assured if — < 1. 

Assuming that convergence is achieved by taking £ < 1, there is 
still an error due to neglecting terms of the series. These trunca- 
tion errors will be largest for — near 1 and will decrease as £ de- 
creases. Assuming the series to be alternating with decreasing 
terms, it is found that for — near 1, the maximum possible error 
due to truncation for Pr = 1 will be about 3 per cent in Equa- 
tion [19] and about 2 per cent in Equation [23]. 
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Fic. 5 Comparison or Averact Nussett NumBer Resvutts From 
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The analysis has been made for laminar boundary-layer flow. 
Experiments on flat plates have shown that this model is good in 
the range 10¢ < Gr, < 10°. For the cylinder, in the absence of 
experimental data to define the range of validity of the laminar 
boundary-layer model, the limits 10‘ << Gr, < 10° will be imposed. 

ConcLupine Remarks 

For practical purposes, it is desirable to establish a criterion for 
distinguishing between those conditions under which the flat-plate 
results are sufficiently accurate for calculating the heat transfer 
from a cylinder, and those conditions under which the Nusselt 
number results derived for the cylinder must be used. At present, 
no quantitative criterion exists. If it is decided that flat-plate re- 
sults are sufficiently accurate if they give rise to errors of 5 per 
cent or less in calculating heat-transfer parameters for the cylin- 
der, then the flat-plate results may be used under the following 
conditions: 

For local Nusselt numbers 
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24 (2 < 
(=) 0.11 for Pr = 0.72 


(=) < 0.13 forPr=1 


Gr, 4 To 
For average Nusselt numbers 


3/2 
i (=) < 0.15 for Pr = 0.72 


\ 


< 
(=) S 0.17 orPr=1 

The use of flat-plate Nusselt numbers for computing the heat 
transfer from the cylinder will always give conservative results. 

The experiments of Carne (3) do not contain sufficient data in 
the laminar-flow region to allow a check against the results of the 
analysis given here. Hence there remains a need for a set of 
systematic experiments on laminar free convection on a vertical 
cylinder. 
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Appendix A 


DIFFERENTIAL EQUATIONS FOR (fo, 9%), (fi, 0:1), AND (fo, 02) AND 
THEIR SOLUTION 


By equating to zero the various brackets in Equations [11] and 
[12], the following differentia] equations are obtained: 
For fo and % 


6)” + 3Pr fobo’ = 0 
+ 3fofo” — 2(fo')? + = 0 


For f; and 0, 


8,” + Oo’ + 60” — Pr( — 4f:00' — = 0 
fil”! + fo” + nfo!’ — + Afo’fi + 3fi'fo + 6, = 0 


For fz and 4, 


+ + — Pr( + 
— — 4f:0,' — = 0 


+H" + nf!’ — Ofe'fe’ — fi')* + 5fo"fa 
Afi"hi + 3f2"fo + = 0 


The general approach. toward solution will be discussed for 
Equations [29] but it applies also to Equations [30] and [31]. A 
detailed account of the solution of Equations [29] is given in the 
Appendix of reference (5). 

In order to carry out the numerical integration of Equations 
[29], the values of fo, fo’, fo”, %, and ’ are required at » = 0. 
From the listing of boundary conditions given in Equations [16], it 
is seen that onlv fo, fo’, and % are given at 7 = 0, while fo’ and & 
are given at 7 = ~. So the problem is actually the finding of 9 


. 


pair of values of fo” and 6)’ at » = 0 which will lead to a solution 
of equations having fo’ = 0 and & = Oaty = ~. 

The actual mechanics of solving Equations [30] were compli- 
cated by the fact that IBM cards bearing values 0’, 9", fo, fo’, 
fo”, and fo’’’ had to be introduced into the deck of integrating 
cards at each point of the calculation. The integration of Equa- 
tions [31] required cards bearing values of functions previously 
calculated in both Equations [29] and [30]. 

The numerical integration was achieved by using five-point 
integration formulas as outlined in the Appendix of reference (5). 


Appendix B 


ANALYsis Basep ON EquivaLent ConpuctinGc LAYER 


As previously explained, the idea of the equivalent conducting 
layer is to replace the free-convection heat-transfer problem by a 
problem of pure conduction in a cylindrical annulus. Over a 
length of cylinder from z = 0 to z, there is assumed to be a 
cylindrical annulus of stagnant fluid of uniform thickness 5 
through which heat is being transferred by conduction alone. The 
temperature difference across the conducting layer is (¢,, — ¢,, ). 
The over-all heat flow through such a conducting annulus is 


In —— 
To 


An average Nusselt number may be obtained from this 
be 
k — t.,) 


Nuz. eyl = 


1 


To 


The thickness of the conducting film }b is chosen so that when 
b/ro 1, Equation [33] will yield the Nusselt number for the flat 
plate.» For b/r<1 


x 1 1 


To 
To 


It has already been noted that 
3/2 
6,'(0) is a function of Prandtl number which has been calculated in 


reference (5) for Prandtl] numbers in the range 0.01 to 1000. For 
convenience let 


Gr,'/* 


Introducing Equations [36], [37], and the definition of £ from 
Equation [20] into Equation [35], there is finally obtained 

Nuz. ey! 1 


2°/*9(Pr) 


° This is analogous to the approach used by Eckert [reference (6), 
pp. 164-165] for the horizontal cylinder. 
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Discussion 


T. F. Invine, Jr. It would appear that the information con- 
tained in Figs. 2 to 5 of the paper would have an added signifi- 
cance if the abscissas had been chosen as the ratio of boundary- 
layer thickness to cylinder radius. This representation, which 
was mentioned by the authors, would enable the reader to visu- 
alize the results of the calculations better in terms of a physical 
flow picture. Such a method of data presentation would also 
permit a boundary-layer comparison of this free-convection 
solution with the similar forced-convection calculation by Seban 
and Bond cited in the paper.7 

Since there is a great deal of interest at present in free convec- 
tion at very low Prandtl numbers, it will be helpful for the authors 
to comment on the extension of their work into this region. 


8. I. Par’ In the authors’ analysis, the solution is expressed 
in power series of z, the axial distance along the cylinder. Since 
one does not know the radius of convergence of such a series, it 
is usually assumed that the solution holds only for small value of 
z. On the other hand, the fundamental equations used in this 
analysis are the boundary-layer equations which hold true only 
for large value of z. This directly contradicts the method 
of solution. Have the authors any idea in what range of z their 
solution holds so that the two limitations mentioned, one due to 


* Instructor, Department of Mechanical Engineering, University of 
Minnesota, Minneapolis, Minn. 
7 See reference (4) of the paper. 
a Research Professor, University of Maryland, College 
‘ark, Md. 
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the method of solution and the other to the nature of the funda- 
mental equations, are both satisfied? 


Autsors’ CLosuRE 

The authors wish to thank the discussers for their interest and 
for their comments. 

It is felt that the abscissa variable used in Figs. 2 to 5 more 
readily facilitates application of the results than would the use of 
the ratio of the boundary-layer thickness to the cylinder radius 
It is agreed that the interpretation of the findings in terms of the 
ratio of the boundary-layer thickness to the radius is worth while, 
and such a discussion is given in the paper. For low Prandti 
number fluids (i.e., liquid metals), the numerical calculations are 
considerably more time-consuming than are those for gases. Cal- 
culations for low Prandtl numbers are now being contemplated. 

Professor Pai’s remarks cogently describe the usual uncertain- 
ties encountered whenever one uses series-expansion methods 
such as those of this paper. No positive information is available 
about convergence of such series, and one must be content with 
some remarks about the behavior of the terms which have been 
calculated. With reference to the limitations imposed by bound- 
ary-layer theory, one can make more definite statements. In the 
region near the leading edge (small x), the vertical cylinder be- 
haves very much like the vertical flat plate. So, it is quite reasona- 
ble to suppose that the value of the Grashof number at which the 
boundary-layer analysis first begins to give correct heat-transfer 
results for the flat plate also applies to the vertical cylinder. For 
air, it is found that this value of the Grashof number is 104. (For 
Grashof numbers less than 10‘, the heat-transfer results pre- 
dicted by the boundary-layer analysis are lower than those de- 
termined experimentally.) 


Combined Forced and Free-Laminar Heat 
Transfer in Vertical Tubes With 


Uniform Internal Heat Generation’ 


By T. M. HALLMAN,’ CLEVELAND, OHIO 


Fully developed velocity profiles, temperature profiles, 
mixed-mean-to-wall temperature differences, Nusselt 
numbers, and pressure crops are predicted for combined 
forced and free-laminar convective heat transfer in verti- 
cal round pipes. Uniform internal heat generation within 
the fluid may or may not be present, and a uniform heat- 
ing or cooling at the tube wall is considered (including the 
case of the insulated wall). A comparison is made between 
the analysis and the small amount of experimental data 
available in the literature. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
A = axial temperature gradient in fluid, dt/dz, 


deg F/ft 
berof, being = = + beicg 


d 
ben’E = (ber 
beip’ = ae &) 
beic*E (bero£)*, (beiog)* 
d 
C = pressure-drop parameter, — (2 
D?/22yum, dimensionless 
c specific heat of fluid at constant pressure, 
Btu/(lb)(deg F) 
D tube inside diameter, ft 
F heat-source parameter, pgu,,c,A/Q, dimen- 
sionless 
negative of body force per unit mass, ft/sec? 
acceleration due to gravity, ft/sec? 
fully developed heat-transfer coefficient, 
q/@,,, Btu/(sec)(sq ft)(deg F) 
modified Bessel function of first kind of order 
0 
Bessel function of first kind of order 0 
modified Bessel function of second kind of 
order 0 
thermal conductivity of fluid, Btu/(sec)(sq 
ft)(deg F/ft) 
kerof, keioE Yo(i'/*€) = Ke(i'/*E) = keroE + i 

1 The material contained herein is a portion of the analytical work 
to be submitted in partial fulfillment of the requirements for the 
PhD degree at Purdue University. 

2 Aeronautical Research Scientist, Heat Transfer Section, Lewis 
Flight Propulsion Laboratory, National Advisory Committee for 
Aeronautics. Assoc. Mem. ASME. 

Contributed by the Heat Transfer Division and presented at the 
Diamond Jubilee Annual Meeting, Chicago, Ill., November 13-18, 
1955, of Tae American Socrety or MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
16, 1955. Paper No. 55—A-73. 
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length of tube, ft 
Grashof number, 6g D‘A/16v?, dimensionless 
Nusselt number, hD/k, dimensionless 
Prandtl number, yuge,/k, dimensionless 
Rayleigh number, p*8g*c,D*A /16uk, dimen- 
sionless 
Reynolds number, u,,D/v, dimensionless 
static fluid pressure, psfa 
heat-source term, Btu/(sec)(cu ft) 
wall heat-flux density from fluid, Btu/(sec)- 
(sq ft) 
tube radius, D/2, ft 
absolute stat:c fluid temperature, deg R 
tube wall temperature, deg R 
dimensionless velocity, u/u,, 
fluid velocity parallel with tube axis at radius 
r, fps 
mean velocity of fluid in tube, fps 
distance measured along axis of tube up- 
ward, ft 
Bessel function of second kind of order 0 
thermal coefficient of volume expansivity, 
(2 ) , (cu ft/deg F)/cu ft 
dimensionless radius, 2r/D 
radial temperature difference, ¢ — t,, deg F 
mixed-mean-to-wall tempéezature difference, 
deg F 
(Nrs)'/*, dimensionless 
dynamic viscosity of fluid, (lb)(sec)/sq ft 
kinematic viscosity of fluid, sq ft/sec 
a variable 
mass density of fluid, (Ib)(sec*)/ft* 
mass density of fluid at wall, (lb )(sec*)/ft* 
mass density of fluid at wall at an axial posi- 
tion where flow and heat transfer is fully 
developed, (Ib )(sec*)/ft* 
dimensionless temperature difference, 16k0//- 
QD* 
dimensionless mixed-mean-to-wall tempera- 
ture difference, 16k0,,/QD* 
dimensionless temperature difference, 2k0/- 
dimensionless mixed-mean-to-wall tempera- 
ture difference, 2k0,,/pgu,,c,D*A 
¥ = angular co-ordinate in cylindrical co-ordi- 
nate system, radians 


INTRODUCTION 


Combined forced and free-laminar convection in vertical chan- 
nels is commonly encountered in nuclear-reactor applications, 
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particularly wher dealing with after-shutdown cooling problems. 
These applications approximate a constant heat flux to the fluid 
at the walls rather than a constant wall temperature. Other ap- 
plications, in which combined forced and free convection with uni- 
form wall heat flux may be important, occur when fluids are 
heated in electrically heated vertical tubes and in vertical con- 
centric-tube heat exchangers. 

In certain types of nuclear reactors it has been proposed to re- 
move the heat generated by passing a liquid fuel through channels 
in the reactor and cooling this fuel in an external heat exchanger. 
One such proposal is that of the externally cooled LMFR (liquid 
metal fuel reactor) of reference (1).* A good approximation in 
many cases is to assume that the heat is generated uniformly in 
the fuel during the time it is in the reactor. Shortly after shut- 
down it is possible for the heat produced in the moderator to be as 
great as that produced in the liquid fuel. For this reason a useful 
solution to the heat-transfer problem must allow for any ratio of 
heat transferred through the tube wall to heat generated within 
the fluid. 

Although considerable attention has been devoted to combined 
forced and free convection in vertical tubes with constant wall 
temperature, only recently has much attention been focused upon 
the uniform wall heat-flux boundary condition. One earlier work 
dealing with combined forced and free convection without internal 
heat sources has been given by Ostroumov (2, 3). Jn references 
(2) and (3) Ostroumov gives the solution for the fully developed 
velocity and temperature profiles with constant heat-flux 
boundary condition. The mixed-mean-to-wall temperature differ- 
ence was calculated in reference (3) but appears to be inerror. No 
attempt was made to calculate Nusselt numbers. The problem 
of free convection with no net through-flow in vertical tubes hav- 
ing uniform intérnal heat generation and constant axial-tem- 
perature gradient is treated by Hamilton, et al. (4) and Woodrow 
(5). Free convection with no net through-flow in vertical tubes 
and channels having uniform internal heat generation and con- 
stant wall temperature (zero axial temperature gradient) is con- 
sidered by Murgatroyd (6) for both laminar and turbulent flow. 
Combined forced and free convection between vertical parallel 
plates with and without uniform heat sources has been treated by 
Ostrach (7 to 10). Ostroumov (2) and Wordsworth (11) consider 
combined forced and free convection between vertical parallel 
plates with uniform wall heat flux and no volume heat sources. 


STATEMENT OF THE PROBLEM AND ASSUMPTIONS 


The purpose of the present analysis is to predict the flow and 
heat-transfer characteristics of a fluid flowing in a vertical tube 
under the conditions of combined forced and free convection. 
The fluid may or may not have heat being generated in it as it 
flows through the tube. Heat may be transferred to or from the 
fluid at any specified rate (including no heat transfer—the in- 
sulated wall case). The solution is expected to be valid only if 
the temperature and velocity profiles are fully developed and 
if no turbulence is present. 

The assumptions are made that the flow is axially symmetric and 
flowing in laminar motion, the axis of the pipe lying parallel with 
the body force. The fluid properties are considered as constant 
except for the variation of density which is allowed for by consider- 
ing the thermal coefficient of volume expansivity. The thermal 
boundary condition is determined by assuming a uniform heat 
flux at the wall of the tube. When interna] heat generation is pres- 
ent it is assumed that the rate of heat generation per unit volume 
is uniform everywhere in the fluid. Frictional heating effects are 
assumed to be negligible. 


3 Numbers in parentheses refer to the Bibliography at the end of the 
paper. 
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Basic Equations 


The equations expressing the conservation of momentum and 
energy for steady laminar fully developed flow and heat transfer 
in a vertical round pipe are as follows‘ 


op ou 
op op 


ol 1 of 


All symbols are defined in the nomenclature. 
Assuming small temperature differences and constant pressure, 
the equation of state reduces to 


p = — P(t {4} 


where the subscript designates a reference condition, here taken 
as a point on the tube wall. 

The thermal boundary condition of constant heat flux at the 
wall can be expressed by 


aL 
Bp 7 A [5] 


for fully developed flow and heat transfer with uniform heat 
sources and constant specific heat. 

Equations [2], [4], and [5] can be used to simplify Equations 
[1] and [3] to 


14, 8\, 


respectively. The temperature difference @ is the difference be- 
tween the temperature at some radial position and the wall tem- 
perature at the same axial pusition. This variable @ is independ- 
ent of axial position x, The density p appearing on the left-hand 
side of Equations [6] and [7] is considered to be a constant in 
further derivations because it was previously assumed that the 
only density variation was that due to the effect of 8. 


ANALYSIS 
Nondimensional Form of Equations. Equations [6] and [7] 
can be placed in a more general form by introducing dimension- 
less variables and parameters which are defined in the nomen- 
clature. The two equations then become 


1d dU NRa 

1d 1 


The dimensionless temperature difference ® is used when deal- 
ing with uniform heat generation, and is the same variable as was 
used by Hamilton, et al. (4), and except for a constant is the same 
as that used by Woodrow (5) and Murgatroyd (6). 

The heat-source parameter F was first introduced by Poppen- 
diek and Palmer (12) and represents the ratio of thermal energy 
convected downstream per unit volume to heat generated in the 
fluid per unit volume. A value of F of unity would then corre- 


‘If the force feld is not the field of grav:.y g is replaced by fz, the 
negative of the body force, in Equation [1]. 
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spond to an insulated wall because all of the heat generated in the 
fluid is convected downstream with no heat passing through the 
walls. Values of F from —< to + are possible but positive 
values are generally of more prac iical interest than negative values. 
Fig. 1 shows qualitatively the shape of the velocity w and tem- 
perature @ profiles for various F-values. The direction of heat 
flow qg at the wall and the direction of the mean velocity u,,, is also 
indicated. An F of zero corresponds to (i) constant wall tem- 
perature, (ii) u,, = 0, or (iii) u==0. An F-value of plus or minus 
infinity corresponds to no volume heat sources. 

In the limit of pure forced convection (obtained by letting 8 
approach zero) the pressure-drop parameter C approaches unity. 
Values of C different from unity then indicate the effect of free 
convection on the pressure drop. 

The Rayleigh number is a grouping which naturally occurs in 
free-convective flows of this type and is a measure of the amount 
of free-convection effect. The Rayleigh number is equivalent to 
the product of the Grashof number and the Prandtl number 

4 
BgD*Aa os Na: Np; 


The temperature difference used in the Grashof number is the 
product AD/2 and the tube radius D/2 is the characteristic 
length. Attention will be confined in this paper to positive values 
of Rayleigh number. The solutions obtained for negative Ray- 
leigh numbers have discontinuities similar to those found by 
Ostrach (10) for the parallel plate system. A complete physical 
explanation of this behavior has not been obtained as yet. 

Four boundary conditions are necessary to determine the solu- 
tion to the system [8] and [9]. 
slip at the wall, (6) finite velocity at the tube center line, (c) @ zero 
at the wall, and (d) finite 6 at the tube center line. 

Velocity and Temperature Profiles. The dimensionless tem- 
perature difference can be eliminated between Equations [8] and 
[9] and the general solution for the dimensionless velocity is ob- 
tained as 
U = C, berodAn + Ce + kerokn + Cy keioAn. . [11] 
where 

= (Nrs)'/* 


Wher the four boundary conditions are applied the constants C), 
C2, C3, and C, can be evaluated and the resulting velocity distribu- 
tion is 


u [= beicA — beioAn 


u,, 2 L berod + beiod bein’A 


+— 


The four conditions are (a) no* 


VAY 


tea 
COLD 


-@<F <0 


>o 
O<F <i 
Fie. 1 Typicat VeLocrry anp TEMPERATURE PROFILES FOR 


Various Vatues or Heat-Source Parameter F. Na, > 0, 8 > 
Q20 


When no heat sources are present the dimensionless tempera- 
ture difference ® becomes meaningless because Q is zero. For 
very small Q (approaching zero) the second term on the right in 
Equation [14] can be neglected when compared to the first term. 
In the limit of Q = 0 this equation reduces to 


1 [ (beroAn beroA + beicAn beioh) — (bere*A + 
[ (bereA bero’A + beiA beio’A) 


Equation [15] can be converted to the form given by Ostroumov 
(2, 3). When the Rayleigh number is allowed to approach zero 
by letting 8 approach zero (keeping A fixed) Equation [15] re- 
duces to the pure forced-convection laminar solution which is 
given by Howarth (13). 

If the wall temperature is held constant (perhaps by boiling a 
liquid on the outside of the tube) and if the tube is very long, 
then the axial temperature gradient may be assumed to be identi- 


F 
(beroA bere’A + beioA beio’A) 


Wien no heat sources are present 1/F can be set equal to zero. 
The resulting equation can then be shown to be equivalent toa 
solution given by Ostroumov (2, 3). 

Knowing the velocity distribution, Equation [9] can be solved 
for the temperature distribution. The result is 


(bow +> beich) berody + (vein bend ) | 113] 


cally zero throughout the fluid. In such a case Equation [9] has 
the particularly simple solution 


= = = 1 — 7? (constant wall temperature). . [16] 


(bero\ bero’A + beioA 


16k0 [os beroA + beiodn beiod) — (bero*A + 


2 2 [ (bein beroAn — (tena + * beich) beiokn + A(bere*A + beic*A) — 2 (bereA beic’A — beioA bers’A) 


(beroA bers’ + beieA beie’A) 
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which is the same solution that would be obtained if the fluid 
were stationary. If this expression for ® is used in Equation [8] 
the dimensionless velocity distribution is found to be 


U =~ = X1— 9") 
Un 
— (4 


1 
ar \i2 is n (constant wall temperature) 


Although A is assumed to be zero the ratio Nr./F remains finite, 
being 
F 
If Nr/F is negligible then the velocity profile approaches the 
Poiseuille profile. 


Mized-Mean Temperature Differences and Nusselt Numbers. 
Either the mixed-mean temperature differences or the Nusselt 
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without heat sources, When volume heat sources are present it 
turns out that the Nusselt number is not a very useful quantity 
because ®,, becomes zero for certain values of Nr, and F, causing 
infinite discontinuities in the Nusselt number. A more useful 
quantity in this instance is ®,. Without heat sources no such 
discontinuities occur because ¢,, never changes sign. 

For positive Rayleigh numbers with heat sources 


bero’A + beiod beio’A)? — (beroA beie’A — beiod bere’A)?] 


(bers*A + 


+a (beroA bero’A + beioAr 
(bere?A + beio*A) 
2 (berod beie’A — beioA bers’A) 


+ 


where the pressure-drop parameter 


64C bero’A + beied beio’Aberod beie’A — beiod bero’A) 


(bere*A + beic*A) 


A(bers*\ + bei’) + [2(bereA — beisA bero’A) — A(bers*A + 


(bereA bere’A + beiod beio’A) 


When no internal heat sources are present the dimensionless mixed-mean-to-wall temperature difference ¢,, is given by 


Pm 


numbers are necessary in order to apply the results of this 
analysis. The two temperatures mainly of interest are the mixed- 
mean temperature and the wall temperature. Given one, it is 
desirable to know the other. 

The mixed-mean-to-wall temperature difference is defined as 


In terms of dimensionless temperature differences there is de- 
fined 


when no heat source is present. The Nusselt number, which is 
defined as 


16C? [(berod bero’A + beigd beie’A)* (beroA beie’A — beigh bera’A)? 
(ber! + 


4 bers’A + beiod 
X + 


The pressure-drop parameter is taken from Equation [26] after 
setting 1/F = 0. The Nusselt numbers can then be calculated 
from Equation [24]. 

When the wall temperature is he! constant and the tube is very 
long so that A = 0 then the fluid does not increase in temperature 
as it passes along the tube. In this instance the center line-to- 
wali temperature difference is probably of more interest than the 
mixed-mean-to-wall temperature difference. The former is ob- 
tained from Equation [16] by setting 7 = 0. 

Pressure Drop. The pressure-drop parameter C can be calcu- 
lated from Equation [26] for positive Rayleigh numbers with heat 
sources. If no heat sources are present then 1/F is set equal to 
zero. The value of C for zero axial temperature gradient (con- 
stant-wall-temperature case) is 


dp 
(2 ta) 


The pressure gradient dp/dz will not be strictly constant be- 
cause p, will vary with distance along the tube. An approxima- 
tion can be made by assuming 


becomes, in terms of ®,, and F 
with heat sources, and 
1 
| 
1 
fy. 
fy Uren 
16k6,, 
for cases involving uniform heat sources and Nas 
— ——....... [28] 
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Po = Poll — Kt, — 


where the subscript 0 refers to any axial position where the flow 
and heat transfer are fully developed. The pressure gradient is 
then approximately 


dp 32uu,,C 


since t,, — two = A(z — 2). This expression can then be inte- 
grated to obtain the axial pressure drop. 
Discussion 


Velocity and Temperature Profiles. The dimensionless velocity 
profiles U = u/u,, against the dimensionless tube radius 7 = 


2r/D are shown in Figs. 2(a-d). The parameter on each curve is 
the Rayleigh number. Fig. 4 shows the velocity profiles for the 
uniform wall-temperature solution, the parameter in this case 
being Nr,/F. 

Fig. 2(a@) shows velocity profiles for a value of F of 0.1. Since 
this F-value lies between zero and unity it corresponds to heat re- 
moval through the walls of the tube, see Fig. 1. For a positive’ 8 
this means that the fluid, being cooler near the walls, will tend to 
fal) there. This effect becomes more pronounced as the Ray- 
leigh number is increased, For sufficiently high Rayleigh num- 
bers a reverse flow occurs near the wall. Fig. 2(b) shows a similar 
set of curves for F = 1. This corresponds to an insulated wall 

* B will be considered to be positive during this discussion although 
the solutions are valid for negative 8 as well. 
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as was discussed previously. If the wall is insulated the tempera- 
ture will be higher there because the heat is being convected away 
less rapidly from this region than it is from the core. This higher 
temperature will cause an increase in velocity due to the free- 
convection effect. Fig. 2(c) shows a set of curves which is repre- 
sentative for F-values between unity and infinity. In this interval 
of F, heat is being added to the fluid through the walls so the fluid 
will tend to rise more rapidly near the walls and tend to.slow up 
near the center line. Fig. 2(d) shows the velocity profiles for the 
no-heat source case (F = +o). Hereall of the heat convected 
downstream has entered through the walis so there is a great tend- 
ency for the Muid to rise rapidly near the wall for large Rayleigh 
numbers. If the Rayleigh number is sufficiently large the flow 
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will actually reverse its direction near the center line. On each 
of Figs. 2 (a through d) the zero Rayleigh-number profile is given 
by a parabola. 
The dimensionless temperature profiles 
16k6 
QD? 

against the dimensionless tube radius 9 = 2r/D are shown in Figs. 
3(a to c) for various Rayleigh numbers and heat-source parame- 
ters. Fig. 3(d) shows the dimensionless temperature profiles 
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against the dimensionless tube radius for the no-heat-source case 
(F = +o), 

Fig. 3(a) shows temperature profiles for a value of F of 0.1. 
This F-value corresponds to heat. removal through the tube walls 
and this is also indicated on the curves by the negative slope at 
the tube wall. The effect of increasing Rayleigh number is to re- 
duce the radial temperature difference and to establish a fairly 
flat temperature profile over most of the tube. The curves in Fig. 
3(b) for an F of 1 indicates by the zero slope at the wall that the 
wall is insulated. The values of ® are now all negative because 
the wall is hotter as a result of the decreased axial convection 
there. The same tendency for the profile to flatten for larger 
Rayleigh numbers is indicated here. Fig. 3(c) for an F of 10 has 
the same general character but the positive slope at the wall now 
indicates a heat addition to the fluid. The curve for zero Rayleigh 
number on each of the Figs. 3(a to c) is identical to the solution 
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given by Poppendiek and Palmer (12) for pure forced convection 
with heat sources. 

Fig. 3(d) shows for F = + that a large Rayleigh number 
causes a fairly flat temperature profile over most of the tube, the 
greatest temperature change occurring in a “thermal boundary 
layer” near the tube wall. The curve shown for zero Rayleigh 
number represents the pure forced-convection profile taken from 
Howarth (13). 

The velocity profiles for the constant-wall-temperature 
boundary condition are given in Fig. 4. The parameter on each 
curve is the dimensionless group 


Nra/F = pBgD*Q/\6yuku,, 


Since both 8 and u,, may be negative, both positive and negative 
values of this parameter are represented. The temperature pro- 
file for the constant-wall-temperature condition is not shown be- 
cause it is the simple parabola given by Equation [16]. 
Mized-Mean-to-Wall Temperature Differences and Nusselt Num- 
bers. It was mentioned previously that mixed-mean-to-wall 
temperature differences are probably more convenient than 
Nusselt numbers when heat sources are present. Fig. 5 gives 


‘the dimensionless mixed-mean-to-wall temperature difference 


16k6,, 
QD* 


against the Rayleigh number for various values of heat-source 
parameter F. The general tendency on these curves is for ®,, to 
decrease in absolute value with increasing Rayleigh number. 
®,, goes through zero in the vicinity of F = 0.73 for Na, = 0, 
oad F = 0.93 for Nao = 10,000. 

An F-value of unity is important technically because it ap- 
preximates the situation of a liquid-fuel channel piercing a 
moderator in a nuclear reactor. Sincs only a relatively smal] 
amount of i »at is generated in the moderator when the reactor is 
critical the tube wall is essentially “insulated” at steady state. 
Fig. 6 shows a replot of ®,, against Nx, for F = 1, to an enlarged 
scale. The three experimental points are data of Poppendiek 
(14). These data are for aqueous solutions of sulphuric acid (25 
per cent by weight) flowing upward in a vertical Saran tube ®/32 in. 
ID X 3 ft long(L/D = 128). The tube wall was insulated (F = 
1) and heat was generated by passing an alternating electric cur- 
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Fic. 6 Comparison Between ANALYSIS AND ExperIMENT oF TEMPERATURE 
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rent axially through the fluid. Details are given in reference (14). 
The plotted points are corrected for thermal conductivity of the 
acid solution according to the more complete data of reference 
(15). The value of 8 used was computed by fitting a curve 
through the density data of reference (17) by the method of least 
squares and differentiating the density equation to obtain 8 from 
the relation 


The Reynolds number of each point is indicated in Fig. 6 and it is 
observed that the deviation from the analysis increases with 
increasing Reynolds number. It is also noted that all three points 
lie closer to zero than does the analysis. This behavior is con- 
sistent with an argument that some turbulence may be present, 
although considerably more data are needed to confirm this. 
The dashed line for F = 1 shown in Fig. 6 is the pure forced-con- 
vection analysis of reference (14) with which the data were 
originally compared by Poppendiek. Another explanation of 
the discrepancy of analysis and experiment is possible if F were 
not exactly unity. The predicted line for F = 0.9 is also shown 
in Fig. 6 and it is seen that ®,, is quite sensitive to the value of 
F. In the experiments of reference (14) the heat balance was not 
perfect and the ratio of heat convected axially to total electrical- 
energy input was about 0.9. It is not known, however, whether 
this energy which is unaccounted for passed out through the 
tube walls. 

When no heat source is present the Nusselt number is still a 
convenient way of presenting the results. Fig. 7 shows Nusselt 
number as a function of Rayleigh number. As the Rayleigh num- 
ber approaches zero the Nusselt number approaches the limiting 
value of 48/11 ~ 4.36. This is the value found for pure forced 
convection (13). With increasing Rayleigh number the Nusselt. 
number increases. For a given Reynolds number it is expected 
that transition to turbulent flow will occur sooner for a high 
Rayleigh number than for a low Rayleigh number. It is not 
known at what Rayleigh-number Reynolds-number combina- 
tion this transition will occur. The Nusselt numbers in the range 


* The value used in reference (14) was k = 0.30 Btu/(hr) (ft) (deg F) 
given by reference (16). This value is for 30 per cent sulphuric acid 
at 86 F whereas the experiments were with 25 per cent sulphuric acid 
at +75 F. The value of k given in reference (15) was k = 0,32 Btu/- 
(hr) (ft) (deg F). 
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EXPERIMENTAL Data ror Hicu-Pressure Water FLowine Upwarp 
in Verticat Tune, L/D, 41.5 


100 < Nra < 10,000 are accurately approximated by the 
equation 
= 


This relation is shown in Fig. 7 by the dotted line. 

The experimental points shown in Fig. 7 are the data of Clark 
and Rohsenow (18) for high-pressure water (2000 psia and 1500 
psia.) flowing upward in a vertical electrically heated tube. The 
tube was 0.1805 in. ID and 9 in. long, giving an L/D of 50. The 
data plotted are local Nusselt numbers at a length-to-diameter 
ratio of 41.5. Allof the data shown are for Reynolds numbers less 
than 2130 although it is not known whether the flow is always 
laminar because the high-free-convection effects may have 
caused an early transition to turbulent flow. 

Most of the data fall below the analysis. In reference (19) 
these same data were compared on a different basis with other ex- 
perimental data and they were found to fall low there as well. 
The large scatter at low Rayleigh numbers can be attributed to 
experimental error because of the small temperature differences 
involved. It was noted in reference (18) that large heat losses 
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were involved with the low-Reynolds-number runs. This may be 
the reason for the discrepancy between analysis and experiment. 
The agreement between analysis and experiment is not particu- 
larly good but it probably is as good as may be expected since the 
apparatus was not specifically designed to confirm an analysis of 
this type. No other data which correspond to the boundary con- 
ditions of this analysis could be found in the literature. 

Pressure Drop. The pressure-drop parameter C is shown in Fig. 
8 against Rayleigh number for various values of the heat-source 
parameter F. Fig. 8(a) shows C for values of F from 1 to in- 
finity, and Fig. 8(b) shows C for values of F of 0.5 and 0.1. It is 
seen from Fig. 8(a) that C increases from 1 for Nr = 0 to quite 
high values as the Rayleigh number increases. Fig. 8(b) shows 
that C goes from 1 at Nrs = 0 to large negative values as the 
Rayleigh number increases, The particular value of Rayleigh 
number at which C is zero depends upon F but F always lies be- 
tween zero and 1. 


Prepicrep VaRiaTion or Pressure-Drop Parameter C ror Various Rayleigh NUMBERS 
anp Heat-Source ParaMETERS 


From the definition of C 


For liquids in laminar flow the first term on the right is generally 
smaller than the second term even though C is quite large. For 
example, in on¢ run of reference (18) in which Nre = 1560, Nas = 
5000, the contribution to the pressure gradient was —4.7 pef and 
—45.7 pef for the first and second terms, respectively. However, 
this is not to say that the first term may be ignored because most 
of the hydrostatic pressure drop will be recovered on the return 
leg in closed loop. For a gae the first term in Equation [33] will 
be of more importance than for a liquid because p,g is much 
smaller. It must be stressed that this relationship for pressure 
drop is valid only in that portion of the tube where fully de- 
veloped flow and heat transfer exist. 

The fact that C decreases below 1 and even becomes negative 
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for certain values of /(<1) and Payleigh numbers possibly may 
be used to advantage in reducing pumping requirements. 

Range of Validity of Results. This analysis rests upon assump- 
tions such as laminar fully developed flow and heat transfer, uni- 
form internal heat generation, uniform wall heat flux, and con- 
stant fluid properties (except for a density variation). In any 
application of the results of this analysis these assumptions must 
be good ones in order to expect the results to be valid. The 
effect of deviations from these assumptions cannot be predicted 
without a more refined analysis or an experiment. Qualitatively, 
it can be stated that a variation in an axial direction of such 
things as fluid properties and the heat-source term will have less 
effect than a radial variation. 

The effect of entrances is not known at present nor is it known 
how far from an entrance these results may be safely applied. 
In an entrance, which always is beth a hydrodynamic and ther- 
mal entrance when free-convection effects are present, radial- 
velocity components exist which make the momentum equation 
nonlinear. In addition, the axial temperature gradient is no 
longer independent of radius. 


CONCLUSIONS 


The general effect of large free-convection effects (large Ray- 
leigh numbers) in combined forced and free-convection flows of 
the type considered is to decrease radial temperature differences 
and increase Nusselt numbers over those for pure forced-convec- 
tion heat transfer. An increased free-convection effect also 
changes the axial pressure gradient from that for pure forced 
convection but the change may be in either direction depending 
upon the value of the heat-source parameter. 

In all cases the comparisor made with experimental data agreed 
more closely with the present analysis than it did with the pure 
foreed-convection analyses although the agreement was not as 
good as may be desired. It is suggested that further experiments 
be designed with the particular purpose in mind of confirming this 
analysis. Special care should be taken to use very large length-to- 
diameter ratios for the tubes and the Reynolds numbers should be 
kept very low to insure no turbulence. Temperature differences 
should be kept small in order to minimize variable fluid-property 
effects. 
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Discussion 


Stmon Ostracu.’? From the introduction of the paper, it 
appears that the only part of the considered problem, which was 
not previously solved for tube flows, is that with a net through- 
flow including heat sources. However, the analysis is made for 
the entire problem and although it is pointed out that some of 
the presented solutions coincide with those previously obtained, 
the results in no way indicate distinctly the new contribution 
and the relationship of the duplicated work with that done 
earlier. The ‘plication is perhaps justified because some of 
the earlier w.-k appears in Russian literature which is not 
readily available. However, the author’s personal contribution 
should be clearly set apart from that which has already been 
done. Further, it is indicated (and not clearly so) that all 
aspects of the problem have been treated for the same types of 
flows between two parallel plates and it would be interesting to 
see what the relationship is between the flow in tubes and in the 
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channel formed by the plates, but no such comparison is pre- 
sented. The value of the paper would be enhanced by such a 
discussion. 

The case where Nr, = 0 is always referred to in the paper as 
the pure-forced-convection case. However, Nr. = 0 could also 
be a natural-convection flow with no axial temperature gradient. 


Myron Trisus.' It should be pointed out that the solutions 
quoted in this paper are all in the nature of asymptotic solutions 
and apply only far from the entrance to the tubes. Whether the 
boundary conditions associated with these solutions are physi- 
cally realizable is not at present clear. This writer surmises, 
based on a study of the differential equations, that the entrance 
length in the absence of free-convection effects should be about 
the same for flow with internal heat sources as without. In the 
presence of free copvection, no similar calculations were made. 
Can the author comment on the entry length for a fluid-flow 
system in the presence of free convection? 


AuTHor’s CLOSURE 


Dr. Ostrach’s comments concerning the part of the considered 
problem which was previously solved are incorrect. The state- 
ments made in the introduction are correct and are repeated 
here for emphasis. In references (2) and (3) Ostroumov gives 
the solution for the fully developed velocity and temperature 
profiles with constant-heat-flux boundary condition without 
internal heat sources. The mixed-mean-to-wall temperature 
differences are incorrectly given in reference (3) and the Nusselt 
numbers were never calculated. These results are given in the 
present paper. The fact that the velocity and temperature pro- 
files, with constant-heat-flux boundary condition and no internal 
heat sources, were first obtained by Ostroumov is clearly indicated 
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immediately after the derivations of Equations [13] and [15] 
of the text. Other results which are not new, but are pointed 
out because they represent limiting cases of the present analysis, 
are the pure-foreed-convection temperature solution without in- 
ternal heat sources (13) and the pure-forced-convection tem- 
perature solution with internal heat sources (12). This is also 
clearly indicated in the text. With these exceptions, to the 
best knowledge of the author, the remainder of the analysis is 
original. 

A comparison with the corresponding solutions given by Dr. 
Ostrach for the same type of flows between parallel plates would 
be interesting. Mixed-mean-to-wall ‘temperature differences 
were not given by Dr. Ostrach in reference (9), nor were the eor- 
responding Nusselt-number relationships indicated, so a direct 
comparison of results of practical interest is not possible without 
further computations. 

It is true that the case Nra = 0 could also be a natural-convec- 
tion flow with no axial temperature gradient and this is discussed 
when presenting Equations {16], [17], and [18]. It should be 
emphasized, however, that the curves marked Nx. = 0 in Figs. 
2 and 3 are for 8 = O and A finite. 

It is well that Professor Tribus has pointed out that the solu- 
tions given here are only for fully developed flows which satisfy 
the assumed boundary conditions because this should be re- 
emphasized. Whether or not these boundary conditions are 
physically realizable could be shown by experiment but to the 
author’s knowledge no such experiments have been run. There 
is no reason to expect that the situation will be any different from 
the case of pure forced-convection, where the same boundary 
conditions are physically realizable (within the accuracy of the 
experiments and the variability of the fluid properties). 

The author has made no calculations of the entry lengths re- 
quired to obtain fully developed flows of the types considered 
in the present paper. Such calculations, or an experiment, 
would be of definite value. 
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Free-Convection Heat Transfer From a 
Horizontal Right Circular Cylinder 


to Freon 12 Near 


the Critical State 


By D. L. DOUGHTY? anv R. M. DRAKE, JR.* 


Free-convection heat-transfer coefficients have been 
measured on a horizontal circular cylinder to Freon 12 
near the critical -state conditions as a function of the tem- 
perature difference between the test cylinder and the 
Freon environment. Experimental heat-transfer co- 
efficients have been determined for constant Freon tem- 
peratures of 233, 244, and 259 F, and for a constant pressure 
of 580 psia, the critical pressure of Freon 12. In all cases 
the heat-transfer coefficients have been determined as 
functions of the temperature difference between the test 
cylinder and the Freon for densities varying frona super- 
critical to subcritical. In the region near the critical state 
the experimental heat-transfer coefficients are shown to 
increase tenfold over the typical values in the superheated - 
vapor region. Satisfactory correlation of the present re- 
sults with the work of other investigators in the field of 
free-convection heat transfer has been made for state con- 
ditions removed from the critical. 


INTRODUCTION 


REE-CONVECTION heat transfer is that mode of con- 
F vective heat transfer in which the fluid motion is produced 
and sustained by virtue of the temperature gradients which 
exist during the transfer of heat from a solid boundary to a 
fluid. The cause of fluid motion is a net buoyant force existing 
between two adjacent regions of fluid, which force is a result of 
the differential thermal expansion caused by the temperature 
difference associated with the flow of heat and which can be 
shown to be equal to the product of the thermal-expansion co- 
efficient, density, and temperature difference between the regions. 
The amount of heat convected away from a solid boundary in 
this manner by a fluid depends upon the specific heat, density, 
viscosity, thermal-expansion coefficient, the temperature differ- 
ence existing between the bulk of the fivid and the solid 
boundary, and the thermal conductivity of the stagnant-fluid layer 
adjacent to the solid boundary. These variables are conveniently 
arranged in the form of a Grashof-Prandtl-number product 
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Thus if one were able to maximize the expansion coefficient 8, 
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the density p, the specific heat C,, and the thermal conductivity 
k, and minimize the viscosity yu, the free-convection heat transfer 
would be enhanced, 

.The behavior of most substances in the gaseous phase is such 
that as the critical point is approached, the quantities mentioned, 
with the exception of viscosity, increase greatly from their typical 
values in the superheat region. Viscosity is at least that of the 
gaseous state and is certainly much less than that of the liquid 
state, and since viscosity increases with temperature in the gase- 
ous state, and decreases with temperature in the liquid state the 
viscosity at the critical state may well take on its minimum 
value. This combination of conditions near the critical state pro- 
vides for maximum buoyant forces and for minimum viscous re- 
storing forces and therefore for a condition of maximum free- 
convection heat transfer. 

Interest in obtaining high free-convection heat-transfer co- 
efficients, or high thermal-flux densities, stems from the recently 
recognized requirements of gas-turbine-blade cooling and heat re- 
moval from nuclear reactors. If the expected high heat-transfer 
coefficients, or high heat fluxes, are obtainable for a practical sys- 
tem it might then be possible to fashion a hollow gas-turbine 
blade and remove large amounts of heat from the blade surface 
and exhaust it to a reservoir in the hub of the turbine rotor. In 
the turbine application the free-convection heut transfer would be 
further enhanced by the high-acceleration field experienced by 
the blading itself. The problem of heat-removal from a nuclear 
reactor is one of obtaining high heat fluxes in confined spaces. 
The possibility of using a free-convection system has rea! merit 
since it would then be possible to use sealed systems, eliminate 
pumps and associated problems, and thus simplify the over-all in- 
stallation. 

Very little wo;k has been done in the field of critical-state free- 
convection heat transfer, and none has been published in the un- 
classified literature with the exception of the work of k. Schmidt, 
E. Eckert, and U. Grigull(1)‘in 1939. These investigators meas- 
ured the apparent heat-transfer coefficient per unit temperature 
difference between a source and sink connected by an ar-monia- 
filled loop charged to near-critical density. The system involved 
a two-phase flow of liquid and gas under certain conditions, giving 
rise to high heat-transfer coefficients due to simultaneous free 
convection and boiling in the test loop. E. Schmidt in recent 
years had made measurements of the apparent thermal conduc- 
tivity of small hollow blocks charged to the critical volume, but 
the results of this work are not available in the technival literature 
at the present time. 

The objective of the present work was to measure the effect of 
approaching critical-state conditions in a fluid on the free-convec- 
tion heat transfer from a horizontal cylinder. 


GenERAL CoNSIDERATIONS 


Since the objective of the experimental prozram was the verifi- 
cation of the existence of high free-convection heat-transfer co- 
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efficients as critical-state conditions are neared in the fluid it was 
felt that a simple system, in which only free convection would 
take place, was desirable. While a system of the type used by 
Schmidt, Eckert, and Grigull did have certain advantages of 
commercial importance it did not verify the existence of high heat- 
transfer coefficients due solely to free convection, since it was pos- 
sible to have simultaneous free convection and boilirg. The 
present system comprises a horizontal circular cylinder, actually a 
wire, mounted in a test chamber. This test chamber was so con- 
structed as to allow charging with a test fluid and having the 
possibility of charge, pressure, and temperature variation. 

The value of the heat-transfer coefficient is determined from an 
energy balance on the cylinder and a measurement of the tem- 
perature difference which exists between the cylinder surface and 
the test fluid. The determination of the surface temperature 
of the cylinder and its departure from the bulk fluid temperature is 
the source of greatest difficulty in this type of experiment. The 
cylinder, or wire, is used as a resistance thermometer to determine 
both the fluid temperature and the cylinder surface temperature. 
Since there exists the possibility of considerable error in such an 
application from heat conduction to the supports and thermal 
radiation, the choice of cylinder dimension must be such that 
these errors are minimized to an acceptable degree. 

Freon 12, Table 1, a commercial refrigerant, was chosen as the 
test fluid because of its favorable critical point, low cost, ready 
availability, and low toxicity. 


TABLE 1 CRITICAL CONSTANTS OF FREON 12° 


Critical pressure, psia 
Critical temperature, deg F 
Critical volume, cu ft/lb 


~“@ Kinetic Chemicals, Inc., Wilmington, Del. 


Because adequate thermodynamic data regarding the behavior 
of Freon 12 near the critical state were not available it was neces- 
sary to determine pressure, temperature, and Freon charge inde- 
pendently during the experimental program. 


DESCRIPTION OF EQUIPMENT 


Test Element. The test element consisted of a horizontal plati- 
num cylinder, chosen for its low emissivity and high physical sta- 
bility, supported at the mid-point of a vertical steel vessel, 
nominally 8 in. diam and 15 in. tall. The test cylinder was sup- 
ported from above by two 14-gage copper wires, installed in such 
a manner as to maintain a slight tension on the test cylinder at all 
times. A chromel-alumel thermocouple, silver-soldered one to 
each end of the test cylinder, served to indicate the test cylinder 
end temperature. The copper supporting wires were covered with 
porcelain insulators around which were wound nichrome resistance 
wire for guard-heating purposes. These guard heaters were so 
connected electrically as to allow individual control and yet require 
a minimum number of packing glands for wire egress. The guard 
heaters were thermally insulated from the test gas by mica tubing 
inside of which Sauereisen cement had been forced as an insulating 
medium between adjacent turns of the heating wire. 

Test Vessel. The test vessel consisted of an 8-in-diam steel-pipe 
center section and two 13-in-diam X 2-in-thick steelheads at- 
tached to the center section and each other by means of draw 
bolts. The ends were sealed to the center section by use of an 
annealed-copper gasket installed in a suitable recess. This test ves- 
sel was heated by passing an electric current through Teflon-in- 
sulated nichrome heating wire wound over the surface of the test 
vessel in such a way as to obtain a uniform surface temperature. 
The test vessel was insulated with 4 in. of 85 per cent magnesia 
on top of which was applied 6 in. of fiberglas. The test vessel 
was supported on the lower face of the bottom head by three 
leveling serews. Each leveling screw was fitted with a small ball 
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bearing, which ball provided almost point contact between the test 
vessel and its supporting structure, thus minimizing the possibility 
of large heat leakage to the supporting structure. The entire test 
vessel and commensuration equipment with the exception of the 
type K potentiometer was supported on a platform-type scale. 
In this way the system fluid charge couid be measured. The 
scale was used as a null balance by equipping the scale beam with 
an electrical null-point indicator. The actual system weight was 
not important except in so far as scale sensitivity was concerned. 


Fig. 1 Test System 

Instrumentation. The control panel was made an integral part 
of the equipment as shownin Fig. 1. A type K Leeds and North- 
rup potentiometer was used as the primary electrical measuring 
instrument. The voltage drop across a precision resistor gave an 
indication of the amount of heating current being supplied to the 
test cylinder. The voltage drop across the test cylinder was 
noted by using the attached thermocouples at each end as potential 
leads. The system pressure was indicated on a 0 to 1000 psia 
bourdon-tube gage which had been carefully calibrated using a 
dead-weight tester. When the system was evacuated, the abso- 
lute pressure was determined by aid of a Pirani gage. During the 
air-calibration tests a mercury manometer was used to obtain the 
desired precision in the pressure measurement. Four chromel- 
alumel thermocouples inserted from the bottom of the test vessel 
to varying lengths gave an indication of the fluid temperature. 
Several thermocouples attached to the outside of the test vessel 
indicated its surface temperature. The over-all system tempera- 
ture was maintained constant by controlling only 10 per cent of 
the heat input to the system heaters. The heat input to the test 
cylinder itself was negligible in comparison to the system-heater 
input. The control of 10 per cent of the systern-heater input was 
accomplished by shorting a suitable series resistance in the heating 
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circuit with a microswitch mounted on a Brown recorder and 
actuated by a suitable cam. To cool the test vessel after a series 
of elevated-temperature runs had been taken, compressed air 
was circulated through copper tubing which had been wound 
around the test vessel for this purpose. 


PROCEDURE 


Experimental Technique. A direct current, obtained from a lead 
storage battery, was used to heat the test cylinder. It was possi- 
ble to pass the current through the test cylinder in either direction, 
to determine if any error was being induced in the eud-tempera- 
ture measurement. This error was found to be negligible. A 
thermocouple-type ammeter was used to indicate nominally the 
amount of heating current being supplied, a precise determination 
being made by noting the voltage drop across a 0.0100-ohm 
standard resistor. 

The guard heaters, as well as the over-all system heaters, were 
supplied with alternating current to minimize the effect of stray 
direct currents on the various voltage measurements. The 
various heating circuits were individually controlled by use of 
autotransformers, The alternat: ng-current input to the system 
was maintained constant with a regulating ballast transformer 
and metered constantly with a suitable panel instrument. 

The energy input to the test cylinder was determined from the 
product of the voltage drop across and the current through the 
test cylinder, and its average resistance from the quotient. 

All temperature measurements, with the exception of the test- 
cylinder temperature, were made with chromel-alumel thermo- 
couples. Each thermocouple was carefully gas-welded and had its 
own cold junction, A samp!e thermocouple was calibrated 
against a standard thermometer in a free-convection oven and 
found to agree satisfactorily with the National Bureau of Stand- 
ards, 1938, calibration. Separate ice baths were used for the two 
thermocouples attached to the ends of the test cylinder in order 
to avoid any deleterious effect from possible electrolytic action in 
a common bath. Another thermocouple was installed in each 
ice bath to insure that each was at the same temperature. 

‘est Program. Initial operation of the equipment involved de- 
termination of the free-convection heat-transfer coefficient for 
air as a check on the proper performance of the equipment. These 
data were compared with the results of the work of other investi- 
gators (2, 3, 4) for similar experimertal conditions. Air data were 
taken for several! different values of the temperature difference be- 
tween the cylinder and the test gas and for a range of pressures 
from a few inches of mercury absolute to 107 psia. 

Heat-transfer coefficients were determined for Freon 12 at 
nominally constant temperatures of 233, 244, and 259 F and at a 
constant pressure of 580 psia. Starting with supercritical charge 
densities, the deliberate release of smal] amounts of test gas then 
produced a series of state conditions, at each of which heat-trans- 
fer data were taken, ranging from supercritical to subcritical. It 
was impractical to drop below the critical pressure when charged 
to supercritical densities because of the incipience of boiling; 
however, some data far into the superheat region at pressures 
below the critical were taken. 

Data Reduction. The heat-transfer coefficient was calculated 
using the relationship derived in Appendix 2, The power input 


ae 2 SYSTEM CONSTANTS 


cu ft 

Standard resistor. ohm 

Wire tompqenbare coefficient of resistance, 
ohm/deg 

Condensate Ib? 


* To allow for that part of system at room tem apres which contains 
liquid Freon and is not included is ‘‘system volume.’’ Calculated from piping 
and gage values for room temperature 580 psia. 
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was the product of the voltage drop and current through the test 
cylinder. The temperature difference between the test-cylinder 
surface and the test gas was calculated by taking the difference 
between the heated and unheated resistance of the test cylinder 
and dividing by the temperature coefficient of resistance, 


RESULTS 


The test results consist of free-convection heat-transfer co- 
efficients for a horizontal cylinder in Freon 12 at a variety of 
state conditions, near the critical state, and also for the same 
horizontal cylinder in air at near room conditions. The air data 
serve to verify the proper operation of the experimental equip- 
ment and the Freon 12 data comprise the primary results of the 
investigation. 

Table 3 demonstrates the range of values encountered in the 
experimental variables of the test program. 


TABLE3 RANGE OF VARIABLES 


Freon 12 Tests 

Temperature difference, deg 

Heat-transfer coefficient, Bu ir deg 
Density (charge of Freca), | 

Power input, watts 

Voltage drop, volts 

Current, amp 

Resistance, 

Pressure, 


Tests 


Ale, 


deg 
coefficient, aq ft deg F 
Density (from perfect-gas law), pef 
Power input, watts 
Voltage volts 
Current, amp 
Resistance, ohms 
Pressure, psi 


The results of the Freon 12 tests are summarized in Table 4. 
This table summarizes the tcst conditions for the data presented 


TABLE 4 SUMMARY OF TEST CONDITIONS 
Freon temp, Pressure, Charge® 
deg F psia P/Pe (reduced) 
Freon i2—Nominal Constant Temperature 233 F 
637 095 1.36 


Symbol 


8 


Freon 12—Nominal Constant Temperatu 


Freon temp, 


deg F i (reduced) Symbol 


3 


~ @ Reduced char tem charge minus condensate all divided 
by criticel charge Yb). jowance divi 


f 
141 
0.3453-0.5037 
Freon 12 temperature, deg 72-262 
©,05629-0.863 
ir temperature, deg r........ 
234 
233 
232 
233 
233 
233 
232 
235 
F 
244.0 597 025 
\ 244.0 615 .060 
243.0 607 .040 
244.0 633 .092 
246.0 644 
242.0 642 .105 
243.0 667 145 
244.0 604 04 
| Freon 12—Nominal! Consfant Temperaturg F 
258 714 . 230 
259 696 . 200 
259 693 195 
261 673 .160 
258 653 .125 
256 953 1.608 
Pressure Ch 
Freon 12—Constant Pressure Data 580 ps cal) 
236.6 1.018 580 
Wire (cyin 0.533 240 1.030 580 a) 
0.0100 233.8 1.002 580 A 
0.403 231.2 0.993 580 Vv 
0.0100 232.0 0.995 580 + . 
232.1 0.997 580 x 
5.66 X 1074 231.9 0.994 580 
0.300 230.5 0.989 580 r 
—_— 230.5 0.989 580 Q 
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in this section and gives the symbol used on the graphical pres- 
entation. Inspection of this table shows that heat-transfer data 
were taken at three nominally constant temperature levels for a 
series of pressures, or charge densitites, varying from supercritical 
to subcritical. One series of tests at a constant pressure of 580 
psia, the critical pressure of Freon 12, was made for temperatures, 
or charge densities, varying from supercritical to subcritical. 

The primary results of the investigation are presented as plots 
of the heat-transfer coefficient and the heat rate per unit area Q 
versus the temperature difference between the cylinder surface 
and the test fluid. These data are shown in Figs. 2 and 3, 
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It may be noted that for each of the given state conditions the 
heat-transfer coefficient is a function of the temperature difference 
between the cylinder and gas, usually having a maximum value. 
Figs. 4 and 5 are plots of this maximum value as a function of the 
state variables “reduced pressure” and “reduced charge.” 

To determine if free-convection heat transfer involving Freon 12 
could be correlated in the superheat region using available 
property data, several measurements of the free-convection heat- 
transfer coefficient were made at a pressure of 283 psia and a 
temperature of 172 F. Fig. 6 plots the Nusselt modulus versus 
the Grashof-Prandtl modulus for this set of data. Also included in 
this figure is the recommended correlation curve of McAdams (2). 

The air-control curve, Fig. 7, plots the dimensionless heat- 
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transfer coefficient, the Nusselt modulus, versus the product of 
the Grashof modulus and the Prandtl modulus, These dimen- 
sionless groupings have been shown previously by McAdams to be 
suitable for correlation of free-convection heat-transfer data. 
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Comparison of the present experimental results witl the work of 
Gordon and Stathakis and the recommended correlation curve 
of McAdams indicates that the equipment was cperating satis- 
factorily. When taking heat-transfer data for air, the heat- 
transfer coefficients were .? such small magnitudes that it was 
necessary to guard-heat the ends of the test cylinder to insure that 
the conduction loss was a negligible percentage of the total heat 
input to the test cylinder. The correction for radiation was cal- 
culated to be less than 0.4 per cent of the convective heat-transfer 
coefficient and was therefore negtected. 


Discussion 


Experimental data showing the magnitude of free-convection 
heat transfer from a horizontal circular cylinder to Freon 12 at, or 
near, the critical state are shown in Figs, 2 to 5, Since the heat- 
transfer coefficient h in free convection becomes a function of the 
temperature difference, the real merit of defining such a coefficient 
is not as justifiable as for the case of forced convection where 
the coefficient may be defined to be independent of the tempera- 
ture difference. For the present case, especially as the critical 
state is approached, the heat-transfer coefficient, as usually de- 
fined, becomes strongly a function of the temperature difference. 
This is due to the fact that the fluid properties vary greatly with 
the average film temperature and the additional fact that the 
critical state is not very well known, The result is that for cer- 
tain temperature differences between the cylinder and the fluid, 
when the fluid is at the apparent critical state, the true critical- 
state condition occurs locaily in the regior wear the cylinder. This 
condition and effect may be seen in Figs. 2 and 3. Since the de- 
signer is interested in the total heat tran ferred, the experimental 
results are presented in terms of energy t*ansferred per unit area. 
This quantity exhibits no maximum values as are seen in the heat- 
transfer coefficients. 

Consistent presentation of the heat-transfer coefficient is possi- 
ble on the basis of the maximum values of the coefficient. Such 
presentations are made in Figs. 4 and 5 which show hmax against 
the reduced charge and the reduced pressure, respectively. It is 
clear from these plots that the heat-transfer coefficient increases 
' greatly in the region of the critical state, by a tenfold factor. 
The scatter in the data is due in great part to the lack of adequate 
property data for Freon 12 in the test state. This lack of knowl- 
edge regarding the thermodynamic behavior of Freon 12 would 
result in a miscalculation of the critical charge. 

An interesting observation regarding Fig. 5 is that supercritical 
charges are to be preferred in the interest of large heat-transfer 
coefficients. 

That che heat-transfer coefficients as obtained by means of the 
experimental system for a fluid state removed from the critical 
state can be correlated by the dimensionless parameters usually 
associated with free convection is indicated in Fig. 6. The ex- 
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perimental data as shown are 5 to 15 per cent higher than Mc- 
Adams’ recommended curve. This variance most probably is the 
result of poor property data on Freon. 

In general, the behavior of the free-convection heat-transfer 
coefficient in the region near the critical point agrees with that ob- 
served by Schmidt, Eckert, and Grigull, even though the two test 
systems were ef different configurations. The absolute magnitudes 
of the heat-transfer coefficients do not compare. 

The random error in the hedt-transfer coefficient is calculated 
to be less than 3 per cent, with 5 per cent systematic error in the 
same quantity. The error attributable to radiation is always less 
than 0.5 per cent because of the relatively high value of the free- 
convection heat-transfer coefficient. Conduction to the support- 
ing structure is such that the temperature difference should be 
systematically less than 4 per cent below that value which would 
result with no conduction. The error in determination of the heat 
input should be less than 1 per cent. The leak rate of the equip- 
ment was so slight it is felt that no error could be attributed to 
nonsteady-state operation as regards density. The test-vessel 
temperature was maintained steady within a fraction of a degree 
during the constant temperature-data runs, and its surface was 
uniform in temperature to within 1 deg F. It is felt that no error 
accrued from nonsteady-state operation of the test cylinder be- 
cause of its small time constant and the fact that the data were 
readily reproduced. Determination of the system pressure and 
temperature was considered precise, as was the over-all system 
charge. There is, however, the possibility of some error being 
made in the amount of Freon within the test space itself, owing to 
the possible variation of the position of the liquid-gas interface 
with changes in temperature of the over-all equipment. It is felt 
that this error may have been appreciable, perhaps of the order of 
10 to 15 per cent in net charge density. 

In conclusion, it may be noted that while the increase in the 
heat-transfer coefficient for the present system is appreciable, the 
effect is limited to a rather narrow region of state conditions. Use 
of a system of the type employed by Schmidt, Eckert, and Grigull 
would tend to broaden the range of state conditions in which the 
large increase in the free-cconvection heat transfer is observed be- 
cause of the possibility of simultaneous heat transfer and change 
of phase. 

It was possible during certain of the experimental runs to ob- 
tain a twofold value of the heat-transfer coefficient for a given heat 
rate, depending upon whether the data were taken with increasing 
steps in the heat rate or decreasing. Unfortunately, this effect 
was an elusive phenomenon and it was not always possible to ob- 
tain it under similar operating conditions. It is to be noted 
though, that the larger value of the heat-transfer coefficient al- 
ways occurred when the heat rate was being increased so that the 
present data represent the maximum since all reported data were 
taken within increasing increments in the heat rate. 

The possibility of dissociation of the Freon 12 test gas exists 
although it is presumed that such was not the case during the 
present investigation. 


ConcLusIons 


1 Heat-transfer coefficients from a heated, horizontal, right 
circular cylinder to Freon 12 near critical-state conditions have 
been obtained. These experimentally determined coefficients 
show clearly that a tenfold increase at the critical state may be 
realized. 

2 Heat-transfer coefficients in the superheated vapor region 
away from the critical state are shown to be within 15 per cent of 
the curve recommended by McAdams for free convection. 
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Appendix 1 
NOMENCLATURE 


The following nomenclature is used in the Appendixes: 


cross-sectional area of test cylinder, sq ft 
constant in differential equation 

expansion coefficient 

cylinder diameter, ft 

voltage drop over length of test cylinder, volts 
acceleration of gravity, ft/sec? 

heat-transfer coefficient, Btu/hr sq ft deg F 
current flowing in test cylinder, amp 
thermal conductivity, Btu/hr ft deg F 

length of test cylinder, ft : 

constant in differential equation, 1/ft 
perimeter of test cylinder, ft 

pressure in test vessel, psia-lb/in.? abs. 

heat rate per unit area, Btu/hr sq ft 
measured wire resistance, ohms 

measured wire resistance at gas temperature, ohms 
temperature of cylinder, deg F 

temperature of gas, deg F 

distance along test cylinder, ft 

T,.—T, 

average temperature difference, deg F 
charge of Freon 12 in test system, Ib 

gas density, pef 

viscosity, lb/ft sec 

temperature coefficient of resistance, ohms/deg F 


subscript ¢ to either P or T denotes the critical state when so 
used, 
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Property VALUES OF FREON 12 


The transport properties of Freon 12, dichlorodifluoromethane, 
C ChLF:, are generally not well known throughout the thermody- 
namic realm, although for practical use such data exist as to 
enable engineering estimates to be made in the region of interest 
in the field of refrigeration engineering. 

Lenoir (5) gives the therma! conductivity of Freon 12 at a pres- 
sure of approximately 1 atm. These data were obtained by use of 
a calibrated thermal-conductivity cell. 

Benning and Markwood 6) present the absolute viscosity for 
several of the Freon refrigerants, These data were obtained by 
use of a falling-ball viscosimeter, pressurized and calibrated 
against air, Unfortunately, the authors do not present data for 
pressures other than 1 atm for the case of Freon 12, but they do 
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make the statement that the absolute viscosity was found to be a 
slight function of pressure, the degree not being given. SuiScie~. 
data are not presented for the other refrigerants to enable an esti- 
mate of the pressure dependence in the range of interest to be 
made. 

Buffington and Gilkey (7) calculated the thermodynamic prop- 
erties of Freon 12 using an equation of state of the Beattie-Bridg- 
man type. The constants in the equation were adjusted to force 
the predicted behavior to check that experimentally measured in 
the region of interest to refrigeration engineers. The result of this 
is that the given equation of state is inaccurate for the prediction 
of thermodynamic behavior near the critical point. 


Appendix 2 


ReEpvuctTIoNn oF Data 


The calculation of the average heat-transfer coefficient over the 
length of the test cylinder was accomplished by use of an energy 
balance on the cylinder. The necessary constants for such a cal- 
culation were determined experimentally, with the exception of 
the calculation of the heat loss from the end of the cylinder 
caused by heat conduction through the support structure. 

An energy balance on the wire yields the following: 


Heat input: 3.413ei Btu /hr 
Heat convected: rDlh(T. — T,) 


The design of the test cylinder, or wire, was such that the aver- 
age temperature of the wire, determined froin the measured 
average resistance, differed from the mid-point temperature by 
less than 4 per cent of the total temperature difference between 
the test wire and test gas. Equating the energy input to that 
convected yields for h the average heat-transfer coefficient over 
the length of the cylinder 


3.413¢ 
— T,) 


where 


D = 0.0100 in. 
l = 0.533 ft. 
mw = 3,14 


then 


2.445 X 108 
(T, 


The gas temperature was determined by using the test cylinder 
as a resistance thermometer and noting its “cold” resistance. 
For heating currents less than 100 milliamp the resistance heating 
is negligible and this technique is justified. The temperature dif- 
ference between the test cylinder and gas was calculated using the 
relationship 


Re — Rg 
dR/dT 


The temperature derivative of resistance, or temperature co- 
efficient, was determined from the resistance calibration of the 
wire to be 5.66 X 10-* ohm/deg F. This technique eliminates 
any errors arising from direct use of a temperature-resistance 
calibration where the random error, made reading the curve and 
then taking the difference of two large numbers, may mask the 
result. 

The Nusselt modulus was calculated using the thermal conduc- 
tivity as noted in Appendix 1, evaluated at the gas temperature. 

The heat transferred per unit area was calculated from the 


(!—T,) = 
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product of the voltage drop and cylinder current and a suitable 
conversion factor. 

The Grashof-Prandtl modulus used for correlating free-con- 
vection heat-transfer data was calculaied using the properties 
noted in Appendix 1 evaluated at the gas temperature. 


Appendix 3 


Test-CyLInDER 


The selection of the diameter and length of the test cylinder is 
dictated by the temperature distribution within the cylinder 
which results under the boundary conditious present at the time 
of test, and by the diameter of the test vessel itsclf. The test- 
vessel diameter sets the length of the test cylinder at about 6 in. 
The diameter of the test cylinder was determined such that the 
difference between the mid-point temperature of the cylinder and 
the average temperature, based upon the measured average re- 
sistance, will be less than 4 per cent of the total temperature rise 
of the test cylinder mid-point above the gis temperature. The 
end temperature will be assumed to be equal to the gas tempera- 
ture, for the purposes of design; anything greater tends to 
minimize the departure between the mid-point temperature and 
the mean temperature. The uniformity of the cylinder tempera- 
ture is important because the mean cylinder resistance and hence 
cylinder temperature is that quantity which is measured when 
the current through and the voltage drop across the test cylinder 
are noted. 

The differential equation governing the longitudinal tempera- 
ture distribution is 


+b 0 
z=0,l v=0 


The solution of this differential equation subject to the given 
boundary conditions is 


sinh ml 


m? 
The mean temperature of the cylinder may be calculated from the 
integral 
Vavg = f v dz 
Jo 


Performing the indicated integration yields 


b 2(cosh ml — 1) 
(1 


ml sinh ml 
The temperature at the mid-point of the cylinder is 


2 sinh 3 
sinh ml 


The departure of the mid-point temperature from the mean tem- 
perature may be determined by forming the ratio of the mid- 
point temperature to the zverage temperature 


sinh ml — 2.sinh ™ 


Vave 2 
sinh ml ml — 1) 


The departure of the mid-point temperature from that of an ideal 
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cylinder, that is, one in which no heat is lost through the ends, is 
given by 


Videat sinh mi 


A plot of W and v4/2/vavg a8 a function of the cylinder parameter 
ml shows that the departure of the mid-point temperature from 
that of the ideal cylinder is negligible for mi greater than 10 
and that the average temperature is within 4 per cent of the mid- 
point temperature for ml greater than 60. 

For a 10-mil platinum wire operating in air, a nominal value of 
the heat-transfer coefficient is 10 Btu/hr sq ft deg F, and the other 
constants necessary to calculate m are 


p = 2.62 X 10-* ft k = 40.2 Btu/hr ft deg F 
A = 54.5 X 107 sq ft i = 0.532 amp 
a = 2.2 X 10-*/deg F Po = 0.4 X 10~ ohm ft 


08 
| ac 
Sh 
§ 22 
02 
D> 
Sz 

$'S6 10 20 3040 60 10 20 3040 6060 


DIMENSIONLESS TEST CYLINDER LENGTH - m! 


Fie. 8 or CritinpF: Mip-Point TemPeraTuRE TO 
AVERAGE TEMPERATURES 


Since mil is below that value said to be the lowest acceptable, 
guard-heating of the cylinder ends is indicated and this was done 
for all runs. A similar calculation for the case of free convection 
to Freon 12 shows that mil is weil above the required minimum 
value so that guard-heating of the cylinder ends was not re- 
quired. Fig. 8 is a plot of the design parameters mentioned in the 
foregoing. 

A calculation which assumes that all of the heat generated in 
the test cylinder is liberated at the center line indicates that the 
radial temperature gradient is negligible. 


Discussion 


T. W. Jacxson.* For some time the writer has wondered 
whether or not free-convection Nusselt numbers can be corre- 
lated precisely by a Grashof-Prandtl number product. However, 
because of past experience this appears to be the convenient 
method of approach, and the authors are justified in its use. 

Obtaining high free-convection heat-transfer coefficients, as 
stated by the authors, would offer possibilities of sealed heat- 
transfer systems and, consequently, eliminate pumps and 

5 Chief, Mechanical Sciences Division, Georgia Institute of Tech- 
nology, Atlanta,Ga. Mem. ASME. r 
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associated problems. The paucity of data on free convection at 
or near the critical state, however, indicates the difficulty of doing 
this and of obtaining experimental results in this region. The 
writer regrets that the data were not for water which would be a 
more interesting fluid from an engineering standpoint. Perhaps 
the present paper will inspire someone to consider a water system 
with its high pressure (Per = 3206 psi) and comparatively high 
temperatures (7's = 705 F). 

The writer concurs with the authors that, since the heat-transfer 
coefficient h in free convection becomes a function of the tem- 
perature difference, the real merit of defining a coefficient may 
not be as justifiable as for the case of forced convection. In addi- 
tion, at or near the critical point the dependency of the physical 
properties of the heat-transfer medium on temperature makes a 
correlation difficult, Therefore the authors’ procedure of plot- 
ting heat rate and heat-transfer coefficient versus temperature 
differences and reduced pressure seems practical. The practical 
use of, say, a tenfold increase in heat-transfer coefficient may not 
be possible because of the temperature and pressure dependeacies. 
However, the final decisions on this must await further experi- 
mental data. 

The authors’ comment that it was possible to obtain a twofold 
increase in the value of the heat-transfer coefficient for a given 
heat rate, depending on whether the data were taken with in- 
creasing or decreasing steps in the heat rate, is interesting. In 
determining the viscosity of steam using the transpiration method 
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the writer experienced this type of elusive phenomenon. Per- 
haps it is the result of distortions in the normal steady-state dis- 
tribution of molecular energies of the fluid. The distributions 
may be affected by a temperature gradient—one way for a posi- 
tive gradient and another for a negative gradient. 

The writer wishes to congratulate the authors for tackling a 
difficult problem. It is hoped that they can continue or en- 
courage the continuance of this work so that data on water will 
become available. 


Avuruors’ CLosuRE 


The authors thank Mr. Jackson for his discussion of the paper 
and agree with him that it would be of greater engineering inter- 
est to have used water vapor as the test gas. Experimental 
difficulties with pressures and temperatures near the critical for 
water are most formidable however. 

Since the preparation of this paper Mr. R. B. Ramsey, Jr., of 
the E. I. du Pont de Nemours Co., has called to our attention 
new data on the thermodynamic properties of Freon 12. Time 
has not permitted a re-evaluatior. of the experimental data in the 
light of this new thermodynamic information, but it is hoped 
that this will be done in the near future. 

Since this work was intended only as a preliminary effort, it is 
the authors’ hope, of course, that it will encourage others to in- 
vestigate, both analytically and experimentally, this interesting 
field of heat transfer. 
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